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Biofuels as Heavy Fuel Oil Substitutes in the Maritime Sector: 

Findings and Potential Pathways 
 

Dr. Michael Kass1, Dr. Brian Kaul1, Mr. Timothy Theiss1, Mr. Joshua Messner2, Dr. Eric Tan3, Mr. Abhijit 

Dutta3, Dr. Shuyun Li4, Dr. Karthikeyan Ramasamy4, Dr. Farhad Masum5, Dr. Lívia Benvenutti5, Dr. 

Troy Hawkins5 

1 Oak Ridge National Laboratory, 2 United States Department of Energy, 3 National Renewable Energy 

Laboratory, 4 Pacific Northwest National Laboratory, 5 Argonne National Laboratory1 

https://doi.org/10.18453/rosdok_id00004632 

Abstract 
The United States Department of Energy has commissioned four national laboratories to evaluate the 

feasibility of biofuels in the maritime sector. This effort is briefly described including the overall project 

goals, structure, and aims. The large two-stroke crosshead engines used to power large merchant 

vessels were of particular interest since they can burn lower combustion quality fuels relative to four-

stroke engines. This characteristic allows for consideration of pyrolysis oils and hydrothermal 

liquefaction (HTL) oils, which are feedstock agnostic and—without further upgrading such as 

hydrotreating—are more economical compared to distillate drop-in fuels. Pyrolysis and HTL oils are 

collectively known as bio-intermediates since they require additional processing for use in distillate fuel 

systems.  

The key limiting feature is that these bio-intermediate fuels will cause asphaltene precipitation when 

blended with heavy fuel oils (HFOs) such as very low sulfur fuel oil (VLSFO) unless the bio-

intermediates are upgraded to remove water and oxygenates. Economics is the key driver for 

scalability, and preliminary techno-economic analyses (TEAs) indicate that bio-intermediates have 

potentially lower costs relative to other biofuels such as biodiesel and renewable diesel; blending limits 

and the cost of upgrading bio-intermediates to enable blend stability needs further study to fully 
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understand the economic outlook. Additionally, life cycle analyses (LCAs) of feedstocks and pathways 

show significant life cycle carbon reduction benefit relative to HFOs or marine diesel oils (MDOs). In 

addition to TEA and LCA results, we also present on the technical feasibility of these fuels. These 

studies have focused on the properties of biofuel blends with VLSFO that are critical to the fuel systems 

of maritime vessels fueled with HFOs. These properties include the compatibility with fuel system 

metals, viscosity, and blend stability. Aging studies with blends of VLSFO with biodiesel, HTL, and 

pyrolysis oils are also presented. Future efforts are being planned to conduct additional biofuel testing, 

including the use of biofuels as pilot fuels in zero carbon shipping options fueled with ammonia and 

methanol, ship-based demonstrations, and bioresource competition studies.  
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1. Introduction 

Marine transportation is a key driver of global economies, carrying over 80% of internationally traded 

goods [1]. At present, marine shipping is powered almost exclusively by fossil fuels [2], leading to a 

significant greenhouse gas (GHG) impact: in 2022, CO2 emissions from shipping totaled 706 Mt [3], 

which accounts for about 2% of the global total and if ranked as a nation would be the 6th leading 

emitter, ahead of the national impact of, e.g., Germany or South Korea, as shown in Figure 1; this 

estimate is only expected to increase over the coming decades with projected economic growth and 

increased maritime shipping activities.  

 

Figure 1: Annual CO2 emissions from fossil fuel combustion ranked by country. Country data from Emissions Database 

for Global Atmospheric Research (EDGAR) [4]; shipping data from International Energy Agency [3]. 

Unlike national economies that include major impacts from electricity generation and industrial use, 

the energy use in marine shipping is exclusively the long-distance, high-load transportation use case 

that is among the most difficult to decarbonize. At the same time, there is a mandate from the 

International Maritime Organization (IMO) to cut GHG emissions from shipping by 70–80% by 2040 

and reach net-zero emissions by or around 2050 [5]. This will require new low-lifecycle-carbon fuels 

(LLCF) and engines, and substantial efforts are underway to explore ammonia, methanol, and other 

novel fuels in the marine sector in pursuance of this goal. These novel fuels will have an increasing 

impact over time as new ships designed to operate with them come online, but with the long lifespan 

of ships and marine engines, much of the current fleet will still be at sea when these emissions reduction 

targets come due. Biofuels are thus an attractive LLCF—especially in the near term—due to their 

suitability as a drop-in fuel that can reduce GHG in the existing fleet. They also offer a potential path 

to achieve net-zero carbon when used in dual-fuel approaches, displacing petroleum-based fuel oils as 

the pilot fuel alongside other alternative fuels. 
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Biofuels including alcohols (e.g., ethanol and methanol) and fatty acid methyl ester (FAME) biodiesels 

have a long history in the market, typically as blending agents with gasoline or diesel fuels. These 

traditional biofuels will continue to play a role in the future, and the latest ISO standard for marine 

fuels now accounts for the use of FAME biodiesel at blends of up to 100% [6], up from the previous 

maximum of 7%. Methanol can also be sourced as a biofuel in addition to the synthetic e-fuel pathways 

being considered for green methanol. In addition to these traditional biofuels, there is growing interest 

in biofuels made from fast pyrolysis and hydrothermal liquefaction (HTL) processes, which can convert 

biomass and wet wastes, respectively, that are difficult and expensive to use for production of 

traditional biofuels like FAME biodiesel, bio-alcohols, or renewable diesel fuel.  

Approximately two-thirds of global marine fuel usage is in ships powered by large low-speed 2-stroke 

engines [7], as shown in Figure 2. These engines are currently primarily operated on VLSFO and are 

both highly efficient and tolerant of low-quality fuels. This presents a significant opportunity for use of 

HTL and pyrolysis oil derived biofuels directly in these engines rather than as feedstocks to refineries 

to produce higher-quality fuels, saving on the energy usage and cost of upgrading them. 

 

Figure 2: Fuel consumption by ship main engine type. Reproduced from Curran et al. [8]. Data from Concawe [7]. 

Biofuel use in the marine sector is growing rapidly, with the fuel testing company VPS reporting having 

tested over 500,000 Mt of biofuels (mostly FAME) in 2023, up from 230,000 Mt in 2022 [9]. A recent 
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study by the Oil and Gas Climate Initiative (OGCI) [10] shows that while under current conditions 

biomass supply for the marine market is likely to be constrained by 2050, with increased legislative 

support there is “more than enough biomass available for marine fuel use, even accounting for sector 

competition.” Similarly, the 2023 Billion-Ton Report from the United States Department of Energy 

(DOE)’s Bioenergy Technologies Office (BETO) indicates that 1.1–1.5 billion tons of sustainable 

biomass production potential would exist in a mature market [11]. 

A key challenge that must be addressed for the adoption of new biofuels in the marine sector is blending 

compatibility with existing market fuels. This is important not only as a pathway to ramp up blend levels 

as production capacities increase, but also for switching between fuels onboard the vessel as different 

fuels are available in different ports. The primary concern is the presence in heavy fuel oils of 

asphaltenes, which are high-molecular-weight polymers in a colloidal dispersion that exist in chemical 

equilibrium with the surrounding fuel [7]. The solubility properties of these molecules with the 

surrounding liquid are important to prevent them from falling out of solution as a precipitate, which 

can cause filter plugging, fouling, and flow difficulties in residual fuels [12]. Regulatory emissions 

compliance must also be maintained, and the impact of novel fuels on emissions profiles is not yet well 

understood. 

The DOE’s Bioenergy Technologies Office initially sponsored a study conducted jointly by Oak Ridge 

National Laboratory (ORNL), Argonne National Laboratory (ANL), Pacific Northwest National 

Laboratory (PNNL), and the National Renewable Energy Laboratory (NREL) to evaluate the 

opportunities and feasibility of using biofuels in ocean-going marine vessels. This study provided an 

initial favorable assessment and highlighted existing research needs [13]. Based on this initial 

assessment, a follow-up study was launched to conduct preliminary techno-economic analysis (TEA) 

and lifecycle analysis (LCA) along with key technical feasibility efforts [14]. This effort has grown into 

a study intended to provide the foundational information and demonstrations that will lead to future 

ship-based engine demonstrations of advanced biofuel blends. The scope includes determining the 

minimum level of upgrading and treatment necessary to successfully blend HTL and fast pyrolysis 

derived biofuels with heavy fuel oils, as well as updated techno-economic and lifecycle analyses of their 

impacts and evaluation of both the physical properties of the fuels and the impact on engine emissions 

in dynamometer testing. The project aims to address barriers to biofuel use in marine engines and 

ultimately conduct a sea trial demonstration. 

2. Economic Feasibility and Greenhouse Gas Emissions Impact 

In order to assess the potential opportunity for biofuels for decarbonization of the marine sector, it is 

important to understand both the economic feasibility of using these fuels and the potential lifecycle 

GHG impact of doing so. To address these questions, TEA and LCA of various pathways were 

conducted. This section briefly summarizes some of the results of these studies. 

2.1. Techno-economic analysis 

A detailed TEA was previously conducted and reported in Li et al. [15]. This study compared four 

conversion pathways: HTL of wet wastes such as sewage sludge and manure, fast pyrolysis of woody 

biomass, landfill gas Fischer-Tropsch synthesis, and lignin-ethanol oil from a lignocellulosic ethanol 

biorefinery using reductive catalytic fractionation. The fuels were modelled to have minimum fuel selling 

prices between $1.68 and $3.98 per HFO gallon equivalent in 2016 U.S. dollars, based on a mature 

plant assessment. For comparison, VLSFO ranged in price from approximately $0.50 to $1.50 per HFO 
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gallon equivalent over the 2-year period considered in the study. While these prices are not 

competitive in today’s market, all decarbonization solutions will be more expensive than the status 

quo, and the difference is small enough to consider some of these fuels as plausible options for marine 

transportation. 

Since that study, pathways for both HTL and pyrolysis oils have been updated—in particular, 

considering catalytic fast pyrolysis (CFP) oils, which have better blending compatibility properties than 

non-catalytic fast pyrolysis oils. With these updated pathways—and considering two catalyst 

technologies for the CFP oils (ZSM-5 zeolite and Pt-TiO2)—minimum fuel selling prices in 2020 U.S. 

dollars are shown in Figure 3 and are estimated for non-hydrotreated CFP oils using conceptual scaleup 

of bench scale results. Here, waste pathways include feedstock credits in the form of tipping fees (fees 

that would have otherwise been charged for landfill disposal). For comparison, VLSFO prices for the 

first half of 2024 have ranged globally from $1.82 to $2.07 per HFO gallon equivalent in 2020 U.S. 

dollars [16]. Hence, the overall conclusion is similar: both CFP and HTL oils are expected to require a 

modest price premium over today’s market fuel prices to be economically viable, which is plausible 

given existing mandates for decarbonization and is in line with proposed carbon taxes and similar 

incentive policies being considered. 

  

Figure 3: Updated TEA results showing minimum fuel selling price for several HTL and CFP pathways 

2.2. Lifecycle GHG analysis 

A comprehensive LCA of the GHG emissions impacts of a variety of biofuels for marine applications 

was also previously conducted and reported by Masum et al. [17]. This study considered eleven total 

biofuel pathways via four conversion processes, including HTL from wastewater sludge and manure, 

CFP of woody biomass, diesel produced via Fischer-Tropsch synthesis from landfill gas, and lignin 

ethanol oil from reductive catalytic fractionation of poplar. Results showed lifecycle GHG emissions 

ranging from -60–56 gCO2e/MJ, which is a reduction of 41–163% compared to conventional VLSFOs. 

Waste pathways, in particular, showed net-negative carbon emissions with over 100% reduction due 

to offsetting the default waste management methods that would result in decomposition and methane 

emissions. 

The earlier LCA was also updated with the new CFP and HTL pathways. The GREET lifecycle 

assessment model was used to conduct the GHG emissions estimation [18]. Figure 4 shows the 
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updated results, with lifecycle GHG emissions ranging from approximately -81–16 gCO2e/MJ; again, 

waste pathways show net-negative carbon emissions. This analysis only includes biomass production 

(farming), landing processing (which includes cutting down shorter limbs, cutting logs to transportable 

lengths, and sometimes debarking on site), transportation, receiving & handling, and storage, and 

transportation from the farming site to the biorefinery. In Figure 4, Natural gas, Electricity, and Diesel 

are categories representing energy inputs consumed during the conversion process. The Material & 

Chemicals and Catalysts categories are inputs considered in the conversion process to produce the 

biofuel. The T&D category relates to the emissions from transporting fuel to distribution sites and, in 

case of the HTL pathways, emissions due to transporting HTL-biosolids to the carbon sequestration 

site 100 km away. The Combustion category captures end-use emissions of products and includes CO2 

(which is biogenic in this case), CH4, N2O, volatile organic compounds (VOC), black carbon (BC), and 

organic carbon (OC). The C Sequestration category captures credits from the biosolids generated in 

the process of conversion: these were viewed as potential means of carbon sequestration, and hence 

credits were applied. Displacement credits are due to electricity and sulfur production that displaces 

U.S.-based grid electricity and conventional sulfur. Counterfactual credits are generated by avoiding 

the conventional waste management practices and diverting the waste for fuel generation. 

Conventional waste management results in the decomposition of waste materials and therefore 

methane emissions from sludge, manure, and food waste to the air. Finally, the LCA provides the 

numbers of the life cycle assessment from farming through end use of the product. In all cases, a 

significant benefit is seen, with reductions of 83–188% compared to petroleum-based marine fuels (see 

marine diesel oil, MDO, 0.1% sulfur). 

 

Figure 4: Updated LCA results showing lifecycle GHG emissions for several HTL and CFP pathways 
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3. End-use Technical Feasibility 

In addition to understanding the economic feasibility and GHG impact of potential biofuels, it is also 

important to understand the impacts of new biofuels in end-use situations in order to enable their use. 

This includes effects of the physical properties of the fuels (viscosity, fuel system materials compatibility, 

blending compatibility, etc.) that will have a direct impact on infrastructure and ship hardware as well 

as impacts on engine combustion and regulated emissions, including NOx. This section briefly 

summarizes the results of studies into these effects. 

3.1. Physical properties and compatibility 

In order to be effectively used for GHG reduction in the existing fleet, novel biofuels must be 

compatible with infrastructure and fuel system components. To enable transition away from 

petroleum-derived fuels, the new fuels must also have good blend compatibility with existing market 

fuels. Viscosity is also a key property, as VLSFO requires heating to meet particular viscosity targets 

for pumping and fuel injection. These effects have been studied in both neat biofuels and blends. 

The most important factor for blend compatibility with existing market fuels is avoiding asphaltene 

precipitation. CFP oils have shown good blend stability up to at least 50% mass concentration in some 

instances [19], while HTL oils are more challenging, with precipitation occurring at blend levels as low 

as 5%. Initial results indicate commercially available additives can allow blending of HTL oils beyond 

20% [14], and hydrotreating can also be used to improve the blending properties of CFP, FP, and HTL 

oils. 

Raw (unprocessed) pyrolysis oils (also known as bio-oil) have relatively high concentrations of organic 

acids and water. They are corrosive to carbon steels, though type 430F and type 316 stainless steels 

perform reasonably well [20, 21]. Compatibility with fuel system elastomers and plastics has also been 

evaluated, with raw pyrolysis oils causing significant elastomer swell for most relevant elastomers 

relative to diesel fuel [22]. Hydrotreating and co-processing with petroleum-derived oils can reduce 

the acid content and abate the corrosion concerns [20]. Synergistically, this is the same processing 

needed to ensure blend compatibility with petroleum-based heavy fuel oils. 

Biofuels generally have a beneficial impact on viscosity in blends with VLSFO, with a nonlinear impact 

even at low blend levels, as shown in Figure 5 for HTL and FAME biodiesel blends, where both 

exponential curve fits have an R2 of 0.998. The significant reduction in viscosity implies a reduction in 

heating energy input to achieve operational viscosity targets for fuel injection. 
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Figure 5: Viscosity blending effects of HTL and FAME biofuels with VLSFO 

Polymerization is also a concern with pyrolysis-derived bio-oils, as this can cause issues in the fuel 

system. If polymerization occurs at relatively low temperatures, filter plugging and similar obstructions 

can occur; more critically, the higher temperatures experienced in fuel injector tips during engine 

operation can cause injector fouling and loss of power. An initial study of viscosity aging effects with 

10% blends of HTL and CFP oils into VLSFO shows that CFP oils are prone to this, as illustrated in 

Figure 6: even when aged at 50 °C  for extended periods, a notable increase in viscosity is observed 

for the 10% CFP blend; when aged at 90 °C , the 10% CFP viscosity rapidly surpasses that of the base 

VLSFO and continues to increase with time. A more detailed viscosity aging analysis will be reported 

in future publications. Avoidance of polymerization is in pyrolysis-derived bio-oils is an area of active 

research, with various additives and processing methods being evaluated for their effectiveness in 

avoiding this effect. The HTL blend did not show signs of polymerization, with aging stability 

approximately the same as that of the base VLSFO. 
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Figure 6: Viscosity aging effects at 50 °C and 90 °C for VLSFO and 10% blends of CFP and HTL oils 

3.2. Engine combustion and emissions impacts 

A number of studies have been completed examining the impact of FAME biodiesel on NOx and 

particulate matter (PM)/black carbon (BC) emissions. The results are generally consistent in that NOx 

increases and BC decreases with increasing biodiesel content, though for blend levels < 30%, the NOx 

increase is typically within testing repeatability [23–25]; for higher blend levels, adjusting the fuel 

injection timing can compensate for the increase in NOx emissions [26]. There is less historical 

experience with the use of HTL and CFP bio-oils and blends, and thus a lack of data in the literature 

on their emissions impacts. 

An initial study within this project tested 10% blends of both CFP and HTL bio-oils splash-blended into 

a VLSFO in the Enterprise single-cylinder marine diesel research engine. This is a reduced-scale 2-

stroke crosshead research engine designed to replicate many of the key features of full-scale low-speed 

2-stroke marine diesel engines with significantly reduced fuel and lubricant requirements. Table 1 lists 

the primary specifications of the engine, which is designed with a high-swirl flow field two hydraulic 

electronic unit injector (HEUI) fuel injectors with an asymmetrical spray pattern, as illustrated in Figure 

7. The engine is approximately 1:10 scale relative to typical low-speed 2-stroke marine engines, and 

while boundary conditions are duplicated to the greatest extent possible, time-scales and rotational 

speeds do vary. In order to maintain a realistic mean piston speed (which sets the boundary condition 

for the cylinder lubricant at the piston ring/liner interface), the rotational speed scales inversely with 

the stroke. This means that while thermodynamic conditions in the cylinder can be matched, the time-

scales will be reduced relative to the full-scale engines. Emissions impacts from fuel changes will be 

directionally correct, but either model-based scaling studies or full-scale testing would be necessary to 

precisely quantify expected emissions from a full-scale engine. A detailed description of the engine 

design can be found in Kaul, et al. [27].  
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Table 1. Enterprise engine specifications 

 

Cylinder bore 107.95 mm 

Piston stroke 432 mm 

Stroke/bore ratio 4:1 

Displacement 3.95 l 

Geometric compression 

ratio 

13:1 

Mean piston speed 8 m/s @ 556 

rpm 
 

 
Figure 7: CFD simulation of combustion in the Enterprise 

engine, showing fuel injection spray patterns. 

Samples of mildly hydrotreated CFP and HTL oils produced by NREL and PNNL were blended at 10% 

by volume into a base VLSFO and run in the engine at several steady-state speed/load operating 

conditions (shown in Table 2) with no changes to the engine calibration. NOx emissions were measured 

using a Fourier transform infrared analyzer (FTIR), and PM emissions concentrations were measured 

using an AVL Micro Soot Sensor. Results showed no notable impact for the 10% blend levels tested, 

as indicated in Figure 8. There was similarly no notable impact to combustion phasing or duration for 

these low-level blends, though prior operation on this engine with high-level bio-diesel blends has 

shown a strong correlation between combustion phasing and NOx emissions like that observed in the 

literature. Operation with higher blend levels (or potentially neat bio-fuels) is planned in the upcoming 

months, with larger fuel quantities becoming available from commercial vendors.  

Table 2. Engine operating conditions 

Operating condition Speed, rpm (% rated) BMEP, bar 

Full steaming 545 (98%) 14.1 

Slow steaming 400 (72%) 9.8 

Maneuvering 280 (50%) 3.9 
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Figure 8: Brake-specific NOx (BSNOx) and brake-specific PM (BSPM) emissions at full steaming operation for VLSFO and 

10% blends of HTL and CFP fuels in the Enterprise research engine. Error bars represent the standard deviation of 8 

repeats of the baseline VLSFO fuel. 

4. Future Plans 

Research to address remaining barriers to engine demonstrations, both in the laboratory and the field, 

is ongoing. High blend levels (potentially up to 100%) of mildly hydrotreated CFP and HTL bio-oils will 

be tested in the upcoming year to evaluate the blending compatibility and thermal stability (i.e., 

resistance to polymerization) of blends exceeding 50% biofuel, and mitigation measures, including 

additives to prevent polymerization will be explored to address remaining challenges. High blend levels 

will be tested in the Enterprise research engine to gain further confidence of suitability for engine 

operation as well as data on emissions impacts. In parallel with these efforts, planning is underway for 

a ship-borne demonstration, including fuel sourcing and partnerships with operators to enable sea 

trials. 

5. Conclusion 

The U.S. Department of Energy’s Bioenergy Technologies Office (BETO) has sponsored a project 

comprising four national laboratories to evaluate the opportunities for the use of biofuels to 

decarbonize marine transportation, with a particular focus on HTL and CFP oils for the displacement 

of heavy fuel oils in ocean-going vessels. This project spans from TEA and LCA evaluations of the high-

level impacts and economics to end-use challenges, including material compatibility, blend stability, and 

engine emissions impacts. Results to date show significant potential, with a few remaining challenges to 

implementation that are the subject of ongoing studies. Fuels are being systematically evaluated for 

suitability for engine testing and eventual sea trials, and barriers are being identified and addressed. 
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Abstract 
The shipping industry plays a significant role in the global economy, responsible for 90% of world 

commerce. Moreover, it also accounts for 2 to 3% of global CO2 emissions. There is increasing 

pressure on the marine sector to reduce its carbon footprint, and the net CO2 emissions should reach 

zero by the end of 2050. The usage of carbon-free fuels such as hydrogen and ammonia are under 

development and not fully mature yet. Methanol can be a carbon-neutral fuel when produced using 

green hydrogen and captured CO2, thus bringing the net CO2 emissions to zero. It can act as a 

transition fuel due to easy handling and existing infrastructure for bunkering. Since the ship engines are 

in operation for up to 40 years, CO2 neutrality should be achieved for the existing engines in the fleet, 

as replacing old engines with new ones is uneconomical. Therefore, the retrofit solutions can be an 

effective and economical way to reduce the net GHG emissions of the maritime industry. Furthermore, 

when it comes to new engine concepts fueled with methanol, their performance is of utmost 

importance. 

MAN-ES has been working on the development of dual-fuel methanol engines for retrofit solutions and 

newbuilds. The retrofit solution for the existing engine is achieved by incorporating minor 

modifications in the intake port and other engine components. The methanol injectors are installed in 

the intake port, called port fuel injection (PFI), operated at low injection pressure. This reduces not 

only GHG emissions but also costs for customer. Another approach to bring the methanol into cylinder 

is the high-pressure direct injection (HPDI) technique, in which methanol is burned in diffusion 

combustion manner. Pilot fuel is used for igniting methanol in both port fuel and direct injection 

conditions.  

 CFD technique can be employed to evaluate the preliminary design of injector and cylinder 

components and their influence on mixture formation and combustion for PFI and HPDI conditions. 

Since it is used for the design analysis, it is vital to validate the CFD simulation method. Two 

experimental configurations are considered for validation, and the results obtained are presented in 

this paper. The first set of HPDI measurements was conducted at TUM using a Rapid Compression 

and Expansion Machine (RCEM), and the second at WTZ using PFI methanol injection on a 32/44DF 

single-cylinder engine (SCE).  
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The first part presents the CFD simulation results of the RCEM for spray characteristics and methanol 

combustion. The high-pressure methanol injection is modeled using Huh and Reitz-Diwakar breakup 

model: The predicted spray angle, penetration length, and shape are compared against experimental 

data. Two modeling approaches, Extended Coherent Flamelet Model (EFCM) and detailed chemistry 

were investigated for simulating diesel-ignited methanol combustion. The results of the combustion 

process are in good agreement with the RCEM experimental data for the variation of methanol 

injection timing and the interaction angle between the methanol and diesel spray.  

In the second part of the paper, the simulation results of the SCE engine for PFI methanol injection are 

presented for the variation of engine load and air/fuel ratio. The CFD results gave insights into methanol 

evaporation in the intake port, and mixture formation in the cylinder, which is vital for combustion 

stability and emissions. The simulation methods for HPDI and PFI methanol combustion will be further 

employed to facilitate the development of MAN’s methanol engines for reducing GHG emissions.   
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1. Introduction 

The shipping industry plays a significant role in the global economy, responsible for 90% of world 

commerce. Moreover, it also accounts for 2 to 3% of global CO2 emissions. There is increasing 

pressure on the marine sector to reduce its carbon footprint, and the net CO2 emissions should reach 

zero by the end of 2050 as enforced by the International Maritime Organisation (IMO). To achieve the 

future emission requirement, the ship engine manufacturers are focusing on using alternative fuels and 

drive concepts in the maritime sector. The usage of carbon-free fuels such as hydrogen and ammonia 

are under development and not fully mature yet. Methanol can be a carbon-neutral fuel when produced 

using green hydrogen and captured CO2 or biomass, thus bringing the net CO2 emissions to zero [1].  

Methanol is considered as one of the most favourable alternative fuels due to its renewability, cost, 

and its combustion characteristics due to the presence of the hydroxyl group. As it has a single carbon 

atom, it cannot easily form particulate matter from long-chain hydrocarbons when compared to other 

alcohols. It has a high-octane rating and, thus has higher knock resistance and can be used at high 

compression ratios [2]. However, for CI engines, usage of methanol can be challenging due to its low 

Cetane number and latent heat of vaporization which is four times than that of diesel. Due to this high 

ignition temperature and being in liquid at standard temperature pressure (STP), methanol is safer to 

store, and transport. Considering all the mentioned properties of methanol, easy handling, and existing 

infrastructure for bunkering, it can act as a transition fuel before moving into carbon-free fuels in the 

future. Since the ship engines are in operation for up to 40 years, CO2 neutrality should be achieved 

for the existing engines in the fleet, as replacing old engines with new ones is uneconomical. Therefore, 

the retrofit solutions can be an effective and economical way to reduce the net GHG emissions of the 

maritime industry. Furthermore, when it comes to new engine concepts fuelled with methanol, their 

performance is of utmost importance. 

MAN Energy Solutions SE has been working on the development of carbon-free and carbon-neutral 

fuel engines, such as dual-fuel methanol/diesel engines for retrofit solutions and newbuilds [3]. Different 

fuel admission and combustion concepts were evaluated based on ease of retrofit, costs, time to 

market, and performance. PFI and HPDI injection strategies are considered for fuel injection that leads 

to premixed Otto-like and Diesel-like diffusion combustions respectively [4] [5]. The retrofit solution 

for the existing engine is achieved by incorporating minor modifications in the intake port and other 

engine components. The methanol injectors are installed in the intake port, called port fuel injection 

(PFI), operated at low injection pressure. This reduces not only GHG emissions but also costs for 

customers. Another approach to bringing the methanol into a cylinder is the high-pressure direct 

injection (HPDI) technique, in which methanol is burned in a diffusion combustion manner. Pilot fuel 

ignites methanol in both port fuel and direct injection conditions. The PFI technique will be 

implemented in MAN’s 48/60 and 51/60 engine platforms and for the 21/30 genset engines. Moreover, 

the HPDI methanol injection method will be introduced in new builds and retrofit solutions to the 

newly developed 32/44 and 49/60 engine platforms [5].  

CFD technique can be employed to evaluate the preliminary design of injector and cylinder 

components and their influence on mixture formation and combustion for PFI and HPDI conditions. 

Since it is used for the design analysis, it is vital to validate the CFD simulation method. Two 

experimental configurations are considered for validation, and the results obtained are presented in 

this paper. The first set of HPDI measurements was conducted at TUM using a Rapid Compression 



 
8th Rostock Large Engine Symposium 2024 

 

39 

and Expansion Machine (RCEM), and the second at WTZ using PFI methanol injection on a 32/44DF 

single-cylinder engine (SCE). 

2. Experimental Setup and Data 

2.1. Rapid Compression and Expansion Machine (RCEM) 

For the HPDI methanol-diesel combustion, experiments were carried out using a RCEM setup by 

Scharl et al. [6], the obtained measurement data are used for the current CFD validation. The RCEM 

is a pneumatically driven engine that mimics the stroke motion of an internal combustion engine, 

particularly in the top dead center (TDC) area, and thus permits investigations under engine conditions. 

Figure 1 shows the schematic overview of RCEM with piston, fuel injectors, and optical measuring 

equipment.   

 

Figure 1: RCEM experimental setup with optical measurement (left), engine (middle) and injector arrangement (right). 

Components: (1) compressed air bottles, (2) driving piston, (3) hydraulic oil, (4) orifice holes, (5) working piston, (6) 

bypass valve, (7) combustion chamber, (8) methanol injector, (9) diesel injector, (10) arc lamp, (11) UV filter 

For each experiment, air in the cylinder is compressed from its initial state to the required final 

pressure and temperature at the top dead center (TDC). Two operating conditions such as OP1 and 

OP4 are considered for the spray validation in which the final pressures are 75 and 125 bar as shown 

in Table 1. Around TDC, diesel and methanol are injected via the injectors with variable arrangement. 

The diesel injector (9) is a single-hole injector while the methanol injector (8) is a double-hole injector 

with an angle of 30° between the individual holes. The diesel injector is the pilot injector with an axially 

mounted nozzle with a diameter of 0.2 mm, which is designed for injections in small quantities. This is 

arranged at right angles to the methanol injector, which has a radial nozzle diameter of 0.94 mm so 

that the jets lie in an interaction plane orthogonal to the cylinder axis.  

Table 1: Overview of pressure and temperature at initial and final conditions (before TDC) in RCEM 

  

P_Initial  

(bar) 

T_Initial 

 (K) 

P_Final 

(bar) 

T_Final  

 (K) 

Inert - Spray   

Data 

HDPI – DF 

Combustion Data 

OP1 2.37 296 75 ±1.5 780±8 at 75 bar 
  

OP4 2.16 296 125±2 920±10 at 125 bar 

Spray Interaction angle  

(+7.5° / +22.5°) 

Injection timing  

(+0.5 ms, -0.5 ms) 
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The methanol injector can be rotated by an angle α relative to the diesel injector. Together with an 

electronic control system for the injections this design allows any variation in the spatial and temporal 

interaction of both fuels. Investigation of methanol spray has been carried out for OP1 and OP4 in 

which the RCEM was filled with inert gas without oxygen and pilot diesel. In addition, a series of ignition 

and combustion tests were conducted for OP4, carried out at full-load engine operation. The mass of 

injected pilot diesel in combustion test is 5 mg and the injection duration is 0.5 ms. Also, 254 mg of 

methanol was injected as the main fuel for the injection duration of 2.7 ms, and the injection profiles 

are shown in Figure 2. Two ranges of relative injection timings of +0.5 ms (diesel injected first) and -

0.5 ms (methanol injected first) were varied. The interaction angle α is measured for the far side of 

the spray and is varied between two positions as shown in Figure 2: +7.5 (interaction with both the 

sprays), +22.5° (strong interaction with near side spray). The CFD simulations were carried out for 

evaluating spray and combustion characteristics and the results were validated using these 

measurement points. 

 

 

Figure 2: Injection profiles for diesel and methanol (left) and spray interaction angles of +7.5 ° and +22.5 ° between 

pilot-diesel and methanol (right)  

The simulation geometry and mesh of the RCEM combustion chamber including the methanol and 

diesel injectors are shown in Figure 3. A global mesh size of 3 mm is assigned for the combustion 

chamber. Two levels of grid refinements were applied for better prediction of diesel and ammonia 

sprays.  For turbulence modeling, the RNG k-epsilon model is used. The primary and secondary droplet 

breakups are modeled using Huh atomization and the Reitz-Diwakar models. Similarly, combustion is 

modeled using complex chemistry and EFCM-CLEH approaches. The CFD simulations are conducted 

using STAR-CCM+ 2210 [7]. 
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Figure 3: Simulation model of RCEM with single hole diesel injector and 2-hole methanol injectors (left), Simulation mesh 

for the cut sections through diesel injector plane (right), mesh size of 3 mm and two levels of refinement.  

2.2. Single Cylinder Engine (SCE) Testbed  

The Dual fuel combustion experiments of methanol and diesel pilot fuel were carried out in WTZ 

using the MAN 32/44DF-M which features a 320 mm bore diameter, and 440 mm stroke length. The 

single-cylinder engine uses a PFI injection strategy with two methanol injectors integrated into the 

intake ports through a retrofit solution, which provides an easy way to convert existing engines to 

dual-fuel operation mode without major design changes. The position and orientation of the methanol 

injector are important as they dictate the ease of installation and mixture formation in the cylinder. In 

the present test bench, the injectors were installed and directed towards their respective intake valves. 

Methanol is supplied continuously at a low pressure of 15 bar. Figure 4 shows the methanol 

conditioning unit and the single cylinder engine (SCE) test bench of 32/44DF-M. 

 

Figure 4: Methanol conditioning unit (left) and the MAN-32/44DF-M SCE Engine test bench (right) at WTZ, Roßlau 

The methanol-air mixture enters through the two intake valves into the cylinder. A high-pressure diesel 

injector sits at the head of the cylinder and injects a small amount of pilot diesel directly into the 

cylinder. Experiments are performed with varying intake air temperature, methanol start of injection 

(SOI), and two operating conditions. The simulation geometry and mesh of the SCE MAN 32/44DF-M 

engine is shown in Figure 5. Additional two-level mesh refinements are applied downstream of the 

methanol injector and cylinder head. Engine load points of 50% and 85% are considered with the intake 
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air temperature of 65 °C and 45 °C respectively.  The methanol is injected at 45° CA and 30° CA after 

the intake valve opening for 50% and 85% loads respectively. The PFI methanol spray is defined using 

droplet size distribution and cone angle, and the breakup is modeled using the Reitz-Diwakar model.  

 

Figure 5: Simulation model of MAN-32/44DF-M SCE with two methanol injectors in intake port 

3. Modelling and Simulation Approach 

3.1. Spray Modelling 

The liquid fuel droplets are introduced in the form of Lagrangian parcels, and the primary and secondary 

droplet breakups are modelled using the Huh atomization model and Reitz-Diwakar breakup model 

respectively. When a droplet is injected and the critical Weber number (Wecrit) is reached, the 

represented droplets undergo an atomization process immediately after they leave the nozzle. In the 

model of Huh et al., two main factors are considered responsible for spray atomization: gas inertia and 

turbulence stresses generated within the nozzle. For the secondary breakup the Reitz-Diwakar model 

was chosen. It accounts for two different breakup regimes, ‘bag’-breakup and ‘stripping’-breakup. Bag 

breakup is caused by the droplet expanding into the low-pressure wake region behind it until it 

disintegrates. It is assumed to be possible when We > Wecrit. The stable diameter is obtained when 

We= Wecrit. The characteristic time scale for this breakup regime is derived to be: 

𝜏𝑏 =
𝐶𝑏2𝑑

4
√

𝜌𝑙𝑑

𝜎
   We > Wecrit (1) 

In the stripping breakup regime, new droplets are stripped from the droplet surface by the shear forces. 

It is assumed to occur when We > max (2CS1Re0.5, Wecrit). The timescale for this breakup regime is: 

𝜏𝑠 =
𝐶𝑠2

2
√

𝜌𝑙

𝜌

𝑑

|𝑣𝑠|
  (2) 

3.2. Combustion Modelling  

During combustion, hundreds of reactions occur between different species resulting in new species at 

different rates. A reaction mechanism represents these reactions as a sequence of elementary reactions 

and the kinetics of the starting materials and intermediates as a function of thermodynamic conditions 

over a wide range. Utilizing the reaction mechanism, the combustion can be modelled by species 
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transport equation and a chemistry solver to solve the source terms. To achieve this, the simulation 

tool provides a tabulated and detailed approach for combustion modelling. 

Complex Chemistry (CC) 

The complex chemistry approach solves thousands of chemical reactions among various species in each 

computational cell in addition to continuity, momentum, and energy transport equations. The chemical 

reaction mechanism, thermal, and transport properties of reaction mechanisms in Chemkin format are 

coupled to the solver. The species transport equation is: 

∂

∂𝑡
𝜌𝑌𝑖 +

∂

∂𝑥𝑗
(𝜌𝑢𝑗𝑌𝑖 + 𝐹𝑘,𝑗) = 𝜔𝑖 (3) 

where 𝑌𝑖 is the mass fraction and 𝜔𝑖 is the rate of production of species 𝑖, and 𝐹𝑘,𝑗 is the diffusion flux 

component.  

The species transport is solved with an explicit reaction source term 𝜔𝑖 for the 𝑖th species: 

𝜔𝑖 = 𝜌𝑓 (
𝑌𝑖

∗ − 𝑌𝑖

𝜏
) (4) 

Simulations with detailed chemistry method results in a high computational effort, which is many times 

higher than that of the tabulated combustion models.  

Tabulated Chemistry 

To reduce computational time, the reactions representative of different thermodynamic conditions can 

be precomputed, and the relevant quantities can be tabulated. In the simulation tool, the Extended 

Coherent Flame Models (ECFM) model has been implemented which is a type of laminar flamelet 

model, where the turbulent flame is assumed to be composed of many thin laminar flamelet structures 

that are locally one-dimensional. Assuming this one-dimensional model, the reaction products can be 

precomputed and stored in lookup tables. The ECFM model is applicable in the region of the 

corrugated flames regime (Da = 1) represented in the Borghi Diagram. ECFM models are further 

modified to ECFM-3Z (three zones) and ECFM–CLEH (Chemical rates Limited by Equilibrium of 

Enthalpy) to model partially premixed combustion. In ECFM 3Z and ECFM-CLEH models, each 

computation cell is divided into three zones: unmixed air, mixed air, and fuel, and unmixed fuel zone. 

The zones are further divided into unburnt gas (u) and burnt gas zones (b). The amount of unburnt 

and burnt gases in the mixed zone is given by the progress variable 𝑐̅. 𝑐̅ is zero when it is a fresh-

unburned mixture and one when all the fuel in the mixed zone has been burned.   

In the ECFM-CLEH model, mean reaction rates are calculated based on four different combustion 

modes, such as auto-ignition (AI), premixed (PM), diffusion (DIFF), and post-oxidation (PSTOX). For 

example, the mean turbulent reaction rate in the premixed model is calculated using the flame surface 

density (Ʃ), and the laminar fuel consumption per unit surface (𝑤𝐿). 𝑤𝐿  is calculated from the unburned 

gas mixture density 𝜌 (𝑍𝑓|𝑃𝑀 − 𝑌𝑓|𝑃𝑀
𝑒𝑞

) and laminar burning velocity (𝑈𝑙). The required intrinsic 

properties of mixture, such as ignition delay time (IDT) of the fuel-air mixture and unstretched laminar 

burning velocity (𝑈𝑙) is calculated for the variation of mixture temperature, pressure, equivalence ratio, 

concentration of each fuel, and exhaust gas concentration in fresh mixture. The IDT and  𝑈𝑙 tables are 

used for predicting the reaction rate and thereby the net heat release rate in each combustion mode 

and they are created using different chemical reaction mechanisms.  
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Chemical Mechanism 

Reaction mechanisms play a vital role in the prediction of single or dual-fuel combustion in both detailed 

and tabulated chemistry approaches. Three different reaction mechanisms have been considered for 

the investigation. The first mechanism (Mech1) is from Xu et al. [8] with 69 species and 389 reactions, 

that was developed and validated for hydrocarbon fuels and later extended for ammonia combustion. 

The second mechanism (Mech2) is a blended reaction mechanism of Curran et al. [9] and Ulrike et al. 

[10] which has 224 species and 1204 reactions that has not yet been published. The third mechanism 

(Mech3) is a comprehensive mechanism for n-heptane combustion by Sieser et al.  [11] with 160 species 

and 1540 reactions. For the detailed chemistry simulation, the reaction mechanisms in CHEMKIN 

format can be incorporated for calculating the reaction rates. And for tabulated chemistry, the required 

IDT, 𝑈𝑙 , and equilibrium tables are generated using all three reaction mechanisms.  

4. CFD Simulation Results: RCEM-HPDI  

Scharl et al. [6] conducted spray measurements at OP1 and OP4 conditions, in which the cylinder of 

RCEM was filled with inert gas, without oxygen and pilot diesel. In the inert spray experiments, only 

methanol was injected for a relative angle of +7.5°, and the data was used for spray model validation.  

4.1. HPDI: Spray Validation  

Since the HPDI combustion highly depends on fuel droplet breakup, air entrainment, and fuel-air 

mixing, accurate prediction of spray is essential. The properties of methanol are different from the 

conventional hydrocarbon fuels, the spray breakup model parameters set should be determined for 

methanol. For this spray investigation, three parameters such as Reitz-Diwakar stripping breakup time 

scale coefficient 𝐶𝑠2, discharge coefficient for injector 𝐶𝑑, and injector nozzle length 𝐿 are varied for 

OP4. The obtained spray simulation results have been compared with the measured vapor penetration 

length, spray angle, and spray shape. In the simulation, an iso-surface of methanol vapor is created for 

0.1% mass fraction to compare the spray shapes.  

After varying multiple combinations of three spray parameters, one parameter set has better predicted 

the spray characteristics of methanol at 125 bar cylinder pressure (OP4). Using the same parameter 

set, for OP1 spray has been simulated. As illustrated in Figure 6, the measured and simulated vapor 

penetration lengths are in good agreement with specific set up spray model parameters for OP1 and 

OP4. Moreover, the comparison of shadowgraph images of methanol spray with iso-surfaces obtained 

from the simulation are closely matching, including the hot island zone in the middle of the spray. The 

spray angles are quantitively calculated and compared, and they are 35° for OP4 and 40° for OP1. 
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Figure 6: Simulated vapor penetration length at OP1 and OP4 conditions 

 

Figure 7: Shadowgraph images of methanol spray (left) at OP1 (top) and OP4 (bottom) with 0.1% methanol mass 

fraction from simulation (right)  

4.2. HPDI: Combustion Simulation Results  

In this section, simulation results of methanol-diesel combustion at OP4 for the variation of reaction 

mechanisms (Mech1, Mech2, Mech3) and combustion modelling (complex chemistry, ECFM-CLEH) 

approaches using the available experimental data as given in Table 1, for the variation of spray 

interaction angles (+7.5° and +22.5°) and injection timings (+0.5 ms and -0.5 ms) are presented. For 

the combustion simulation, the determined spray parameter set has been used.  

Reaction Mechanism Variation using CC: Mech1 / Mech2 / Mech3 

Figure 8 illustrates the different stages of diesel-ignited methanol combustion using the “Mech1” 

mechanism, spray interaction angle of +7.5°, and methanol injection timing of +0.5 ms. At first, pilot-

diesel is injected into the cylinder, which is then evaporated and combusted forming the hot plume of 

burned products in the center of the cylinder.  The injected methanol from two nozzle holes penetrates 

through the hot gas, thus enhancing evaporation, and igniting the methanol-air mixture. This 
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phenomenon can be observed on the near side of the methanol spray where the CO2 and OH radicals 

formed on the outer regions of the spray at t = 0.652 ms (716.8° CA). Due to the continuous injection 

of methanol, the gas temperature in the inner region of the plume drops due to methanol evaporation 

and mixing, thus changing the flame shape, and drifting the flame position towards the cylinder wall. 

The concentration of CO2 and OH radicals at t = 1.763 ms (720° CA) reveals the position of the 

combustion, i.e., mainly on the outer regions of the methanol spray. Since the RCEM wall temperatures 

were relatively lower than the gas temperature, the methanol flame at the front got quenched, leading 

to the flame propagation only in the radial direction. The methanol flame is anchored at a certain 

distance from the methanol injector and remains identical throughout the injection duration. The 

temperature contours of the simulation align closely well with the experimental combined SG/OH*-

CL images. This alignment suggests a strong overall predictive capability of the CFD model.  

 

Figure 8: Combined shadowgraph (SG) and OH*-Chemiluminescence (CL) images (Experiment) and simulated 

temperature, CO2, and OH contours for spray interaction angles of +7.5°, injection timings of +0.5 ms, and Mech1 

In Figure 9, the heat release rates of the experiment and simulation for early diesel (+0.5 ms) and early 

methanol (-0.5 ms) injection results are presented. In the case of early diesel injection, it can be 

observed that three reaction mechanisms show nearly identical combustion characteristics. However, 

the Mech2 predicts diesel combustion more accurately. Mech1 and Mech3 have some delay in diesel 

ignition by up to 1.5° CA. For early methanol injection (-0.5 ms), diesel combustion starts relatively 

later, and the premixed combustion peaks are overpredicted by Mech3. The difference between the 

experiment and simulation after 720°CA occurs when the flame touches the wall as shown in Figure 

9. In the experiment, the heat loss to the RCEM wall is calculated based on the temperature gradient. 

It could be possible that the calculated heat loss is relatively higher in the experiment compared to the 

simulations. Overall, Mech1 and Mech2 show good agreement with the experimental data for both 

early diesel and early methanol injection conditions.  
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Figure 9: Experimental and Simulated HRR for spray interaction angles of +7.5° and injection timings of +0.5 ms and -

0.5 ms for three reaction mechanisms 

Combustion modelling - CC / ECFM-CLEH : Early methanol Injection (-0.5 ms) 

Combustion simulations have been performed for OP4 conditions using complex chemistry (CC) and 

EFCM-CLEH modelling approaches. Using the Mech1 reaction mechanism the IDT, 𝑈𝑙 , and equilibrium 

tables were generated for the ECFM-CLEH model and used in the combustion simulation. The results 

for the spray interaction angle of +7.5° with early diesel injection (+0.5 ms) and early methanol injection 

(-0.5 ms) are presented in this section. Figure 10 depicts the combustion phenomenon that occurs in 

early methanol injection condition (-0.5 ms). At t = 1.499 ms (716° CA), injected methanol during the 

early phase of injection is evaporated and forms an ignitable mixture in the cylinder. The pilot diesel 

ignition arises in the outer regions of the methanol spray which ignites the premixed methanol air 

mixture at the near end of the diesel nozzle, thus causing more heat release in a short duration.  

Furthermore, the methanol flame propagates further to combust the methanol from the second nozzle. 

After the premixed combustion at t = 3.852 ms (721° CA), the methanol burns in a diffusive 

combustion mode. Comparing the temperature contours between CC and ECFM-CLEH in Figure 10, 

one can observe that the CC model can predict the earlier diesel ignition and premixed methanol 

combustion well compared to the ECFM-CLEH model.  

The quantitative comparison of HRR in Figure 11 concludes that the EFCM-CLEH model shows small 

deviation at the early phase of injection, mainly on diesel ignition. However, the difference becomes 

smaller at the late phase of methanol injection, followed by combustion and heat release. Overall, both 

complex chemistry and ECFM-CLEH combustion modelling approaches could predict well the full 

diffusion combustion and a combination of premixed and diffusion modes and their predictions are in 

good agreement with the experimental data. Since all the reactions that exist in the mechanism have 

to be solved for each cell in a complex chemistry method, the computational time for one simulation 

is 6 times longer compared to that of the ECFM-CLEH model.  
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Figure 10: Combined shadowgraph (SG) and OH*-CL images (Exp.) and temperature contours of Complex-Chemistry 

and ECFM-CLEH simulations at OP4 with +7.5° spray interaction angle, early methanol injection (-0.5 ms) 

  

Figure 11: Experimental and Simulated HRR for spray interaction angles of +7.5° and injection timings of +0.5 ms and -

0.5 ms for EFCM-CLEH and complex chemistry combustion modelling techniques 

Diesel/Methanol spray interaction angle variation: 22.5 ° 

In a two/more needle multi-hole injector, the interaction between individual diesel and methanol sprays 

plays a major role in diesel ignition and methanol combustion. So, the simulation methodology has been 

further validated using the measurement data for the 22.5° interaction angle and early diesel injection 

(+0.5 ms). Figure 12 illustrates the early diesel injection, followed by the ignition of methanol and its 

combustion. At t = 0.986 ms (714° CA), the diesel ignites the methanol mixture at the near side of the 

methanol spray. And the developed flame propagates into methanol released from the nozzle hole 

located at the far end of the diesel injector, thus causing lower HRR compared to that of observed in 
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+7.5°. The methanol flame drifts towards the wall during injection and the methanol flame stabilizes at 

the downstream of injector. From the comparison of OH*-CL and temperature contours at various 

timings, one can conclude that methanol combustion is well predicted in both the early and late stages 

of methanol injection.  

 

Figure 12: OH*-Chemiluminescence (CL) images (Exp.) and temperature contours of ECFM-CLEH simulations at OP4 

with +22.5° spray interaction angle and +0.5 ms injection timing (left) and the heat release rates comparison (right)  

5. CFD Simulation Results: Port Fuel Injection (PFI)  

Retrofits of existing fleet engines can be realized by injecting methanol in the intake port, thereby a 

portion of the methanol is evaporated and mixed with air at the intake port. The remaining evaporation 

and mixing occur in the cylinder during the intake and compression stroke. The premixed methanol-

air mixture is ignited by the diesel pilot fuel. Furthermore, the methanol injection, evaporation, and 

mixture formation play a significant role in the emission and performance behaviours of an Otto-cycle 

methanol engine. Achieving good methanol-air mixing in the cylinder depends on many parameters 

such as injector design and its position in the intake port, injection timing, and intake air conditions. 

The influence of injector position on mixing has been discussed in [5]. In this investigation, CFD 

simulations have been carried out to evaluate evaporation and mixing characteristics at two engine 

load points of 50% and 85% for the variation of injection timings and their results are presented in this 

section.  

5.1. Spray and Mixing Characteristics 

The simulation CAD model and mesh, that are shown in Figure 5 are used for the CFD analysis. The 

measured experimental data is used as initial and boundary conditions for the cylinder, intake, and 

exhaust ports. The injected methanol mass for both engine operating conditions corresponds to 95% 

of the total energy. The injection profile is defined with an initial ramp-up curve and ramp-down curve 
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with a constant profile in the middle. The chosen injection duration allows enough time for most of 

the liquid droplets to flow into the cylinder. Thus, reduces the stored methanol in intake port and its 

slip during valve overlap. The start of injection (SOI) of methanol, for 50% and 85% loads are 

IVO+45° CA, and IVO+30° CA respectively. Figure 13 shows the methanol injection from two 

injectors and liquid droplet distribution in the air at the intake port. At downstream of the methanol 

injector, the droplets start to break up and evaporate, thereby vapor is even formed at the tip of the 

injector. The methanol vapour and liquid droplets are flowing on the right side, this is to avoid the 

methanol droplet and liner collision in the cylinder. Three stages of droplet breakup were observed, 

i.e., immediately after the injection, in the intake port, and above the intake valve head where the gas 

reaches high velocity. The temperature contours in Figure 14 indicate that the gas temperature drops 

by up to 40 K locally due to methanol evaporation, and the low-temperature gas shows the flow path 

of liquid droplets. Since the injection pressure of methanol is low, conditions of intake air play a vital 

role in droplet breakup and evaporation.  

 

Figure 13: Iso surface of methanol vapor, mass fraction between 0.1 and 10% and methanol droplets during injection for 

engine load P = 50%, SOI_Methanol = IVO + 45° CA  

 

Figure 14: Contours of gas temperature during methanol injection for engine load P = 50%  
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The mass of methanol evaporated in the intake port is less than 20% and the remaining evaporation 

occurs in the cylinder. The methanol-air mixing is prominently dominated by the flow distribution and 

how the methanol vapour interacts with the intake air. Figure 15 depicts how the methanol vapour 

and its droplets flow in the cylinder for engine load of 85% and for SOI_Methanol of IVO+30° CA. 

One portion of the methanol vapour passes through the front section of the intake valve hit the piston 

directly below the exhaust valves. The remaining liquid droplets and vapour flow along the liner and 

mix with the air. As shown in Figure 16, most of the evaporation occurs during the intake phase of the 

engine cycle due to high turbulent flow in intake port and cylinder which enhances droplet breakup 

and mixing. During the compression phase, the remaining droplets are converted into vapour before 

TDC. The higher intake air temperature at 50% load facilitates methanol evaporation, thereby lowering 

the mass of liquid droplet at the end of compression. The contours and histogram of the air-fuel ratio 

in Figure 17 and Figure 18 indicate that slightly better mixing is observed in 50% load conditions 

compared to 85%. This could be due to slightly higher intake air temperature and later methanol 

injection timings, thus, enhancing droplet breakup, evaporation, and mixing. Overall, the mixing quality 

in both conditions is good, though there is a small deviation in the local concentrations. Finally, the 

comparison of the simulated pressure is well aligned with the measurement data, and the temperature 

shows a minor deviation at TDC which was further improved while using liquid film models in the 

simulation. 

 

Figure 15: Iso surface of methanol vapor, mass fraction between 0.1 and 10% and methanol droplets during injection for 

engine load P = 85%, SOI_Methanol = IVO + 30° CA 
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Figure 16: Methanol mass injected, in vapor phase after evaporation and the remaining mass in liquid phase  

 

Figure 17: Contours of air/fuel equivalence ratio for engine load 50% (left) and 85% (right)  

    

Figure 18: Histogram of air/fuel equivalence ratio vs norm. cylinder volume for engine load 50% (left) and 85% (right) 

6. Conclusion  

MAN Energy Solutions SE has been working on the development of carbon-free and carbon-neutral 

fuel engines, such as dual-fuel methanol engines for retrofit solutions and newbuilds. PFI and HPDI 

injection strategies are considered for fuel injection that leads to premixed Otto-like and Diesel-like 

diffusion combustion respectively. The PFI technique will be implemented in MAN’s 48/60 and 51/60 
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engine platforms as well as for the 21/30 genset engines. Besides, the HPDI methanol injection method 

will be introduced in new builds and retrofit solutions to the newly developed 32/44 and 49/60 engine 

platforms.  

In this CFD investigation, spray validation has been carried out using RCEM setup for 50 bar and 

125 bar cylinder pressure conditions. The simulated spray shape, spray cone angle, penetration length, 

are in good agreement with the experimental data for certain Reitz-Diwakar model parameter sets. 

The combustion simulation results for the early diesel injection (+0.5 ms) case show that the diesel 

combustion products ignite methanol. Most of the combustion occurs in diffusive mode on the outer 

regions of spray where OH and CO2 concentrations are higher. For early methanol injection (-0.5 ms), 

methanol forms a combustible mixture, thus releasing high heat release due to premixed combustion, 

followed by a diffusive combustion due to slow evaporation and mixture formation. Methanol could be 

ignited by the pilot for diverging sprays with +22.5° angle between diesel-methanol sprays and the 

combustion characteristics are nearly identical to that of predicted in +7.5°. This indicates that the 

methanol ignition could be secured even for diverging spray with low interaction between methanol 

and diesel sprays.  

The predictions of Mech1 and Mech2 are aligned with the experimental data while using complex 

chemistry and ECFM-CLEH modelling approaches for all the simulated conditions. Mech3 shows 

delayed diesel ignition and faster methanol combustion, which is largely deviating from the heat release 

rate for both early diesel and early methanol injection conditions. Overall, the simulated temperature 

contours which depict the diesel and methanol flames, match well with the combined SG/OH*-CL 

images from the experiments, indicating a good overall predictive capability of the CFD methodology 

for HPDI dual fuel methanol-diesel combustion. 

The PFI simulations carried out for 32/44DF-M SCE engine setup for load points 50% and 85% indicate 

that the intake air temperature is reduced by up to 40 K due to methanol evaporation. For the 

simulated conditions, less than 20% of the injected methanol is evaporated in the intake port and the 

remaining 80% occurs in the cylinder during intake and compression stroke. During the intake phase, 

a sharp increase of methanol vapour mass in the cylinder was observed due to better interaction 

between droplet and air. Around 40% of the droplets evaporated in the cylinder during compression 

phase. At the BDC, the gas temperature is low, and the movement of air is slower than that of observed 

in intake port. Thus, reduces the evaporation rate. At the later phase of compression, increase in gas 

temperature enhances the droplet evaporation. The predicted mixing quality for 50% load is better 

compared to 80% owing to higher intake air temperature and earlier methanol ignition timings. Using 

this simulation approach, the evaluation of injector design, its position, and injection timing has been 

completed for 51/60DF-M and 21/31DF-M engines. The combustion simulation of dual fuel premixed 

methanol combustion ignited by pilot diesel is currently ongoing. The developed simulation methods 

for HPDI and PFI methanol combustion will be further employed to facilitate the development of 

MAN’s methanol engines for reducing GHG emissions.   

Abbreviations and acronyms 
 

GHG Greenhouse gas 

IMO Internation maritime organisation 

CC Complex chemistry 
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ECFM-3Z Extended coherent flamelet Model – 3 Zone 

ECFM-CLEH 
Extended coherent flamelet model – Combustion limited by equilibrium 

enthalpy 

RCEM Rapid compression and expansion machine 

HPDI High Pressure Direct injection 

MeOH Methanol 

PFI Port fuel injection 

OH*-CL OH*- Chemiluminescence 

SG Shadowgraphy 

IVO Intake valve open 

TDC Top dead center 

BDC Bottom dead center 
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Abstract 
The use of alternative marine fuels is considered an important strategy to reduce the environmental 

and climate impacts of shipping. Among all the future fuels, ammonia has been gaining attention recently 

thanks to its potential to be carbon-free from production to combustion. There are a lot of attempts 

to use ammonia in the premixed Otto cycle, where a high compression ratio is used due to its high-

octane rating, and hydrogen is added to compensate for its high ignition energy and low flame speed. 

A fuel-flexible ammonia-Diesel engine, where depending on prices or local regulations, the operators 

can decide to use ammonia in the gas mode or switch to conventional Diesel mode, is of great interest 

for maritime decarbonization, cost reduction, and enhancing reliability. In particular, Diesel fuel also 

provides a backup operation in case of gas feed interruption or component failure. However, the two 

working modes may differ in air requirement and exhaust temperature, which might add another layer 

of complexity in turbo-matching. To this end, the ultimate goal of this paper is to perform a 

comprehensive study on turbocharging strategies and provide a solution to enable optimal engine 

performance in both working modes. 

In this paper, simulations are performed using ACTUS (Advanced Computation of TUrbocharging 

Systems), the Accelleron in-house software for large-bore engine simulation, in which advanced and 

predictive thermodynamic combustion models for both premixed and diffusive combustion developed 

by Politecnico di Milano have been included recently. Details of the combustion models will be first 

given, and then the model validation will be performed. In particular, a premixed combustion model 

based on the flamelet assumption will be used to simulate the natural gas engine considering the 

equivalence air-fuel ratio (𝜙), spark timing and load sweeps; a constant equivalence ratio multi-zone 

approach for diffusion flames will be validated along the nominal operating curve in a Diesel engine. 

Different turbocharging strategies will be investigated and compared to optimize the air supply system, 

which could enable fuel flexibility in ammonia–Diesel engines.   
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1. Introduction 

The International Maritime Organization (IMO) has proposed a reduction of at least 70% in greenhouse 

gas (GHG) emissions from international shipping by 2040, with the ultimate goal of achieving net-zero 

shipping by around 2050 [1]. As a result, replacing conventional marine fuels with near-zero or net-

zero GHG alternative fuels is inevitable and is being actively researched and developed. There have 

been many studies comparing the application of various alternative fuels in the marine sector: Stolz et 

al. [2] compared various alternative fuels such as hydrogen, ammonia, methane, and methanol and 

concluded that ammonia is the most balanced carbon-free fuel, while methanol is the most balanced 

carbonaceous fuel. Kanchiralla et al. [3] compared the lifecycle costs of using hydrogen, ammonia, and 

methanol as alternative fuels in three ships. They found that the use of ammonia and methanol fuel has 

the lowest lifecycle cost for all studied cases.  In [4], Zhou et al. further highlighted ammonia as an ideal 

alternative fuel for future international shipping due to its low storage and transportation costs, as well 

as its well-established infrastructures. One of the possible approaches to burn ammonia in IC engine 

applications is the use of the Otto cycle, either through the spark ignition or a dual-fuel approach 

involving a small amount of highly reactive fuel, such as diesel [5]. Recognizing the variability of 

operational conditions and regulatory landscapes across different maritime regions, an ammonia-Diesel 

dual fuel engine is preferred, where depending on prices or local regulations, the operators can decide 

to use ammonia in the gas mode or switch to conventional Diesel mode, similar to [6]. This is of great 

interest for maritime decarbonization, cost reduction, and enhancing reliability, in particular, Diesel 

fuel also provides a backup operation in case of gas feed interruption or component failure. However, 

the two working modes may differ in air requirement and exhaust temperature, which might add 

another layer of complexity in turbo-matching. A comprehensive assessment of the turbocharging 

system will be essential to determine the optimal strategy for enabling fuel flexibility in such an 

ammonia-Diesel dual-fuel engine. 

To assess different turbocharging strategies without incurring significant costs, advanced 1D-0D 

computational tools are crucial, where an accurate description of the combustion process is essential 

for a precise and detailed turbocharging study, especially for ammonia engines with limited 

experimental data. Over the years, various combustion models have been developed in different 

computational codes to simulate combustion in IC engines, ranging from fast and simple empirical 

relations such as the Wiebe or semi-empirical models [7], to more complex and capable 

thermodynamic models [8], [9]. Accelleron has a long tradition of developing simulation tools for 

turbocharged large engine system [10], and in 2012, it introduced its new simulation software, ACTUS 

(Advanced Computation of TUrbocharging Systems). Since then, a continuous development and 

improvement of the modeling capability of ACTUS has been carried out, and recently the advanced 

and predictive thermodynamic combustion models for both premixed and diffusive combustion 

developed by Politecnico di Milano have been included for investigating new turbocharging concepts 

and their impact on engine performance.  

Details of the combustion models will be first given in this paper, followed by a comprehensive model 

validation in different engines. In particular, a premixed combustion model based on the flamelet 

assumption will be used to simulate the natural gas engine considering the equivalence air-fuel ratio 

(𝜙), spark timing, and load sweeps; a constant Equivalence Ratio Multi-Zone Approach for diffusion 

flames will be validated along the nominal operating curve in a Diesel engine. Different turbocharging 

concepts will be investigated and compared to optimize the air supply system for Diesel mode and 
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ammonia gas mode to enable optimal performance in both operation modes. It is important to highlight 

that in ammonia gas mode, diesel-pilot ignition will be replaced with spark ignition to simplify 

combustion modeling. This assumption should be adequate for such preliminary assessment on 

turbocharging systems, especially at high loads, where the diesel energy ratio is generally kept as low 

as possible [4], [11].  

2. Combustion models 

2.1. Multi-Zone Approach for Diffusion Flames 

The model is based on the solution of the mixing process of the injected fuel into the trapped mass 

inside the cylinder by applying the momentum jet theory developed by Musculus and Kattke [12]. The 

computed mixing distributions are casted into a pre-defined number of zones characterized by constant 

equivalence ratios in which the combustion process takes place. As a result, the model is able to predict 

the ignition of the charge in Diesel engines which depends on both physical aspects, such as fuel 

evaporation and charge distribution, and chemical kinetics. Real engine conditions and geometry sub-

models are included: the geometrical details of the combustion chamber, the characteristics of the 

injection system, and the charge thermodynamic conditions such as in-cylinder pressure, temperature, 

and presence of EGR are considered.  

The model can be split into two sub-models, a one-dimensional charge stratification one used to 

describe the direct injection of liquid fuel from which the mass and energy exchanges between the 

homogeneous iso-𝜙 zones are computed through a 2D resolution of the reacting fuel spray. This 

information is later used in a zero-dimensional combustion model that computes the multi-zone 

properties, including combustion and emission formation processes [13]. 

Charge stratification model and coupled chemical-physical ignition 

In the extension of the momentum jet theory developed by Musculus and Kattke [12], a conical 

numerical spray domain is divided into small control volumes (as shown in Figure 1) with a fixed axial 

width ∆𝑧, whose value can be arbitrarily chosen and is set to 0.001 m in this study. Initially, these CVs 

are filled by air.  

 

Figure 1: 1D discretization of the fuel spray in axial control volumes. Details of the spreading angle 𝜃, iso-𝜙 contours and radial 

distribution are illustrated.  

The cone spray angle of the one-dimensional domain is computed with the formulation proposed by 

Naber et al in [14]:  

𝜃 = 2 ∙ 𝑎𝑟𝑐𝑡𝑎𝑛 [𝐶𝜃 ((
𝜌𝑎

𝜌𝑓
)

0.19

− 0.0043 (
𝜌𝑓

𝜌𝑎
)

0.5

)] (1) 
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Where 𝜌𝑎  and 𝜌𝑓  are the ambient air and liquid fuel density, 𝐶𝜃  is a tuning parameter specific to 

geometry of the injector. These quantities are determined at the Start Of Injection (SOI) and kept 

constant during the simulation. Following an Eulerian approach, the variation of the mass of fuel and 

total jet momentum at each time step for a given CV are computed with: 

𝑑𝑚𝑓

𝑑𝑡
= �̇�𝑓,𝑖𝑛 − �̇�𝑓,𝑜𝑢𝑡 (2) 

𝑑𝑀

𝑑𝑡
= �̇�𝑖𝑛 − �̇�𝑜𝑢𝑡 (3) 

Where 𝑚𝑓 and 𝑀 are the mean axial turbulent fuel mass and jet momentum, respectively. Over-dots 

quantities indicate integral flux quantities, with subscripts denoting whether the contribution is entering 

or exiting the CV. From these equations, it is possible to obtain the fuel distribution in the iso-

equivalence ratios zone by imposing a radial distribution of fuel in each CV. Further information on the 

application of this post-process of the 1D spray model can be found in [9], [15]. The interaction of the 

spray with the wall (piston or liner) is also accounted for as it greatly affects the combustion process. 

In particular, after the so-called POI (Point Of Impact), the cone spray angle is reduced and the radial 

distribution is changed to account for the “packing” of the leanest particles with the ones deviating 

from the core to the edge of the spray by the impact with the piston walls. This results in a lower air 

entrainment and the subsequent reduction of the heat released by combustion, which is typical of 

diffusive combustion processes. In addition, the spray model includes specific sub-models to simulate 

the coupled chemical-physical ignition mechanism. Indeed, the physical aspect is considered by 

classifying the CVs that form the 1D spray into three sub-regions, namely “liquid”, “unburned vapor” 

and “burned vapor. The “liquid” sub-region is defined via a thermodynamic evaporation sub-model 

based on the hypothesis of mixing-controlled evaporation [16], [17]. With this model, it is possible to 

identify the Liquid Length (LL), as the one-dimensional threshold between the “liquid” and “vapor” 

region of the spray. Downstream the LL, the fuel is assumed to be in the “vapor” state and ready to 

react. To compute the actual ignition, which is delayed by chemical kinetics, the Tabulated Kinetics 

Ignition (TKI) approach is developed, providing a detailed and fast description of the complex reaction 

mechanisms [18], [19]. This approach is based on the computation of a normalized progress variable 𝑐 

along the axial control volumes. Ignition occurs when 𝑐𝑖 ≥ 𝑐𝑖,𝑖𝑔𝑛 in one of the CVs. After this, the 

status of that CV will be updated from “unburnt vapor” to “burned vapor” and combustion has started. 

It is also possible to identify the Flame Lift-off Length (FLOL) as the closest CV to the injector in a 

“burnt vapor” state. A conceptual description of the 1D spray and division in the three different sub-

regions is shown in Figure 2.  

 

Figure 2: Scheme of the “liquid”, “unburned vapor” and “burned vapor” state sub-regions in the 1D spray domain. 
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Computational scheme of the model 

The computational scheme implemented for this model is subdivided into the following steps: 

1. The conditions at IVC, including pressure, temperature, and compositions, are used as initial 

conditions for combustion simulation.  

2. Before the SOI, a single zone containing only the fresh charge is considered. The in-cylinder 

pressure and temperature are computed at each iteration, taking into account only the heat 

exchange with the walls and the compression of the charge due to piston motion.  

3. Once the injection starts, the 1D CV approach is used to determine the spatial distribution of 

the iso-𝜙 zones. The newly created thermodynamic zones are populated, and for each zone, 

the mass, temperature, composition, and other thermodynamic quantities are calculated. A 

homogeneous pressure is assumed for the entire cylinder and all zones. 

4. The evolution of the spray is performed for each CV.  Each CV will contain either the liquid 

fuel or the “vapor” mixture in the “unburned” or “burned” state. For the CVs in the “vapor” 

state, the progress variable 𝑐𝑖 is calculated to determine where the ignition occurs first and to 

identify the “burnt” and “unburnt” CVs.  

5. If combustion has started, the thermodynamic properties are recomputed.  It is necessary to 

consider that for each “vapor” CV two states (“burnt” and “unburnt”) can coexist, so the 

energy balance must be written for each zone. The derivatives of the “burnt” zones need to 

include the heat released by the combustion of the fresh charge. Moreover, the NO emissions 

are calculated with a Zeldovich-extended thermal mechanism [20], [21] as described in [9]. 

6. Steps 2 to 5 are repeated until the Exhaust Valve Opening (EVO) is reached.  

2.2. Premixed combustion model based on flamelet assumption 

The objective of predictive combustion models within the 0D approaches is to sufficiently describe the 

influence of the main physical and chemical parameters that determine the overall burning rate, despite 

the simplifications introduced by the inability to resolve the flow field locally:  

• at the spark timing, a high-temperature kernel of the order of 1 mm in diameter between the 

electrodes of the sparkplug is formed. The growth of its initial flame kernel is quasi-laminar 

and highly stretched with a gradual transition to a turbulent flame as the local flow increasingly 

distorts the flame front; 

• when the flame is fully developed, turbulence wrinkles considerably the flame front, and the 

flame propagates throughout the combustion chamber, where the greatest part of the energy 

content is released. Microscopically examining the globally wrinkled and turbulent flame reveals 

that its structure remains laminar and its thickness consistently thin, characteristic of a 

corrugated flame or wrinkled flamelets combustion regime.  Hence every element of the flame 

propagates toward the fresh gases with the laminar flame speed, so that the burning rate would 

depend on such a flame velocity to the contour that is referred as the turbulent flame surface 

(𝐴𝑇). Applying the Damköhler hypothesis we can correlate the ratio of the turbulence (𝑠𝑇) to 

laminar flame speed (𝑠𝐿) to the ratio of the turbulent to the mean flame surface, a contour of 

a fictitious mean flame surface (𝐴𝐿) assumed to be spherical:  
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𝑠𝑇

𝑠𝐿
=

𝐴𝑇

𝐴𝐿
 (4) 

• turbulent flame propagation continues until flame-wall interaction becomes significant, initiating 

extinction mechanisms until the flame is extinguished. During this phase, flame front wrinkling 

diminishes due to the impact of the flow boundary layer, increased heat losses to the cold wall, 

and the flame's confinement by the wall. 

The proposed 0D model aims to describe all these phases of the combustion process from the kernel 

formation to the flame extinguishment, using several sub-models to account for laminar flame speed, 

flame surface, aerodynamic turbulence, turbulent flame propagation, flame-wall interaction. All length 

scales of aerodynamic turbulence are assumed to be larger than the flame front thickness (flamelet 

regime), so a global turbulent flame speed or a wrinkling factor is calculated, based on a revised version 

of the Eddy Burn Up model, which assumes the combustion mechanism in the SI engine depends on 

the entrainment of turbulent eddies in the flame front.  

Modified Eddy Burn Up model 

Combustion is modelled in two steps: first, the fresh gases are entrained in the flame front at a speed 

corresponding to the turbulent flame speed (𝑠𝑇). Then, the entrained mass burns over characteristic 

time: 

𝑑𝑚𝑒𝑛𝑡

𝑑𝑡
= 𝜌𝑢𝐴𝐿𝑠𝑇 (5) 

𝑑𝑚𝑏

𝑑𝑡
=

𝑚𝑒𝑛𝑡 − 𝑚𝑏

𝜏𝑏
 

(6) 

where 𝜏𝑏 is a characteristic time that physically corresponds to the time required for the turbulence 

eddies to be entrained into the flame front. To account for the effects of variations in the burning rate 

with the existing turbulence intensity as a function of the engine load and speed, a modified definition 

of the characteristic time 𝜏𝑏  has been adopted: 

𝜏𝑏 =
0.15

𝐶𝑐𝑒𝑛𝑡𝑟

𝐿𝑖

𝑢′
 (7) 

Where 𝑢′ is the turbulent intensity and 𝐿𝑖 is the integral length scale. The fully turbulent flame speed 

𝑆𝑇 can be determined using Gulder’s correlation [22]: 

𝑆𝑇 = 𝐶𝑠𝑡𝑆𝐿 (1 + 0.62𝑓√
𝑢′

𝑆𝐿
𝑅𝑒𝜂) (8) 

where 𝐶𝑠𝑡 is a tuning constant and its default value is 1.0. 𝑓 is a transition function from laminar (0) to 

turbulence (1) condition and 𝑅𝑒𝜂 is the Kolmogorov Reynolds number and 𝜏𝜂 is the Kolmogorov time 

scale. These equations necessitate solving for the turbulent flow field, which will be described in the 

following section. 

Additionally, it is necessary to account for both the initial phase of combustion, involving the transition 

from the laminar to the fully turbulent speed, and the final phase of combustion, involving the flame-

wall interaction. The initial phase is described by the introduction of a transition parameter 𝑓 (0 ≤

𝑓 ≤ 1), which is computed using the Herweg and Maly approach [23]: 
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𝑓 = [1 − 𝑒𝑥𝑝 (−
𝑟𝐾 − 𝑆𝑡𝑎𝑦

𝐶𝑑𝑒𝑙𝑎𝑦𝐿𝑖
)]

0.5

[1 − 𝑒𝑥𝑝 (−
𝑢′ + 𝑆𝐿

𝐿𝑖
𝑡𝑖𝑔𝑛)]

0.5

 (9) 

where 𝑡𝑖𝑔𝑛 is the time elapsed from sparking timing, 𝑟𝐾 is the flame kernel radius, and 𝑆𝑡𝑎𝑦 is the 

Taylor micro-scale. 𝐶𝑑𝑒𝑙𝑎𝑦 is a tuning constant with a default value of 1. 

The end of combustion, involving flame-wall interaction, is not described by a physical model since the 

mechanism depends on the local structure of the flame and flow fields. Hence a phenomenological 

approach is used by imposing a correction factor 𝐶𝑤 (ranging from 0 for an undisturbed flame to 1 for 

a quenching flame), which is computed according to a S-shape formula:  

𝐶𝑤 = 1 − 𝑒𝑥𝑝 (−2.908
𝑋𝑏 − 𝑋𝑏50

1 − 𝑋𝑏50
)

2.5

 (10) 

where 𝑋𝑏 is the burnt mass fraction and 𝑋𝑏50 is the burnt mass fraction when the flame surface wetted 

by the cylinder walls equals to 50% of the total flame front.  

For all the fuels considered by the model, the Metghalchi & Keck formula [3] [4] is adopted to 

determine the laminar flame speed, with specific coefficients that are fuel-dependent. This correlation 

uses the following form to express the influence of equivalence ratio, pressure, temperature, and 

residual gas content: 

𝑆𝐿(∅, 𝑝, 𝑇, 𝑋𝑟𝑒𝑠) = 𝑆𝐿0 (
𝑇

𝑇0
)

𝛼

(
𝑝

𝑝0
)

𝛽

(1 − 2.1𝑋𝑟𝑒𝑠) (11) 

Where the coefficients 𝛼 and 𝛽 depend on the fuel and the equivalence ratio. In the case of NH3/H2 

blends, the correlation from Pessina et al. [26] is used.  

In-cylinder turbulence 

Turbulence inside the cylinder is primarily formed during the intake phase when the incoming air 

generates flow structures with large-scale turbulent motions which then expand and transform their 

kinetic energy into internal energy of the surroundings. As previously described, the determination of 

the burning mass rate requires the knowledge of the main turbulence parameters, specifically the 

turbulent intensity 𝑢′ and the integral length 𝐿𝑖. In the literature, numerous approaches have been 

proposed, generally involving the application of Reynolds-averaged Navier-Stokes equations in quasi-

dimensional simulation to model turbulence production and dissipation. Among those, here the so-

called 𝐾 − 𝑘 − 𝜀 model proposed by Fogla et al. [27] has been adopted, which  accounts for the balance 

equation for the mean kinetic energy 𝐾 =
1

2
𝑈2 (𝑈 is the mean velocity inside the cylinder), for the 

turbulent kinetic energy 𝑘 =
3

2
𝑢′2

 and for the turbulent dissipation rate 𝜀: 

𝑑(𝑚𝐾)

𝑑𝑡
= 𝐶𝑖𝑛(1 − 𝛼𝑖𝑛)𝐸𝑖𝑛 + 𝐾�̇�𝑜𝑢𝑡 − 𝑃𝑘 (12) 

𝑑(𝑚𝑘)

𝑑𝑡
= 𝐶𝑖𝑛𝛼𝑖𝑛𝐸𝑖𝑛 + 𝑘�̇�𝑜𝑢𝑡 + 𝑃𝑘 + 𝐶𝑡𝑢𝑚𝑏𝑇 − 𝑚𝜖 (13) 

𝑑(𝑚𝜀)

𝑑𝑡
= 𝐶𝑖𝑛𝐸𝑖𝑛

√𝑘

𝐿𝑔
+ 𝜀�̇�𝑜𝑢𝑡 + 𝑃𝜀 + 𝐶𝑡𝑢𝑚𝑏𝑇

√𝑘

𝐿𝑔
− 1.92

𝑚𝜀2

𝑘
 (14) 
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where 𝐸𝑖𝑛 = (1 − 𝐶𝑇)
1

2
�̇�𝑖𝑛𝑣𝑖𝑛

2 , �̇�𝑖𝑛 and 𝑣𝑖𝑛 are the mass flow rate and isentropic velocity of the flow 

entering the cylinder respectively. 𝐶𝑇 is the tumble coefficient associated with the valves. 𝐶𝑖𝑛 is the 

model parameter which is used to account for the actual flow velocities through the valves, 𝛼𝑖𝑛 is 

indicative of the fraction of inflow energy that directly enters the cylinder as turbulence and is not 

generated by the cascade process,  �̇�𝑜𝑢𝑡 is the mass flow rate of the flow exiting the cylinder,  𝑇 is the 

production of turbulence due to the decay of the tumble macro-vortex during the compression stroke 

and 𝐶𝑡𝑢𝑚𝑏  is a tuning constant that controls the intensity of this process. 𝑃𝑘  and 𝑃𝜀  model the 

production of turbulent kinetic energy and dissipation rate from the large-scale mean flows via the 

energy cascade process, and 𝐿𝑔 is the angular momentum. A detailed description of each term and the 

validation of the model can be found in [27]. Solutions of 𝑘 and 𝜀 allow to determine the turbulence 

intensity 𝑢’ and the integral length 𝐿𝑖 which are required to determine the burning rate applying the 

previously described combustion model. 

Finally, pollutant emissions are determined based on equilibrium assumptions of the main species 

(whose list will depend on the chosen fuel) and a kinetically controlled formation of the 𝑁𝑂𝑥 according 

to the well-known thermal mechanism.  

3. Experimental validation  

3.1. Diesel Cycle  

The validation of the diffusion combustion model was first performed in a 6-cylinder medium-speed 

Diesel engine with a bore size of 0.2 m for marine applications, which is of interest as a conventional 

propulsion system to be eventually considered as a reference baseline case. The available experimental 

data refer to a load sweep along the nominal engine speed of 1000 rpm. While detailed information 

regarding the fuel injection rate profile was not available, a profile was taken from [28], scaled based 

on injection pressure by keeping the same ramp-up and ramp-down slopes.  

Figure 3 shows the comparison between measured and computed normalized in-cylinder pressure and 

apparent heat release rate (AHRR). For all conditions, the model shows a rather good accuracy in 

describing the evolution of the combustion process, including the initial ramp of the AHRR, its quasi-

steady-state value at full load, the time of its earlier decrease at lower loads, and the burnout phase. 

Some differences can be observed in the initial stage of combustion where experimentally a peak of 

heat release rate associated with premixed combustion occurs. The lack of such detail in the model is 

due to the use of a simplified approach for prediction ignition instead of using the Tabulated Kinetics 

Ignition (TKI) approach. In this work, ignition was computed for each iso-𝜙 zone using the following 

equation: 

𝜏𝐼𝐷,𝑦 = 𝐶𝐼𝐷 𝑝𝑐𝑦𝑙
−1.02𝜙𝑦

−0.2 exp (−
𝐸𝐴

𝑅𝑇𝑐𝑦𝑙
) (15) 

where 𝐶𝐼𝐷 is a frequency parameter, 𝐸𝐴 is the energy of activation and 𝑅 is the gas constant. Here: 

𝐶𝐼𝐷 = 3.45 𝑚𝑠−1  and 𝐸𝐴/𝑅 = 2100 𝐾.  

During the ignition delay time, 𝑝𝑐𝑦𝑙 and 𝑇𝑐𝑦𝑙 may vary due to the compression resulting from piston 

motion. To account for these changing conditions, the ignition delay is obtained numerically by 

integrating the reciprocal of the equation (15) until the following relation is satisfied: 
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∫
1

𝜏𝐼𝐷,𝑦
𝑑𝑡  = 1 (16) 

Equation (16) has been developed under the assumption of multi-zone/two-zone combustion, a 

thermodynamic model often used to simulate Diesel combustion. Under these conditions, the 

equivalence ratio term 𝜙𝑦
−0.2 corresponds to the global air-fuel injected ratio, but in this model, it 

represents the local value, and its applicability is a bit more limited. The use of a TKI overcomes these 

limits and allows us to consider the effect of the fuel sensitivity on the ignition process, but its 

application was considered beyond the scope of this work and the reader is referred to other papers 

for these model capacities [13].  

   

   

 

Figure 3: Comparison between experimental and computational pressure and AHRR. Results are normalized using the maximum 

pressure and AHRR in experiments.  

Figure 4 compares the measured and computed pressure at the intake receiver on the left y-axis, while 

the corresponding values of the temperature at the turbine inlet are shown on the right y-axis. These 
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temperature values depend on the accuracy of the combustion model, and their agreement falls within 

an acceptable range, allowing for reliable turbocharging studies. The pressure at the intake receiver is 

well captured, demonstrating the accuracy of ACTUS in turbocharging simulation.    

 

Figure 4: Comparison between measured and simulated pressure at intake receiver and temperature at turbine inlet. 

 

Figure 5: Comparison between measured and simulated NOx emission. Results are normalized with respect to the maximum 

measured value. 

Figure 5 compares the measured and simulated engine-out NOx emissions, normalized to the maximum 

measured value. It demonstrates that the mode can well capture both the trend and the absolute value 

of NOx emission.  

3.2. Otto Cycle  

The model's capabilities in describing the combustion process in spark-ignition (SI) engines were initially 

verified by studying a natural gas spark-ignited engine with a bore size of 0.145 m. The nominal engine 

speed was set at 1500 rpm, and three loads with three different spark timings (-15, -10, -5 CA aTDC) 

for each load and corresponding air-fuel ratio values were considered (see Table 1). 
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Table 1. Operating conditions 

Load1 
Spark 

Advance  

𝝀 
Load2 

Spark 

Advance 

𝝀 
Load3 

Spark 

Advance 

𝝀 

A1 -15 CA aTDC 1.404 B1 -15 CA aTDC 1.493 C1 -15 CA aTDC 1.518 

A2 -10 CA aTDC 1.36 B2 -10 CA aTDC 1.418 C2 -10 CA aTDC 1.612 

A3 -5 CA aTDC 1.305 B3 -5 CA aTDC 1.349 C3 -5 CA aTDC 1.373 

Figure 6 compares the normalized measured and computed in-cylinder pressure curves and the 

corresponding AHRR for all three loads. For Load 1, the results show a very good agreement between 

measured and computed data: the model accurately predicts the compression curve, the start of 

combustion, the transition from laminar to turbulent combustion, the timing and value of the maximum 

heat release rate, and the completion of the process. The model captures the observed trend of 

reduced spark advance: a shift in the AHRR curves and a slight increase in their peak. Some differences 

between measured and computed AHRR can be observed in the last part of the combustion where 

the simulations show some overestimations. It is believed that in this phase of combustion, when the 

flame front approaches the walls, the approximations due to the sphericity of its surface become 

significant and the details of the occurring process cannot be completely captured due to the inherent 

simplifications in the approach. 

Figure 6: Comparison between measured and simulated pressure and AHRR at different loads and spark timing. Results 

are normalized with the maximum pressure and AHRR at different loads. 
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Figure 7: Comparison between measured and simulated NOx emission at different operating conditions. Results are 

normalized with the maximum measured value. 

Similar observations can be made for Load 2, confirming the model’s capabilities in this condition. At 

the highest load (Load 3), a good agreement in terms of the AHRR is observed for the operating points 

with -15 and -5 CA spark advances, with only minor differences in the computed maximum value of 

AHRR. However, the computed pressure curve for a spark advance of -10 CA aTDC does not align 

well with the measured data. Despite this, a closer examination of the AHRR profiles reveals that the 

model accurately captures the trend changes with varying spark advances. Specifically, the timing of the 

peak AHRR is delayed in the red curves (SA = -10 CA aTDC) compared to the black curve (SA = -5 

CA aTDC), which is correctly represented by the model. 

Figure 7 compares the measured and simulated NOx emissions across all operating conditions. The 

results, normalized to the maximum measured value, show good quantitative and qualitative agreement. 

The model accurately predicts the observed variations at each load, attributed to combinations of 

spark advance and air-to-fuel ratio, as well as the changes from one load to another. 

4. Turbocharging strategies  

Following comprehensive validation in the previous section, these two predictive combustion models 

were employed in turbocharging studies to develop a concept that facilitates both Diesel and ammonia 

gas mode operation in a marine 4-stroke engine. To reduce computational costs, the heat release rate 

from the complete combustion simulation was fitted to a Wiebe function and subsequently utilized in 

the investigation of turbocharging concepts. Simulations were conducted along the propeller curve for 

a 6-cylinder engine configuration with a bore size of 0.2 m. As reported in [29], the ammonia gas engine 

operates within a 𝜆 range of 1.1 to 1.4, depending on the H2 blend ratio, with 2% and 6% H2 volume 

fractions considered. For this study, a 𝜆 of 1.25 with an H2 volume fraction of 2.7% (representing 2% 

of the energy ratio) was selected to assess air requirements and exhaust gas, thereby determining the 

turbocharging requirements. The turbocharging studies will be conducted in two steps: 

1. Understanding the turbocharging characteristics of ammonia gas engines, highlighting their 

differences from conventional gas engines, and providing guidance on identifying a suitable 

turbocharging system for ammonia-Diesel dual-fuel engines; 

2. Assessing different turbocharging concepts for the ammonia gas mode and ensuring its 

compatibility with the Diesel operation mode. 
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4.1. Ammonia gas mode turbocharging characteristics  

 

Figure 8: Turbocharging efficiency for gas engine operates at  𝜆 = 1.25 and 2. 

As illustrated in Figure 8, operating under a low 𝜆 requires a lower turbocharging efficiency, which is 

defined by the energy ratio between the charge entering the cylinder and the exhaust gas exiting the 

cylinder. This is due to the high exhaust gas temperature and low inlet mass flow rate under such 

conditions. Compared to a commercial gas engine operating at 𝜆 ~ 2, reducing the 𝜆 to 1.25 could 

result in an 18% decrease in the turbocharging efficiency requirement. Consequently, a certain amount 

of energy must be dissipated in the turbocharging process for ammonia gas operation. Common 

methods to achieve this include using a wastegate and compressed air blow-off (or compressor 

recirculation), which will be studied and compared in the next section. 

The operation lines for two fuel admission concepts—port fuel injection (PFI) and fuel admission 

upstream of the compressor—are illustrated in Figure 9. It is evident that under the same operating 

conditions, the PFI concept results in a much lower volume flow rate due to the absence of fuel in the 

compressed gas, which accounts for approximately 11.35% of the total mass. The fuel mass fraction is 

proportional to: 
1

𝜆∗(𝑠𝑡𝑜𝑖𝑐ℎ𝑖𝑜𝑚𝑒𝑡𝑟𝑖𝑐 𝐴𝐹𝑅/𝐿𝐻𝑉)
, where stoichiometric AFR represents the stoichiometric 

air-fuel ratio and LHV is the low heating value. Such high fuel mass fraction in the ammonia gas engine 

can therefore be attributed to two factors: the low 𝜆 operation and the low stoichiometric AFR/LHV 

of ammonia. Specifically, ammonia has a stoichiometric AFR/LHV of 0.325, which is around 5% lower 

than that of methane (stoichiometric AFR/LHV ≈ 0.344). This suggests that the fuel admission approach 

could have a nonnegligible impact on turbo-matching, and detailed studies should be performed for 

each concept. In this study, the authors will focus only on the PFI concept.  
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Figure 9: Operation lines for port fuel injection and fuel admission upstream of the compressor concepts. 

  

(a) Turbine inlet temperature (b) Wastegate mass flow rate ratio 

Figure 10: Effects of turbine effective area in the PFI ammonia engine. 

Figure 10 illustrates the impact of increasing the turbine effective area (𝑆𝑒𝑓𝑓). As shown, a larger turbine 

can reduce the engine back pressure and improve the gas exchange phase. This results in less hot 

exhaust gas being trapped in the cylinder and a lower temperature at IVC, and consequently, a 

reduction of the turbine inlet temperature and the opening of the wastegate. However, even with the 

maximum feasible 𝑆𝑒𝑓𝑓, where the wastegate is switched off at 25% load (as further increases in 𝑆𝑒𝑓𝑓 

would fail to meet the low-load air requirement), the turbine inlet temperature still exceeds the 

component's operational limit. Most operating conditions fall within an unfavorable temperature range, 

where constant operation could shorten the maintenance interval. A potential solution to lower the 

turbine inlet temperature is to activate the engine bypass and cool the exhaust gas with air from the 

compressor outlet. To summarize, operating in ammonia gas mode may require: 

• Compressed air blow-off or a wastegate to dissipate excess energy during the turbocharging 

process. 

• An engine bypass to lower the turbine inlet temperature, bringing it below the component 

operation limit and avoiding the unfavorable temperature range. 
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These considerations will be studied and compared in the next section, where compatibility between 

Diesel and gas modes, in other words, using the same turbocharger specifications for both Diesel and 

gas modes, will also be taken into account.  

4.2. From Diesel mode to ammonia gas mode 

The turbocharger specifications were first selected for Diesel mode, where maintaining a high 𝜆 

(indicative of turbocharging efficiency) is crucial to minimize soot formation. This approach leaves 

limited flexibility for tuning or matching the turbocharging system. In this paper, the turbine effective 

area was chosen to ensure the 𝜆 remains above the smoke limit at low load (𝜆 = 1.65 at 25% load was 

obtained). These specifications were then applied to investigate different turbocharging concepts for 

ammonia gas mode. Specifically, the study assessed the wastegate with engine bypass and compressed 

air blow-off with engine bypass approaches, as depicted in Figure 11. 

 
 

(a) Wastegate & engine bypass concept (b) Compressed air blow-off & engine bypass concept 

Figure 11: Schematic diagram of different turbocharging concepts. 

Concept 1: Wastegate & Engine bypass  

Figures 12(a) and (b) respectively depict the operation lines and turbine inlet temperatures for Diesel 

mode and ammonia gas mode using wastegate and engine bypass turbocharging concepts, as well as 

the wastegate-only approach. An increase in engine bypass ratio or a wider engine bypass valve opening 

can result in a higher compressor volume flow rate and a lower turbine inlet temperature. Detailed 

operating parameters are illustrated in Figure 13: approximately 27% of the exhaust gas/energy must 

be dissipated through the wastegate at 100% load, with the wastegate opening reducing as the load 

decreases. However, the wastegate needs to remain open even at low load to maintain a low 𝜆 . As 

the engine bypass increases, a higher wastegate ratio becomes necessary at low loads for two reasons: 

the increased engine bypass elevates the energy flow in the exhaust, and the turbocharger efficiency 

improves (Figure 13(a)) due to the higher expansion ratio of the turbine, which shifts the operation 

point to a more efficient zone. An opposite trend is observed at high load (100% load), where the 

reduction in engine efficiency becomes more significant. This will be further discussed in Figure 14.  
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(a) Operation line (b) Turbine inlet temperature 

Figure 12: Comparison between Diesel mode operation, and ammonia gas mode with and without engine bypass 

turbocharging systems. 

  
(a) Turbocharger efficiency & mass flow rate ratio (b) Pressure difference over engine & engine bypass ratio 

Figure 13: Comparison between two turbocharging systems for ammonia gas mode operation: wastegate only vs engine 

bypass & wastegate. 

As also shown in Figure 12(a), the operation line shifts to a more efficient zone in the compressor map. 

However, further increases in engine bypass may cause the operation line to approach the choke 

region, significantly reducing compressor efficiency, which limits the potential reduction in turbine inlet 

temperature. However, such an increase in engine bypass is not feasible with passive engine bypass 

control, as the engine bypass remains fully open at all loads, and the pressure difference across the 

engine (from intake to exhaust) becomes too low (around 20 mbar) to drive additional flow from 

intake to exhaust (Figure 13(b)).  Such a small pressure difference can lead to a high gas exchange loss 

and consequently lower engine efficiency. As shown in Figure 14, there is approximately a 0.67%-pts 

loss in engine efficiency at 100% load where the pressure difference drops the most (Figure 13(b)) 

when changing the engine bypass opening from 0 to 100%. It is important to note that these two 

methods (in Figure 12(a)) represent the extreme cases, with any additional measures (e.g. pump). An 

intermediate option can be chosen with the appropriate wastegate ratio and bypass ratio.  
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Figure 14: Comparison of engine efficiency in ammonia gas mode: wastegate only vs. engine bypass and wastegate 

turbocharging systems. 

Concept 2: Compressed air blow-off & Engine bypass  

Figure 15(a) and (b) present the operation lines and turbine inlet temperatures for Diesel mode and 

ammonia gas mode using the compressed air blow-off turbocharging approach. It is evident that, with 

compressed air blow-off alone, the turbine inlet temperature becomes too high for ammonia gas 

operation at most loads, necessitating the opening of the engine bypass valve. However, using 

compressed air blow-off results in a high volume flow rate in the compressor, and opening the engine 

bypass valve shifts the operation line further into the choke region. A potential solution could be the 

cut-in of an additional turbocharger in ammonia gas mode to facilitate the use of both compressed air 

blow-off and the engine bypass. The operation lines for such a turbocharger cut-in system are shown 

in Figure 16(a) for the main turbocharger and (b) for the additional cut-in turbocharger. The cut-in 

turbocharger is significantly smaller, with about 54% of the flow capacity of the main turbocharger. 

  

(a) Operation line  (b) Turbine inlet temperature 

Figure 15: Ammonia gas mode with compressed air blow-off turbocharging system 

In Figure 16(a), the operation line for the compressed air blow-off & engine bypass approach in 

ammonia gas mode is closer to that of the Diesel mode, indicating a more efficient compressor 

operation zone compared to the wastegate & engine bypass turbocharging system. Figure 17 illustrates 

that the turbine inlet temperatures for both Diesel and ammonia gas modes, using two different 
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turbocharging strategies, reveal that the compressed air blow-off with engine bypass achieves a lower 

turbine inlet temperature due to the higher engine bypass ratio (Figure 18(a)). As seen in Figure 16(a), 

there is potential for further shifting of the operation line in the compressed air blow-off & engine 

bypass setup, suggesting that additional adjustments to the engine bypass ratio can still be made to 

control the turbine inlet temperature. 

  

(a) Main turbocharger (b) Cut-in turbocharger  

Figure 16: Operation lines for Diesel mode, and ammonia gas mode with two different turbocharging systems:  

compressed air blow-off only, and compressed air blow-off & engine bypass. 

 

Figure 17: Temperatures at turbine inlet for Diesel mode operation, and ammonia gas mode with two different 

turbocharging concepts: compressed air blow-off & engine bypass and wastegate & engine bypass. 

Figure 18(a) also shows that the compressed air blow-off method allows for a higher engine bypass 

ratio, defined by the mass flow rate through the engine bypass valve relative to the mass flow rate after 

the compressed air blow-off valve. This is because the turbocharger cut-in significantly reduces engine 

back pressure, thereby increasing the pressure difference across the engine. This results in a high mass 

flow rate through the bypass valve and a high bypass ratio without fully opening the bypass valve. At 

25% loads, the engine bypass valve needs to be fully open to increase energy flow at the turbine inlet 

and achieve the target 𝜆 . Reducing the turbine effective area of the cut-in turbocharger may be 

beneficial at low loads, which will be investigated in future studies. Figure 18(b) presents the wastegate 

and compressed air blow-off ratios for each turbocharging system, showing that approximately 23% of 
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the compressed air or 26% of the exhaust gas needs to be dissipated at 100% load to meet the low 𝜆 

requirement. Figure 19 compares the engine efficiency in ammonia gas mode using two different 

turbocharging systems. The compressed air blow-off approach demonstrates a slight improvement in 

engine efficiency due to reduced gas exchange loss resulting from higher pressure over the engine. In 

summary, compared to the wastegate approach, the turbocharger cut-in with compressed air blow-off 

has two primary functions: it provides additional control over turbine inlet temperature and converts 

the energy flow of exhaust gas passing through the wastegate into compressed air. 

  

(a) Engine bypass ratio & pressure difference over engine (b) wastegate / compressed air blow-off ratio 

Figure 18: Comparison between two turbocharging concepts for ammonia gas mode: compressed air blow-off & engine 

bypass vs wastegate & engine bypass. 

 

Figure 19: Comparison of engine efficiency in ammonia gas mode: compressed air blow-off & engine bypass vs 

wastegate & engine bypass turbocharging concepts. 

5. Conclusion and outlook 

This paper presents the latest development of our in-house software, which now includes advanced 

and predictive thermodynamic combustion models for both premixed and diffusive combustion, 

developed by Politecnico di Milano. A comprehensive validation was conducted to build confidence in 

their application for turbocharging assessments. The characteristics of ammonia gas engine 

turbocharging were evaluated, and various turbocharging concepts were studied and compared 
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considering the compatibility with Diesel mode operation. Key observations can be summarized as 

follows: 

• The premixed and diffusion combustion models can accurately predict the combustion 

processes in natural gas and Diesel engines, respectively, demonstrating their reliability for 

turbocharging studies. 

• Due to the low LHV of ammonia and the low 𝜆 operation, the fuel accounts for about 11.35% 

of the air-fuel mixture, indicating that the fuel admission concepts (fuel admission before or 

after the compressor) could have an impact on turbo-matching. 

• In the ammonia gas engine, over 20% of the energy from the exhaust gas needs to be dissipated 

during the turbocharging process. This is necessary even using the largest feasible turbine 

effective area, due to the high turbine inlet temperature and low air requirement from the low 

𝜆  operation and the turbine inlet temperature exceeds component limits .  Wastegate or 

compressed air blow-off can be used to dissipate the extra energy, and the engine bypass could 

reduce the temperature below the operation limit of the components. 

• The wastegate and engine bypass approach can enable compatibility between ammonia gas 

mode and Diesel mode operation, and such configuration can be found in existing gas-Diesel 

dual-fuel engines, making it a straightforward retrofitting solution. However, there is a trade-

off between the compressor operation line and the turbine inlet temperature: a higher turbine 

inlet temperature brings the operation line closer to the efficient zone / Diesel mode operation 

line in the compressor map. 

• The compressed air blow-off and engine bypass approach can also enable compatibility with 

Diesel mode operation and allow greater adjustment of turbine inlet temperature. However, 

this approach involves a turbocharger cut-in/-out process during operation, adding complexity 

to control, and how and where the extra compressed air can be utilized need to be explored.   

Some considerations for future investigation include: 

• Extending the combustion model for dual-fuel applications, incorporating the diesel pilot to 

achieve a more realistic turbocharging analysis for an ammonia-Diesel fuel-flexible dual-fuel 

engine. 

• Conducting transient investigations of different control methods to facilitate a smooth 

transition between the two operation modes. 

• Investigating the waste heat recovery in ammonia gas mode to enhance the overall energy 

efficiency of the ship: utilizing exhaust gas from the wastegate in the wastegate & engine bypass 

approach, and applying the extra compressed air in the compressed air blow-off & engine 

bypass approach.  
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Abstract 
Decarbonizing the maritime sector to meet the ambitious IMO targets requires the integration of 

various technologies. Among the alternative fuels, ammonia (NH3) is a promising candidate; however, 

its combustion generates NOx, NH3, and N2O, a potent greenhouse gas (GHG). The current study 

explores emissions control strategies for NH3-fueled marine engines, employing both conventional and 

advanced catalytic technologies in simulated NH3 engine exhaust to eliminate the unwanted N-species 

from the combustion process. Small-scale experiments are conducted on a synthetic gas bench (SGB) 

using three catalytic samples: two SCR technologies (vanadium-based (V-SCR) and iron-based (Fe-

SCR)), and a platinum-based NH3 oxidation catalytic (Pt-AOC). These experiments provide reaction 

kinetics information which are then integrated into physico-chemical models. The V-SCR reaction 

scheme employed commonly used reactions, whereas the Fe-SCR required specific modifications to 

its chemical reaction scheme. The models are then used to examine two scenarios concerning the 

relative engine-out concentrations of NOx, NH3 and N2O: (1) low NOx with high NH3 and N2O, and 

(2) high NOx with lower NH3 and N2O levels. Simulation results indicate that NOx could be optimized 

to meet the IMO limits with minimum NH3 slip in both cases. However, high levels of NH3 in the 

exhaust gas can result to significantly increased N2O production in the exhaust aftertreatment system. 

In the meantime, N2O decomposition using a cobalt-based catalyst is being examined, though the 

potential effects of NOx, NH3 and SO2 remain to be determined.  
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1. Introduction 

International maritime shipping plays a crucial role in the global economy and trade. Nevertheless, 

vessel emissions have a significant impact both on the environment and the human health. In particular, 

the maritime sector is responsible for almost 3% of the global Greenhouse Gas (GHG) emissions, 

which is expected to further increase until 2050 [1]. Apart from GHG, the maritime sector is also a 

source of air pollutants, such as Nitrogen Oxides (NOx), Sulfur Oxides (SOx) and Particulate Matter 

(PM) emissions [2]. In efforts to mitigate global warming and environmental impact of shipping, the 

International Maritime Organization (IMO) has implemented more stringent regulations on ships’ 

emissions, aiming to at least 70% reduction in GHG by 2040, and ultimately to net-zero GHG emissions 

around 2050 [3]. In parallel, NOx emissions must adhere to Tier III standards (3.4 g/kWh for vessels 

powered by low-speed two-stroke engines) within Emission Control Areas (ECAs), and Tier II 

standards (14.4 g/kWh for vessels powered by low-speed two-stroke engines) globally. Regarding SOx 

emissions, the IMO has implemented a global sulfur cap, setting a maximum limit of 0.50% fuel sulfur 

content that decreases to 0.10% within Sulfur Emission Control Areas (SECAs) [4].  

In pursuit of this goal, the introduction of alternative fuels such as liquified natural gas (LNG), methanol, 

ethanol, liquid petroleum gas (LPG), ammonia and hydrogen can significantly reduce emissions and 

minimize environmental and health risks. Among the alternative fuels, ammonia (NH3) is one of the 

most promising solutions for fueling marine engines as it is carbon-free, it is easily stored in liquid form, 

and can be produced utilizing renewable energy sources such as wind, solar, or hydroelectric power 

[5]. However, the poor combustion properties of NH3 (high autoignition temperature, low flame 

speed, low flammability) preclude a stable combustion with pure ammonia. Consequently, a pilot-fuel 

with higher cetane number (i.e., Diesel) is used to initiate the combustion of ammonia [6,7]. In addition 

to the poor combustion properties, it is known that ammonia combustion produces Nitrous Oxide 

(N2O), unburnt NH3 and NOx emissions [5]. The former is one of the strongest GHG, with Global 

Warming Potential (GWP) over 100-year period equal to almost 300 [8]. NOx and NH3 (from fuel 

combustion and the Exhaust Aftertreatment System (EATS) respectively), are commonly targeted 

emissions species. Conversely, N2O has always been treated as an unwanted product of the EATS 

rather as an engine emission to be targeted by a catalytic device. Therefore, the EATS of NH3 fueled 

engines needs to adapt in order to simultaneously control all unwanted N-species.  

The application of a Selective Catalytic Reduction (SCR) system (vanadium-based usually in marine 

applications) is commonly employed to reduce NOx emissions by utilizing NH3 or urea as the reducing 

agent [9]. In the case of ammonia combustion, NOx can undergo direct reaction with the unburnt NH3, 

or NH3 can be directly injected upstream of the SCR to ensure adequate reductant availability. 

Ammonia slip can be minimized with an ammonia slip catalyst (ASC), however oxidation of NH3 can 

promote NOx and N2O formation. Advanced SCR formulations are studied towards N2O abatement. 

Iron-based catalysts (Fe-SCR) can be advantageous due to their ability to simultaneously reduce NOx 

and N2O by NH3 [10,11]. It would be highly desirable to convert N2O via catalytic thermal 

decomposition without the need of a reducing agent. Cobalt-based catalysts have been reported to 

promote such thermal N2O decomposition [12-16], albeit only at rather high temperatures.  

Based on the above, it is evident that the catalytic technologies must be developed and adopted to 

simultaneously reduce the unwanted N-species of NH3 engine exhaust. However, NH3 engines, 

particularly large two-stroke ones, used in the maritime sector are not yet commercially available. 

Consequently, the exact exhaust gas conditions for designing an emission control system are not 
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precisely known. Even if the exhaust gas characteristics of NH3 engines were available from 

measurements, designing an emission control system through trial and error would be prohibitive due 

to the enormous testing costs on large two-stroke marine engines. Therefore, it is imperative to 

develop accurate and predictive models of the aftertreatment system that are applicable under a wide 

range of conditions to ensure the coverage of all possible scenarios. The development of such models 

is essentially the main target of the present work which is conducted within the EU-funded 

ENGIMMONIA project.  

Exhaust aftertreatment models rely on kinetic mechanisms and rate expressions that describe the 

intrinsic chemical properties of the active materials. In this study, experiments are performed to derive 

the respective kinetic information for three catalytic formulations of interest and introduce them in 

integrated physico-chemical models of the transient transport and the reaction processes in monolithic 

catalytic reactors. The models are then used to study possible scenarios concerning the relative engine-

out concentrations of NOx, NH3 and N2O. The base scenario assumes an NH3 to NOx ratio of less 

than 1 (ANR<1) with low N2O emissions, so additional NH3 is injected upstream of the SCR, while 

the alternative scenario assumes low NOx with high NH3 (ANR>1) and higher N2O emissions. The 

activity of the commonly used vanadium-based SCR (V-SCR) is compared to the Fe-SCR based 

technology. In the case of high NH3 concentration in the exhaust, a dual-layer ASC is integrated to the 

aftertreatment system to handle the NH3 slip. Particular emphasis is given to the formation/reduction 

of N2O and the equivalent CO2-emissions accounting for CO2 emissions from pilot fuel as well.  

2. Experimental and Modeling methods 

2.1. Small-scale catalyst testing 

The study of the catalyst chemistry is supported by measurements conducted on a Synthetic Gas Bench 

(SGB) setup (Figure 1). The flow rate and composition are regulated using the programmable mass 

flow controllers (MFCs). Moisture is introduced into the mixture via a pre-heated H2O feed to avoid 

flue gas condensation. Subsequently, the mixture is heated to the desired temperature using a pre-

heater system before traversing through the catalyst sample. The concentrations of the species at the 

outlet of the catalyst are quantified using an FTIR gas analyzer (AVL Sesam i60 FT SII).  
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Figure 1: Synthetic Gas Bench (SGB) schematic configuration. 

Three small-scale catalyst samples were tested: two diesel state-of the-art samples (a V-SCR and a Pt-

AOC), and an ammonia engine tailored sample (an Fe-SCR). The characteristics of the samples are 

listed in Table 1. Both steady-state and light-off (temperature ramp) experiments are performed to 

derive kinetic information for the technologies of interest. These include NOx reduction with NH3, 

the effect of ANR on NOx conversion, NH3 slip and N2O, the effect of N2O addition in the feed gas 

as will be explained below.  

Table 1: Properties of the tested catalyst samples. 

Catalyst sample properties V-SCR Fe-SCR Pt-AOC 

Diameter x Length [mm x mm] 28 x 90 28 x 150 28 x90 

CPSI [-] 100 230 200 

Wall thickness [mils] 2 9 2 

Substrate material [-] metal cordierite metal 

Cell shape [-] triangle square triangle 

For the purpose of marine applications, it is crucial to assess also sulfur tolerance, as SO2 is a 

predictable byproduct of conventional pilot-fuel combustion, particularly when high-S fuel is used (e.g., 

HFO). V-SCR catalysts have demonstrated sulfur tolerance [17]; therefore, this study focuses on 

exclusively examining the impact of SO2 on the Fe-SCR catalyst. Firstly, the catalyst is exposed to SO2 

until saturation. Thereafter, an SCR experiment is conducted without any further S-exposure. Finally, 

potential desulfation as function of temperature is examined. 
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2.2. Mathematical model 

The present study is performed using the ExothermiaSuite® simulation tool [18]. The underlying models 

uses common assumptions to model the flow and thermophysical and chemical phenomena in the 

catalyst channels. These include the assumption of uniform flow, temperature, and concentration 

distribution at the inlet of the channels, and negligible heat losses to the ambient. Consequently, a one-

dimensional (1D) representation of a single channel is adopted.  

Temperature and species concentrations within the channel are determined by solving quasi-steady 

state balance equations for the heat (equation 1) and mass (equation 2) transfer:  

𝜌g𝐶p,g𝑣g

𝜕𝑇g

𝜕𝑧
= −ℎ ∗ (

𝑆F

𝜀
) ∗ (𝑇g − 𝑇s) 

(1) 

 

𝜕(𝑣g𝑦g,𝑗)

𝜕𝑧
= −𝑘𝑗 ∗ (

𝑆F

𝜀
) ∗ (𝑦g,𝑗 − 𝑦s,𝑗) (2) 

The wall surface temperature is calculated by the transient energy balance of the solid phase expressed 

as (equation 3): 

𝜌s𝐶p,s

𝜕𝑇s

𝜕𝑡
= 𝜆𝑠,𝑧

𝜕2𝑇s

𝜕𝑧2
+ 𝑆 

(3) 

The surface concentrations are obtained by solving the concentration field inside the washcoat layer 

via the reaction-diffusion equation (equation 4): 

−𝐷𝑤,𝑗

𝜕2𝑦𝑠,𝑗

𝜕𝑤2
= ∑ 𝑛𝑗,𝑘𝑅𝑘

𝑘

 
(4) 

The solution of the concentration field in the washcoat layer is of particular importance for the case 

of technologies with multiple catalytic layers (1D + 1D). In fact, this is the case with ASCs that usually 

contain both a precious metal (PGM) layer, particularly an AOC layer of the oxidation of NH3, as well 

as an SCR layer on top (Figure 2). This combination comes with advantages concerning NH3 reduction 

and selectivity properties of the ASC, as NOx formed in the oxidation layer diffuses through the SCR 

layer where it can be reduced.  

 

Figure 2: Dual-layer ASC schematic configuration. 

2.3.  Reaction Mechanisms 

The SCR reactivity was described adapting commonly used SCR reaction schemes [19], including the 

standard, fast and NO2 SCR reactions, as well as NH3 and NO oxidation, and N2O formation pathways 

as listed in Table 2. These reactions, commonly used in Diesel exhaust, are the starting point for 

developing the final models for the V- and Fe-SCR for the NH3 engine exhaust. 
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Table 2; Basic SCR reaction scheme. 

Reaction type Reaction 

NH3 storage/release NH3 ↔ NH3* 

Standard SCR 4 NH3 * + 4 NO + O2 → 4 N2 + 6 H2O 

Fast SCR 4 NH3 * + 2 NO + 2 NO2 → 4 N2 + 6 H2O 

NO2 SCR  NH3 * + 3/4 NO2 → 7/8 N2 + 3/2 H2O 

N2O formation pathways 
2 NH3 * + 2 NO + O2 → N2 + N2O + 3 H2O 

4 NH3 * + 4 NO2 → 2 Ν2 + 2 N2O + 6 H2O 

NO oxidation to NO2 NO + 1/2 O2 ↔ NO2 

NH3 oxidation 
4 NH3 * + 5 O2 → 4 NΟ + 5 H2O 

2 NH3 * + 3/2 O2 → N2 + 3 H2O 

4 NH3 * + 4 O2 → 2 N2O +6 H2O 

Ammonia oxidation on the Pt-AOC catalyst is approached with a simple kinetic model that gives a 

good representation of the overall reactions [20]. The common oxidation reactions used are listed in 

Table 3. These include the oxidation of NH3 to N2 and NO, the simultaneous oxidation of NH3 and 

NO to N2O and the oxidation of NO to NO2.  

Table 3: Basic Pt-AOC reaction scheme. 

Reaction type Reaction 

NO oxidation to NO2 NO + 1/2 O2 ↔ NO2 

NH3 and NO oxidation to N2O 2 NH3 + 2 NO + 3/2 O2 → 2 N2O + 3 H2O 

NH3 oxidation 
4 NH3 + 5 O2 → 4 NΟ + 5 H2O 

2 NH3 + 3/2 O2 → N2 + 3 H2O 

3. Reaction model 

3.1. V-SCR reaction model calibration 

The results of the V-SCR activity tests are summarized in Figure 3 along with the respective calibrated 

model results. At temperatures above 300 °C, it is observed that the SCR process highly depends on 

the proportion of NOx and NH3 in the feed gas. When ANR is greater than 1, NOx is almost fully 

converted, however this leads to increased NH3 slip. When ANR is less than 1, partial NOx conversion 

is achieved as expected from the SCR reaction stoichiometry (Table 2). Concerning N2O, low 

selectivity (below 20 ppm) is observed in the temperature range below 500 °C. (Figure 3c). In order 

to examine the possible reduction of N2O over the V-SCR catalyst, N2O is added to the feed gas 

(Figure 3d). It is evident that N2O flows through the catalyst unreacted at temperatures below 400 °C 

whereas N2O is produced at 500 °C. The reaction rates of the reaction scheme listed in Table 2 are 

calibrated to fit the experimental determined NOx, NH3 and N2O keeping the same values for the 

entire range of test conditions. 
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Figure 3: (a) NOx conversion, (b) NH3 slip, (c) N2O without N2O in the feed gas, under various NH3/NOx ratios, and (d) 

N2O with 50 ppm and 100 ppm N2O in the feed gas under ANR=1.0, over the V-SCR, based on the experimental data 

(symbols) and the model (solid lines) (Feed gas: 2000 ppm NO, ANR=0.8, 1.0, 1.5, 10% O2, 15% H2O, N2 balance, 

GHSV=20,000 h-1). 

3.2. Fe-SCR reaction model calibration 

For the development of the reaction kinetic model of the Fe-SCR catalyst, several modifications of the 

commonly used reactions in SCR technologies (Table 2) were required. Figure 4 a shows NOx and 

NH3 conversion under SCR conditions According to the standard SCR reaction (4 NO + 4 NH3 + O2 

→ 4 N2 + 6 H2O) equal number of moles of NOx and NH3 are expected to react. However, test results 

revealed an overconsumption of NH3 compared to NOx. This is also evident in Figure 4b, where 

ΔΝΗ3/ΔΝΟx is greater than 1 in the whole temperature range. This phenomenon has been documented 

in several previous studies [21-24]. Consequently, for the model development the stoichiometry of the 

typical standard SCR reaction was modified as below:  

6 NH3* + 5 NO + 2 O2 → 11/2 N2 + 9 H2O (5) 

The modified standard SCR reaction is able to successfully predict the overconsumption of NH3 (solid 

lines of Figure 4).  
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Figure 4: (a) NOx and NH3 conversion under Standard SCR conditions, and (b) ΔΝΗ3/ΔΝΟx over the Fe-SCR, based on 

the experimental data (symbols) and the model (solid lines) (Feed gas: 1000 ppm NO, ANR=1.0, 10% O2, 15% H2O, 

N2 balance, GHSV=14,000 h-1). 

The experimental findings on the influence of the inlet ANR are depicted in Figure 5a with symbols. 

When ANR is less than 1, the catalyst performance is limited by the lack of NH3 to further react with 

NOx. When abundant NH3 is present (ANR>1), NOx conversion increases at temperatures above 

350 °C. At temperatures below 300 °C and in excess of NH3, NOx conversion is significantly reduced. 

To capture this phenomenon in the model, it was necessary to include an inhibition term (1 + k x 

CNH3
2) in the reaction rate of the modified standard SCR (reaction 5): 

R = k ∙ ΨS ∙ ψSNH3
∙ CNO ∙ CO2

/ (1+k ∙ CNH3

2) (6) 

The introduction and calibration of the inhibition term results in a good accuracy between the model 

and the experiment (solid lines of Figure 5a). The conversion of NOx with and without the inhibition 

term for the case of ANR=3.0, is shown in Figure 5b.  

Excess NH3 leads to increased concentrations of NH3 slip, while in the case of stoichiometric ANR or 

deficiency of NH3, NH3 completely reacts with NOx (Figure 5c). Selectivity of N2O is maintained at 

low levels (<10 ppm) and it is not affected by NH3/NOx ratio (Figure 5d).  

In order to explain the NOx emissions as function of temperature (Figure 6a), it was necessary to add 

an SCR reaction with N2O acting as a ‘promoting’ species. This is realized by adding N2O in both the 

reactants and products (standard SCR + N2O):  

NH3* + NO + ¼ O2 + N2O → N2 + 3/2 H2O + N2O (7) 



 
8th Rostock Large Engine Symposium 2024 

 

88 

 

Figure 5: (a) Comparison of the experimental data and the model of (a) NOx conversion under various ANR including the 

inhibition term, (b) under ANR=3.0 with and without the inhibition term, (c) NH3 slip under various ANR ratios, and (d) 

N2O selectivity under various ANR ratios, over the Fe-SCR (Feed gas: 1000 ppm NO, ANR=0.7, 1.0, 3.0, 10% O2, 15% 

H2O, N2 balance, GHSV=14,000 h-1). 

This way, the reaction is activated only in the presence of N2O with no effect on the N2O 

concentration in the exhaust gas. The addition of this reaction resulted in very good accuracy of the 

model both in the presence and absence of N2O (solid lines of Figure 6a). Figure 6b shows that in the 

presence of N2O, reaction 7 is dominant while the reaction rate of the modified standard SCR (reaction 

5) decreases due to competition between the two reactions.  

Finally, N2O conversion under various NH3 concentrations is examined (Figure 7). As ANR increases, 

N2O conversion also increases reaching a maximum at ANR=1.4. Further increase of NH3 in the feed 

gas has a negative effect on N2O reduction, especially at the lower temperatures (350 °C and 400 °C). 

To model N2O conversion, the global reaction of direct reduction of N2O by NH3 (reaction 8) [25, 

26] together with the global reaction of the simultaneous reduction of NO and N2O by NH3 (reaction 

9) [27] are added to the reaction scheme:  

2 NH3* + 3 N2O → 4 N2 + 3 H2O (8) 
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2 NH3* + 2 NO + N2O → 3 N2 + 3 H2O (9) 

 

Figure 6: (a) NOx conversion with and without N2O and (b) reaction rates of the Standard SCR + N2O and the modified 

stoichiometry SCR in the presence and absence of N2O, over the Fe-SCR, based on the experimental data (symbols) and 

the model (solid lines) (Feed gas: 1000 ppm NO, ANR=1.0, 0 and 100 ppm N2O, 10% O2, 15% H2O, N2 balance, 

GHSV=14,000 h-1). 

For the efficient modeling of N2O conversion in the whole range of ANR it was necessary to include 

an NH3 inhibition term (1 + k x CNH3
1.5) to the reaction rate of the direct reduction of N2O by NH3 

(reaction 8) as:  

Rr = k ∙ ΨS ∙ ψSNH3
∙ CN2O/ (1+k ∙ CNH3

1.5) (10) 

 

Figure 7: N2O conversion under various NH3/NOx ratios, based on the experimental data (symbols) and the model 

without (dashed line) and with (solid line) the inhibition term, over the Fe-SCR. (Feed gas: 1000 ppm NO, variable NH3, 

100 ppm N2O, 10% O2, 15% H2O, N2 balance, GHSV=14,000 h-1). 
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Considering all the necessary modifications, the final Fe-SCR reaction scheme adopted is summarized 

in Table 1Table 4.  

Table 4: Fe-SCR reaction scheme.  

Reaction type Reaction 

NH3 storage/release NH3 ↔ NH3* 

Modified Standard SCR 

Standard SCR (+N2O) 

6 NH3* + 5 NO + 2 O2 → 11/2 N2 + 9 H2O 

NH3* + NO + 1/4 O2 + N2O → N2 + 3/2 H2O +N2O 

Fast SCR NH3* + ½ NO + ½ NO2 → N2 + 3/2 H2O 

N2O formation pathways 
2 NH3* + 2 NO + O2 → N2 + N2O + 3 H2O 

2 NH3* + 2 NO2 → Ν2 + N2O + 3 H2O 

NO oxidation to NO2 NO + 1/2 O2 ↔ NO2 

NH3 oxidation to N2 NH3* + 3/4 O2 → ½ N2 + 3/2 H2O 

N2O reduction by NH3 2 NH3* + 3 N2O → 4 N2 + 3 H2O 

Simultaneous reduction of NO and 

N2O by NH3 2 NH3* + 2 NO + N2O → 3 N2 + 3 H2O 

3.3.  Pt-AOC reaction model calibration 

The experimental results compared to the simulation model of the Pt-AOC catalyst are presented in 

Figure 8. Here the focus is not only on NH3 reduction, but also on the formation of the unwanted 

NOx and N2O. The concentration of NH3 decreases sharply from 200 °C to 250 °C and is completely 

oxidized around 300 °C. Production of N2O is observed above 200 °C and increases significantly up 

to a maximum of 100 ppm at 250 °C. Above that temperature, formation of NO ad NO2 are favored 

while N2O is simultaneously decreasing. It is worth noting that the calibrated model using the common 

reactions of Table 3, is capable of capturing the complex trends with respect to N2O and NOx 

byproducts in the whole temperature range.  
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Figure 8: Comparison of the NH3, NO, NO2 and N2O outlet concentrations for NH3 oxidation over the Pt-AOC based on 

the experimental data (symbols) and the model (solid lines) (Feed gas: 250 ppm NH3, 50 ppm NO, 6% O2, 15% H2O, 

15 ppm SO2, N2 balance, GHSV=20,000 h-1). 

4. Sulfur saturation of the Fe-SCR 

The Fe-SCR was initially exposed to 110 ppm SO2 at 225 °C until saturation (approximately 25 

minutes) as presented in Figure 9a. The maximum SO2 stored on the catalytic sites is calculated equal 

to 1.13 g/l. Thereafter, an SCR experiment is conducted without any further S-exposure (Figure 9b). 

Compared to the fresh catalyst, reduced NOx conversion is observed at temperatures below 300 °C. 

At higher temperatures, NOx conversion efficiency was not affected by S-saturation. Concerning N2O, 

the saturated catalyst shows similar activity to the fresh (Figure 9c). The desulfation at high 

temperatures is examined as depicted in Figure 9d. The catalyst is initially exposed at a high 

temperature (above 400 °C) for 30 minutes and then NOx conversion is measured at 250 °C where 

NOx conversion reduction was observed. At a desulfation temperature of 450 °C the catalyst efficiency 

is partially retrieved while the catalyst activity is fully recovered at 600 °C.  
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Figure 9: (a) Exposure of the Fe-BEA catalyst to SO2, (b) NOx conversion of the fresh and s-saturated catalyst, (c) N2O 

conversion of the fresh and s-saturated catalyst, (d) Desulfation of the catalyst at high temperatures (Feed gas (a): 

110 ppm SO2, 1000 ppm NO, ANR=1.0, 15% H2O, 10% O2, N2 balance, GHSV=14,000 h-1; Feed gas (b), (c), (d): 

1000 ppm NO, ANR=1.0, 100 ppm N2O, 15% H2O, 10% O2, N2 balance, GHSV=14,000 h-1). 

5. Model Application in Marine Engine Exhaust 

The objective of this section is to illustrate the application of modeling in the design phase of the NH3 

marine engine EATS. Given that NH3 engines are still under development and yet commercially 

available, precise data on their exhaust gas conditions and emission concentrations remain unavailable. 

Consequently, the exhaust gas conditions of low-speed marine diesel engines are used as a basis, 

assuming a high-pressure (pre-turbo) EATS [28,29].  

Ammonia combustion is likely to produce high levels of unburnt NH3. It is well known that the molar 

ratio of NH3/NOx in the exhaust gas is very critical for the operation of the SCR. Recent studies [30,31] 

show that N2O formation occurs in locations with significant unburnt NH3 which is eliminated when 

unburnt NH3 decreases and NOx emissions increase. Based on these trends, two scenarios are 

examined: (1) high NOx emissions with low NH3 and N2O (ANR<1), and (2) high unburnt NH3 and 

N2O with low NOx emissions (ANR>1).  

The simulated inlet conditions of the EATS are detailed in Table 5. 
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Table 5: Assumed inlet conditions of the EATS. 

Engine Load [%] 25 50 75 100 

Exhaust gas temperature [°C] 290 310 350 410 

Exhaust gas pressure [bar] 1.4 2.1 3.1 4.0 

Exhaust gas mass flow rate [kg/s] 4 9 12 15 

Exhaust gas composition for ANR<1 

and low N2O 

1000 ppm NO, 500 ppm NH3, 30 ppm N2O, 10% H2O, 

10% O2, N2 balance 

Exhaust gas composition for ANR>1 

and high N2O 

1000 ppm NO, 3000 ppm NH3, 100 ppm N2O, 10% H2O, 

10% O2, N2 balance 

In the case of NH3 shortage and low N2O (ANR<1), NH3 injection upstream of the SCR is required 

as shown in Figure 10a to achieve the regulated NOx limit of 3.4 g/kWh. In the case of excessive NH3, 

a dual-layer ASC is placed downstream of the SCR to treat the unreacted NH3 of the deNOx process 

(Figure 10b). The ASC is assumed to be a combination of an SCR layer and a precious metal-based 

layer (AOC). The composition of the SCR layer is identical to the SCR catalyst prior the ASC. In both 

scenarios the commonly used V-SCR is compared to Fe-SCR.  

 

Figure 10: Model exhaust layouts for the two cases examined: (a) shortage of NH3 with low N2O, and (b) excess of NH3 

with high N2O in the exhaust gas. 

Besides NOx and NH3 control, CO2 equivalent emissions are calculated at the system outlet, 

accounting for both N2O (originating from NH3 combustion and the EATS), and CO2 from pilot-fuel 

combustion (CO2-equivalent = N2O x 300 + CO2 from pilot fuel). For the latter, 5% Diesel pilot-fuel 

is assumed.  

Based on the assumed marine engine exhaust gas conditions presented in Table 5 and the weighting 

factors of the legislated E3 test cycle [32], it is estimated that a NOx conversion rate in the order of 

75% is required to comply with the Tier III limit of 3.4 gNOx/kWh.  

In the scenario of NH3 shortage (ANR<1) and low N2O emissions, where only the SCR is utilized, the 

minimum deNOx requirement is met when NH3 is injected at a target ANR of around 0.75. The volume 

of each technology is chosen in order to meet both NOx and NH3 limits, the latter set at 10 ppm. For 

the V-SCR the volume is equal to 1000 liters. When the Fe-SCR is used, the volume is increased to 

1400 liters.  

Applying the simulation model to the four loads of the E3 test cycle under the conditions specified in 

Table 5, NH3 slip, N2O and CO2-equivalent emissions are calculated at the system outlet as depicted 

in Figure 11. For the V-SCR, nearly all NH3 is predicted to be consumed during NOx reduction, 
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resulting in NH3 slip of less than 5 ppm, with minimal N2O formation. When the V-SCR is replaced by 

the Fe-SCR catalyst, NH3 slip is reduced to the limit of 10 ppm. Notably, N2O emissions significantly 

reduce at 75% and 100% engine load, benefiting from the catalyst’s ability to reduce both NOx and 

N2O. Consequently, the CO2-equivalent emissions of the Fe-SCR are lower compared to those of the 

V-SCR catalyst. This scenario proposes a significant reduction of GHG emissions compared to Diesel-

only operation of 70% that can even reach 90% at full load when the Fe-SCR is implemented.  

 

Figure 11: Model predictions for NH3 slip, N2O and CO2-equivalent emissions over 100-year GWP at the SCR system 

outlet in the case of lack of NH3 (ANR<1) and low N2O in the exhaust gases. (Exhaust gas composition: 1000 ppm NO, 

500 ppm NH3, 30 ppm N2O, 10% H2O, 10% O2, N2 balance). 

Figure 12 presents NOx, NH3, N2O and CO2-equivalent emissions for the case of excessive engine-

out NH3 (ANR>1) and high N2O emissions.  

For excessive NH3 (ANR>1) and high N2O emissions, the volume of the SCR catalysts in both 

technologies is assumed to be equal to 1000 liters. The volumes of the ASC catalysts are iteratively 

determined to reduce NH3 below 10 ppm. For the V-SCR + ASC system, the ASC volume is 845 liters 

while for the Fe-SCR + ASC the respective volume is 700 liters. In this case, NOx, NH3, N2O and CO2-

equivalent emissions are depicted in Figure 12. Increased ANR values lead to unreacted NH3 at the 

SCR outlet, which is efficiently oxidized in the ASC (below 10 ppm). However, this oxidation process 

in the ASC promotes the formation of NOx and N2O. In the case of the Fe-SCR the N2O emissions 

are significantly decreased compared to the V-SCR, especially at higher loads due to the deN2O 
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capability of Fe-based catalysts. However, N2O levels in both cases remain extremely high leading to 

unacceptable CO2-equivalent emissions.  

 

Figure 12: Model predictions for NOx, NH3 slip, N2O and CO2-equivalent emissions over 100-year GWP at the system 

outlet in the case of excessive NH3 in the exhaust gases (ANR>1) (Feed gas: 1000 ppm NO, 3000 ppm NH3, 100 ppm 

N2O, 10% H2O, 10% O2, N2 balance). 

6. Preliminary results with Co-based deN2O catalyst 

Following the preliminary target to reduce N2O emissions from ammonia combustion, N2O 

decomposition of a cobalt-based catalyst is currently being tested and evaluated on the SGB. The 

preliminary experimental results are depicted in Figure 13. A first indication is that high N2O 

conversion is achieved at elevated temperatures, however the effect of NO and NH3 are yet to be 

determined to conclude the catalyst activity.   

Thereafter, a model will be developed to be adapted in the EATS of ammonia-fueled engines.  
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Figure 13: N2O conversion (experimental) over the cobalt-based catalyst (Feed gas: 100 ppm N2O, 10% H2O, 

10% O2, 10 ppm SO2, N2 balance, GHSV=20,000 h-1). 

7. Conclusions & Future work 

The main findings of the combined testing and modeling work presented here are summarized below:  

• The performance of the V-SCR and the Pt-AOC catalysts are well predicted with commonly 

used literature reaction schemes.  

• In the case of the Fe-SCR, special modifications of the chemical reaction scheme are necessary 

to accurately describe the occurring processes. These include the modification of the standard 

SCR reaction stoichiometry, inhibition of the modified standard SCR reaction by NH3 at high 

NH3 inlet concentrations and low temperatures, addition of the typical standard SCR with 

N2O in both the reactants and products, and the inhibition of the direct N2O reduction by 

NH3 at high inlet concentrations of NH3.  

• Fe-SCR catalyst material was found to be sulfur tolerant in the operating range of large two-

stroke marine engines.  

 The simulation study of the marine engine aftertreatment applications provided the following results:  

• For low NH3 and N2O levels in the exhaust gas (ANR<1), NOx conversion is optimized to 

comply with Tier III limits by NH3 injection upstream of the SCR, resulting in low NH3 slip 

levels. In addition, there is a significant reduction in CO2-equivalent emissions by 70% to 90% 

(depending on the SCR technology) compared to diesel-only operation.  

• For abundant NH3 and high N2O in the exhaust gas (ANR>1), unreacted NH3 of the deNOx 

process can be efficiently managed with an ASC. However, NH3 oxidation promotes the 

formation of very high N2O emissions, causing CO2-equivalent emissions to reach up to 7 

times the levels of diesel-only operation, rendering this configuration impractical.  

Based on the above, an appropriate control strategy and optimization of the exhaust aftertreatment 

system, together with engine tuning of NH3 combustion is essential to tackle both noxious and GHG 
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emissions. As the ultimate goal is complete decarbonization of the maritime sector, the future steps 

include: 

• Further experimental investigation on the performance of the deN2O cobalt-based catalyst 

followed by model development using the test data. 

• Application of the new catalyst models in the exhaust gas stream of NH3 engines. 

• Development and optimization of the complete exhaust aftertreatment system and controls 

for NH3 marine engine applications.  
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Nomenclature 
A. Latin letters 

𝐶P Specific heat capacity J/(kg∙K) 

𝐷w Effective diffusivity m2/s 

ℎ Heat transfer coefficient W/(m2∙K) 

𝑘𝑗 Mass transfer coefficient m/s 

𝑛 Stoichiometric coefficient - 

𝑅𝑘 Reaction rate mol/(m3∙s) 

𝑆 Heat source term W/m3 

𝑆F Monolith specific surface area m2/m3 

𝑇 Temperature K 

𝑣 Velocity m/s 

𝑤 Dimension perpendicular to wall surface - 

𝑦𝑗 Molar fraction - 

𝑧 Axial coordinate along monolith m 

B. Greek letters 

𝜀 Macroscopic void fraction - 

𝜆 Thermal conductivity W/(m∙K) 

𝜌 Density kg/m3 

C. Subscripts and Superscripts  

g Exhaust gas 

j Species index 

𝑘 Reaction index 

s Solid 
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Abstract 
In order to achieve the IMO's 2050 target of net zero GHG emissions from international shipping, the 

use of zero-carbon fuels such as hydrogen and ammonia is essential. In order to burn these fuels 

without problems, new technologies on the side of marine engines are required. 

In Japan, a national project named "Green Innovation" funded by NEDO (New Energy and Industrial 

Technology Development Organization) is underway to develop the next generation of ships, which 

includes the development of technologies to burn hydrogen and ammonia in low-speed two-stroke 

main engines. This paper introduces the representative technologies that may be applicable to the 

project.  

(1) The first half of the paper describes a fundamental study on the Diesel-cycle type diffusive 

combustion by high-pressure injection of hydrogen.  

A Diesel-cycle type hydrogen-fuelled low-speed two-stroke engine for ocean-going ships is under 

development at Japan Engine Corporation (J-ENG.). The authors focus on the diffusive combustion by 

high-pressure hydrogen injection, which realizes high power and high efficiency without worrying about 

the back-firing, pre-ignition and knocking associated with Otto-cycle type hydrogen combustion.  

As a fundamental research work for the development, visual studies on the combustion by high 

pressure (for example, 30 MPa) hydrogen injection including the case of 100% hydrogen without pilot 

fuel has been carried out. 

(2) In the second half of the paper, development of the ‘Stratified Injection System’, which can be 

applied to diesel combustion of ammonia, methanol, low-grade bio-fuels, etc. is introduced.  

This system was initially developed as a stratified water injection system for NOx control. In that case, 

fuel, water, and fuel were injected in this order from the same injection nozzle hole during the injection 

duration of every cycle. Recently, this has been put to practical use for low-speed two-stroke engines 

by J-ENG.  

Next, the following studies are introduced. Experiments using the system was conducted to apply a 

low-quality BFO (Bunker Fuel Oil), which had poor ignition and combustion characteristics, to a high-

https://doi.org/10.18453/rosdok_id00004639
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speed diesel engine. In that case, MDO (Marine Diesel Oil with a good ignition and combustion 

characteristics like a Gas Oil), BFO, and MDO were injected in this order. Even in the case that a total 

mass ratio of pilot- plus post-MDO was only 10%, that meant the rest 90% was BFO, the BFO 

completed the combustion just as well as 100% MDO, as the pilot-MDO improved the ignition and the 

post-MDO mitigated the after-burning of the BFO. 

In other words, this system is characterized by its ability to improve the combustion of a main fuel, 

which has poor ignition and combustion properties, by injecting the pilot-fuel from the same injection 

nozzle hole as the main fuel. If necessary, post-fuel can also be injected from the same hole. 

While the engine that uses a hard-to-self-ignite fuel originally requires the two injection systems for 

main and pilot fuel, and the cylinder head must be equipped with two types of injection nozzles, the 

stratified injection requires only one injection system and simplifies the engine design. 
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1. Introduction 

This paper introduces the two representative technologies that may be applicable to the alternative 

fuels.  

(1) The first half of the paper focuses on the Diesel-cycle type diffusive combustion by high-pressure 

hydrogen injection, which realizes high power and high efficiency without worrying about the back-

firing, pre-ignition and knocking associated with Otto-cycle type hydrogen combustion.  

As a fundamental research work for the development, visual studies on the combustion by high 

pressure (for example, 30 MPa) hydrogen injection including the case of 100% hydrogen without pilot 

fuel has been carried out. 

(2) The second half of the paper introduces the 'Stratified Injection System' technology. This system 

was initially developed as a stratified water injection system for NOx control. In that case, fuel, water, 

and fuel were injected in this order from the same injection nozzle hole during the injection duration 

of every cycle. Recently, this has been put to practical use for low-speed two-stroke engines in Japan.  

Next, the following studies are introduced. Experiments using the system was conducted to apply a 

low-quality residual fuel (BFO: Bunker Fuel Oil) to a high-speed diesel engine. In that case, BFO was 

sandwiched by pilot- and post-MDO (Marine Diesel Oil with a good ignition and combustion 

characteristics like a Gas Oil). Even in the case that a total mass ratio of pilot- plus post-MDO was 

only 10%, that meant the rest 90% was BFO, the BFO completed the combustion just as well as 100% 

MDO, as the pilot-MDO improved the ignition and the post-MDO mitigated the after-burning of the 

BFO. 

In other word, this system is characterized by its ability to improve the combustion of a main fuel, 

which has poor ignition and combustion properties, by injecting the pilot-fuel from the same injection 

nozzle hole as the main fuel. If necessary, post-fuel can also be injected from the same hole. 

While the engine that uses a hard-to-self-ignite fuel originally requires the two injection systems for 

main and pilot fuel, and the cylinder head must be equipped with two types of injection nozzles, the 

stratified injection requires only one injection system and simplifies the engine design 

2. Studies on Diesel-cycle type hydrogen diffusive combustion 

2.1. A Study for a high-speed 4-stroke hydrogen engine 

Research on the diesel-cycle type hydrogen-burning engines in Japan dates back to 2004. MHI: 

Mitsubishi Heavy Industries, Ltd. conducted operational tests on a high-speed single-cylinder engine 

with an output of 100 kW [1]. 

Technical challenge of hydrogen injection engine 

Comparison of properties between hydrogen and petroleum is shown in Table 1. Hydrogen has a high 

self-ignition temperature of over 570 °C despite its extremely high combustion speed, and its 

application in internal combustion engines usually requires an ignition source such as pilot diesel oil or 

a spark plug.  
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The results of this study overturned this forecast. By using a spark plug only at start-up and no ignition 

source at medium and high loads, and by increasing the compressed air temperature, stable hydrogen 

jet self-ignition operation was achieved.  

The second challenge was to achieve a higher target of thermal efficiency than that of conventional 

diesel engines. As shown in Table 1, theoretical air quantity per heat value (L0 /LHV) of hydrogen is 

smaller than that of petroleum fuels. It means that intake air pressure can be lowered in case of the 

same excess air ratio of petroleum fuels. Therefore, with a lower intake air pressure and a higher 

compression ratio, consequently higher cycle efficiency should be realized keeping the Pmax, maximum 

cylinder pressure constant. Furthermore, the high combustion speed of hydrogen, i.e. the short 

combustion duration, contributes to improve the thermal efficiency. 

Apparatus for testing 

The whole tests were conducted using a single cylinder test engine the specification of which was the 

same as engine planned to produce (Table 2). The ignition and combustion system are shown in 

Figure 1. For stable starting, a spark plug is set near the injection nozzle so that a hydrogen jet injected 

from the injector goes directly toward the electrode. Hydrogen gas is compressed to 30 MPa before 

the engine by a compressor.  

The cross-section of a hydrogen injector is shown in Figure 2. It is controlled hydraulically and 

electrically. Hydrogen gas at 30 MPa is conducted from an accumulator into the needle chamber. At 

this time, injection does not occur because the working oil pressurized by a pump pushes the top of 

the needle. When the solenoid is activated, the working oil in the control chamber flows out through 

a small orifice. After the pressure in the control chamber gets lower and the force under the needle 

seat by hydrogen is higher than that on the needle, an injection starts. 
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Table 1: Comparison of properties between hydrogen 

 and petroleum 

Table 2: Main specifications of product engine 

 

 

 

 

Figure 1: Combustion system of test engine Figure 3: Estimated air temperature at TDC at higher 

load 

  

Figure 2: Cross-section of injector Figure 4: Measured generating efficiency 

Self-ignition test at high load 

As hydrogen has a higher self-ignition temperature than petroleum, stable self-ignition is supposed to 

be realized by enhancing the compression ratio. Therefore, tests were done with high compression 

ratios of 18.3, 20, and 22. At starting, intake air was heated up to the temperature at 180°C in case of 

18 of compression ratio and was lowered as increasing engine output. The generated powers, intake 
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air temperatures, and the calculated compression temperatures that were reached at top dead center 

(TDC) are shown in Figure 3. Although there were some differences depending on the compression 

ratio, self-ignition of hydrogen was achieved at higher compression temperature than 690°C. As for 

the intake air temperatures, self-ignition of hydrogen was realized at higher temperature than 100°C 

even with the lowest compression ratio of 18.3.  

As a result, the generating (thermal) efficiency of 49.2% (LHV base) was obtained as shown in Figure 4, 

with compression ratio of 18.3 and lower intake air pressure than conventional diesel engines, aided 

by the high-pressure hydrogen injection of 30 MPa.  

Thermal NOx was generated as much as that of a conventional diesel engine because of direct injection 

and diffusive combustion. To reduce NOx emission, the exhaust gas re-circulation (EGR) could be 

adopted easily without any risk of reliability because the exhaust gas from a hydrogen engine was free 

from particulate matters and SOx. In that case, the EGR gas contained no CO2 with high specific heat, 

but NOx was reduced due to the lower oxygen concentration during combustion. If the effect of EGR 

would be insufficient, NOx should be deoxidized by the after-treatment apparatus. As an example, the 

NO emission was reduced to 835 ppm (as converted into O2 of 0%) by EGR. Furthermore, it could be 

possible to be decreased to 100 ppm (likewise) by the catalytic reduction.  

Reliability test 

The running test for more than 50 hours was carried out to investigate the fluctuation of the engine 

performance and the surface condition of the fuel injection system. It was found that the movement of 

the parts of the fuel injection system and the engine performance did not change. After the test, the 

parts of fuel injection system were disassembled and it was confirmed that there was no trouble of the 

surface of sliding parts and gas seal parts. 

As a result of measuring test of the surface temperature of combustion chamber, the temperature of 

burning side of piston and cylinder liner at the first ring position at TDC were similar to those of a 

conventional diesel engine. Therefore, it was possible that the reliability of parts composing combustion 

chamber for thermal load would be equivalent to that of a conventional diesel engine. 
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2.2. A fundamental study for a low-speed two-stroke hydrogen engine 

 

Figure 5: Green Innovation Fund project, Development of marine hydrogen engines and MHFS (Marine Hydrogen Fuel 

System) [2] 

In Japan, the development of ocean-going vessels fuelled by green or blue hydrogen has started in 2021 

under the "Green Innovation" fund by NEDO (New Energy and Industrial Technology Development 

Organization). An overview is given in Figure 5. As shown in this figure, three types of hydrogen engines 

are developed, with the low-speed, two-stroke hydrogen engine for bulk carriers on the right being a 

diesel cycle.  

This part presents a fundamental study of high-pressure injection and diffusive combustion of hydrogen 

for the Diesel-cycle type hydrogen burning engine development, which has not been studied extensively 

compared to the premixed lean-burn (Otto-cycle) type. 

Fundamental studies by Kyushu University and NMRI: National Maritime Research 

Institute 

The properties of hydrogen are shown in Table 3 in comparison with those of methane. Based on the 

ratio of molecular weights of hydrogen and methane (2:16), the density of hydrogen is 1/8 of that of 

methane. The (lower) Calorific Value of hydrogen per mass in Table 3 is 2.4 times that of methane, 

but when considered per volume, hydrogen must be injected about three times the volume of methane 

to gain the same amount of heat. 

However, the sonic velocity of hydrogen is about three times higher than that of methane, and in the 

case of high-pressure injection, where the initial speed of gas jet is the sonic velocity, a sufficient volume 

of hydrogen can be injected without extreme enlargement of injection nozzle hole. 

As seen in Table 3, although hydrogen has a lower minimum ignition energy, its self-ignition temperature 

is much higher than that of diesel fuel oil, as already mentioned in the previous section.  Therefore, at 

beginning of this study, pilot injection of gas oil (5% heat base) is tried to ignite the hydrogen jet. 

Shadowgraphs of ignited hydrogen jet taken from the side window of the RCEM (Rapid Compression 
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and Expansion Machine) are shown in Figure 6. As hydrogen flame cannot be visualized by the direct 

photography because it does not emit a luminous flame, the shadowgraph technique is applied. The 

white flame in the image in Figure 6 is the pilot gas oil flame and the black area is the hydrogen flame. 

Figure 7 shows a comparison of heat release rate by a single spray between of methane and of hydrogen 

injected into the RCEM. Both sprays are ignited by a gas oil pilot injection. While both fuels are injected 

during almost the same injection duration and at the same injection pressure (at 30MPa into 8 MPa 

air), hydrogen shows the higher heat release rate and shorter combustion duration. As the injection-

end timing is almost the same for the two fuels, the shorter combustion duration of hydrogen 

represents a faster burn-up after the end of injection, i.e., a shorter after-burning.  

In this experiment, a hydrogen jet is also tried to self-ignite by further increasing the air temperature. 

The air temperature at hydrogen injection is raised to a higher level (estimated to be around 700°C, 

although unable to be measured) than normal case of diesel engines, and that allows the hydrogen to 

self-ignite.  

From the photograph in Figure 8, it appears that the jet is self-ignited before 5.5° after the start of 

injection, after that the flame develops almost in proportion to the square root of the elapsed time. 

The penetration of flame front would be based on the momentum theory [3], just like a normal diesel 

fuel spray flame. This result will lead to the development of absolute zero-GHG hydrogen burning 

engine without any pilot fuel. 

Table 3: Comparison of physical properties between 

hydrogen and methane 

 

 

Figure 6: Upper: Side-view style RCEM, Rapid 

Compression and Expansion Machine 

Lower: Hydrogen flame injected at 30 MPa and ignited 

by pilot Gas Oil 
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Figure 7: Comparison of heat release rate by single spray 

between of methane and of hydrogen, injected at 30 MPa 

and ignited by pilot GO. Air condition: (8 MPa, 550℃) 

Figure 8: Hydrogen flame injected at 30 MPa and self-

ignited by a higher air temperature than for Figure 6 

 

Figure 9: New visual combustion chamber for NMRI (National Maritime Research Institute in National Institute of 

Maritime, Port and Aviation Technology (MPAT), Japan) 

Although the observation of a single flame as described above can provide some information, it is 

important to create the conditions close to those of the actual engine. The NMRI is currently building 

a visual combustion chamber as shown in Figure 9 simulating the engine to be developed. On the day 

of the Symposium, data taken with this equipment will be presented. CFD calculations based on this 

data will also be introduced. 

Schedule for real engine development 

As shown in Figure 5, J-ENG is developing a diesel-cycle, low-speed, two-stroke hydrogen engine with 

a cylinder diameter of 350 mm (UEC35LSGH). Figure 10 shows the development schedule for this 

engine. ClassNK has issued an Approval in Principle (AiP) for a parcel layout concept for a hydrogen-

fuelled multi-purpose vessel [4]. This is the world’s first AiP certification for the ship equipped with a 

low-speed two-stroke hydrogen-fueled engine as a main propulsion machine. 
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Figure 10: Schedule of hydrogen fuelled engine development by J-ENG 

3. Fundamental studies on ‘Stratified Injection System’ 

3.1. A study for a stratified fuel-water injection system 

The second half of the paper introduces the 'Stratified Injection System' technology. It was initially 

developed as a stratified water injection system for NOx control [5]. In that case, fuel, water, and fuel 

were injected in this order from the same injection nozzle hole during the injection duration of every 

cycle. Recently, this has been put to practical use for low-speed two-stroke engines by J-ENG [6].  

Many researches were carried out in the past on the water injection into cylinder for NOx reduction. 

Among them, the stratified water injection system was developed by Mitsubishi Heavy Industries, Ltd. 

The advantage of this system is that it does not cause a deterioration of ignitability as in the case of 

fuel-water emulsions. The system is also simpler than the independent water injection, where the 

cylinder head is equipped with an independent water injection nozzle. 

Working principle of the stratified fuel and water injection  

The first author analyzed the real injection rate of fuel and water injected by this system and simulated 

the distribution of water (water vapor) in the fuel spray [7]. As mentioned above, this system has been 

put into the practical use by J-ENG and its mechanism has been refined, but the function is explained 

at first according to Figure 11, the system used in the past study. 

The whole system consists of a fuel injection pump with non-return valve (X), a fuel injection nozzle 

with a special water passage (including another non-return valve (Y)) connected to the fuel passage 

and a water supply unit, which feeds an exact quantity of water into the passage of the injection nozzle. 

The working principle is as follows: Before the injection starts, water is fed into the injection nozzle 

with a pressure higher than the opening pressure of the non-return valve (X) in the injection pump, 

but lower than the opening pressure of the needle in the injection nozzle, as shown in Figure 11(a). 

During the period of water supply, a certain quantity of fuel pushed by water flows back to the fuel 

injection pump, passing through the non-return valve (X). But some fuel remains in the nozzle tip as 

can be seen in Figure 11(a). When injection starts, the non-return valve (Y) blocks the passage of water. 
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Thus, the fuel remaining in the nozzle tip is injected first as shown in Figure 11(b). Then the water in 

the fuel passage and lastly fuel from the injection pump is injected.  

 

Figure 11: Stratified fuel-water injection system used in experiments by the author [7] 

This method has the following advantages over the fuel-water emulsion. 

• The first fuel injected does not contain water, so there is no risk of deteriorated ignitability. 

• The main parts of the fuel injection pump, such as the plunger, are not exposed to water. 

• The surfactant required for the emulsion is not necessary for this method.  

As will be discussed later, even though fuel and water are stratified at the timing of injection, water is 

distributed in the fuel spray at the stage of spray forming in the air, achieving a NOx reduction effect 

equivalent to that of the emulsion method.  

Real injection rate of fuel and water 

In order to obtain the real fuel and water injection rate by this system, a rotating slit box, Figure 12 

was used. For this test, the injection system was removed from the engine and driven by an electric 

motor. The slit box, a vessel divided into many slits, was fixed to one end of an arm which rotated 

about its opposite end. The rotation of the slit box and the injection was synchronized. Only the spray 

of one hole of the injection nozzle was collected in the slit box. The injection rate was then obtained 

by measuring the height of fuel and water in each slit after many rotations.  

Figure 13 shows two examples of the measured injection rate of fuel and water, the cases that 100% 

fuel plus 40% water are injected (left) and 100% fuel plus 50% water (right). According to the result, 

actually pure fuel is injected at the beginning of injection, then fuel + water and finally pure fuel again. 

Since the fuel quantity is the same as with the case of fuel only, the total quantity of liquid to be injected 

is larger when injecting fuel and water and thus the injection duration is also longer. 
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Figure 12: Fuel and water injection rate measuring apparatus 

 

 
 

Figure 13: Measured fuel and water injection rate 

Combustion with fuel/water injection 

The system was tested on the ‘visual test engine’ in Kyushu University as follows. Figure 14 shows an 

example of the photographs of flames by the test engine. As can be seen in the figure, a pair of four-

hole injection nozzles was used simulating a low-speed two-stroke engine. The two photographs show 

the spray/flame at the end of fuel injection, comparing between (a) 100% diesel fuel and (b) 100% fuel 

plus 50% water.  

Although size of the visual test engine is small (bore: 190 mm) and it is questionable whether it is 

representative of the phenomenon for a real engine bore of 500 mm, the photograph shows a shorter 

spatial burn-up length of the flame with water than without water, that also suggests a good result of 

shorter after-burning with water. Though not illustrated here, despite the longer injection duration in 

the fuel plus water case compared to the fuel-only case, the duration of combustion determined from 

the measured heat release rate was remained about the same.  
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Figure 14: Visualized flame (Fuel: Marine Diesel 

Oil) 

Figure 15: Calculation of fuel/water distribution in spray 

Distribution of water within the spray 

Reasons for the expected improvement in combustion with injected water is believed to be the 

improved air entrainment into the spray. In this section, this phenomenon is discussed using the results 

of the model calculation. The distribution of the water (vapor) in the spray was calculated using a CFD 

software [7]. A model injection rate as shown in the left side of Figure 15 was used as an input of the 

CFD. Figure 15 also shows one printout of the model calculation. The distribution of fuel is shown by 

red dots and that of water by green dots. 

At t = 2.4 ms in the figure, the fuel spray front is decelerated by the air drag. Then the water spray 

penetrates the initially injected fuel spray and push and disperse the high concentration of fuel near the 

spray axis to the periphery. It can be seen from the graphs t = 3.3 ms and t = 4.2 ms that fuel is injected 

after the water again. This second fuel spray pushes the water to the front and to the side. As imaged 

by the photographs in Figure 14, the red dots of the initial fuel spray are already burnt and the water 

acts as a shield between the burnt gas of the initial fuel spray and the second fuel spray (at t = 4.2 ms). 

This effect prevents the second fuel spray from entraining burnt gas, which usually happens when using 

fuel alone.  
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Figure 16: J-ENG’s five layers stratified fuel and water injection system [6] 

In any case, it can be seen that the fuel and water are not distributed in clear stratified layers in the 

spray, but are mixed close to homogeneously during forming the spray. Thanks to this phenomenon, 

NOx reduction due to a uniform decline in flame temperature similar to that by the fuel-water emulsion 

can be achieved. Moreover, a spray with a higher momentum by added water entarains more air into 

the spray/flame, which may activate the diffusive combustion. 

In the practical system by J-ENG, water is injected twice during fuel injection, in five layers: fuel, water, 

fuel, water and fuel. The mechanism is shown in Figure 16 [6]. This system will provide a more uniform 

water distribution and greater NOx reduction with less amount of water. 

3.2. A study for a stratified low-grade fuel injection system 

With this system, if another fuel is provided instead of above-mentioned water, two different kinds of 

fuels can be injected without mixing from the same injection nozzle. MHI conducted an experiment 

using the system to apply a low-grade heavy fuel oil, which has poor ignition and combustion 

characteristics, to a high-speed diesel engine [8]. For such a small bore (170 mm), high-speed diesel 

engine used in these experiments, it is usually not possible to burn heavy fuel oil containing petroleum 

refining residues. Use of the stratified fuel injection system suggested a solution to this issue.  

The following studies are introduced. Experiments using the system was conducted to apply a low-

quality residual fuel (BFO: Bunker Fuel Oil) to a high-speed diesel engine. In this case, BFO was 

sandwiched by pilot- and post-MDO (Marine Diesel Oil with a good ignition and combustion 

characteristics like a Gas Oil) and injected. Even in the case that a total mass ratio of pilot- plus post-

MDO was only 10%, that meant the rest 90% was BFO, the BFO completed the combustion just as 

well as 100% MDO, as the pilot-MDO improved the ignition and the post-MDO mitigated the after- 

burning of the BFO.  

Test engine and working principle of the stratified fuel injection system 

A supercharged single-cylinder engine with 170 mm bore (H-170 engine) was used for the test runs. 

The specifications of this engine are given in Table 4. The working principle of the stratified fuel 

injection system is shown in Figure 17. The whole system consists of a MDO injection pump, a fuel 
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injection nozzle and a BFO supply unit. The MDO injection pump is equipped with the non-return 

valve (X) and the fuel injection nozzle with the non-return valve (Y). The fuel injection nozzle has a 

special BFO passage, which is connected to the MDO passage. The BFO supply unit feeds the required 

quantity of BFO into the passage of the injection nozzle. In other words, BFO is injected instead of 

water of the previous section and BFO is sandwiched between MDO. 

Experimental results using the stratified fuel injection system 

Figure 18 shows the results obtained with the H-170 engine equipped with the stratified fuel injection 

system at full load. The abscissas in (a)～(c) represent the percentage of MDO added to the BFO. 0% 

MDO means 100% pure BFO. 

(a) shows that adding even only 10% of MDO leads to an ignition delay which is close to that of pure 

MDO.  

(b) shows the measurement of particulate matter (PM) in the exhaust gas. As expected, BFO emits 

much more PM than MDO. This (b) data means the following. With an addition of total 10% of pilot- 

and post-MDO using the system, the PM from BFO is reduced to the same value as from pure MDO. 

c) shows the change in specific fuel consumption (SFC) with MDO%. Each SFC data is converted to 

the heat value of MDO. It also shows that 10% addition of MDO improves the SFC drastically.  

According to these results, it is concluded that the system is highly effective. Even though the 

percentage of MDO is relatively low, good combustion characteristics, almost equal to those of pure 

MDO, can be obtained, as the pilot-MDO improves the ignition and the post-MDO mitigates the after-

burning of BFO. 

Table 4: Specification of test engine (H-170) 
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Figure 18: Effects of stratified fuel injection system 

 

 

Figure 17: Working principle of stratified fuel injection 

system 

 

 Figure 19: Numerical results of spray characteristics 

Figure 18 (d) and (e) show the heat release rate and the cylinder pressure. With regard to the cost of 

the fuel, a smaller percentage of MDO is desirable. Therefore, a further reduction in the amount of 

MDO to 4% was examined. Comparing the addition rates of 11% and 4% MDO, the 11% addition 

shows almost the same combustion characteristics as pure MDO, whereas the 4% addition shows a 

much lower heat release rate during the main combustion duration. The maximum cylinder pressure 

becomes much lower. It is concluded that 4% of MDO is not sufficient. 

Explanation of the effectiveness of the system through fuel spray simulation 

To understand the characteristics of the fuel spray in detail, 2D numerical simulation was performed 

using a CFD software [8]. The calculation conditions and the results are shown in Figure 19. The 
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purpose of this simulation is to examine the distribution of the fuel particles injected at the beginning 

and those injected at the end of the injection duration within the spray. 

In Figure 19 (a), the distribution of the fuel particles injected at the beginning of the injection duration 

is examined. On the left, the model injection rate is shown, on the right the resulting distribution of 

the particles. The red dots of the spray represent the fuel injected at the beginning (first 1/8 of the 

injection duration). They are marked in red in the model injection rate. The other particles are marked 

in yellow. 

The fuel particles injected at the beginning of the injection duration are first located at the tip of the 

spray (t=0.9 ms). These particles are slowed down by the air drag. The later injected yellow particles 

penetrate the earlier injected red ones at a high velocity and push them to the side (t=1.5 ms). At 

t=2.4 ms, all the red particles have been pushed to the side of the spray. 

In Figure 19 (b), the distribution of the fuel particles injected at the end of the injection duration is 

examined; the blue dots represent the fuel particles injected at the end (last 1/4 of the injection 

duration).  Blue dots, in contrast to the red particles in (a), remains in the center of the spray (t=4.2 ms 

to t=5.4 ms), because no spray is following to push it to the side. 

The results from this calculation explain the high level of effectiveness of the stratified fuel injection 

system. If the red particles of the spray in Figure 19 (a) represent a good fuel like MDO, then the early 

igniting MDO flame surrounds the yellow particles representing the low-grade fuel. Then the 

temperature of the low-grade fuel will soon rise and the evaporation and ignition of the low-grade fuel 

droplets is accelerated. 

As mentioned above, the fuel particles injected last remain in the center of the spray, where the air 

supply is not sufficient. This difficulty would be the reason for the after-burning and the long combustion 

duration of low-grade fuel. If the fuel injected last is a good fuel like MDO, this problem would be much 

less severe.  

3.3. Further Suggestions 

As mentioned above, the stratified fuel injection system paves the way for the use of fuels with poor 

ignition or combustion characteristics. As an example, the effect of sandwiching ammonia with pilot- 

and post- gas oil has been presented by J-ENG and NMRI, National Maritime Research Institute at 

CIMAC 2023 [9]. On the other hand, the post-fuel is not necessary for fuels with poor ignition 

properties but good combustion characteristics like methanol [2]. For such a fuel, the stratified 

injection with pilot-injection but without post-injection is proposed as in Figure 20. 

In this case, a nozzle tip with two passages is prepared as shown in the figure. The left passage is fed 

with methanol (yellow) from a methanol injection pump. On the other hand, the right-hand passage is 

fed with pilot fuel (red) like diesel oil. A non-return valve is fitted upstream of the right-hand passage. 
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Figure 20: A propose of stratified injection with pilot injection and main injection (without post-injection) 

The function is described as (1) to (4) in Figure 20.  

(1) corresponds to the timing of the start of fuel injection, the main fuel pump is activated and methanol 

(yellow) is supplied at a high pressure to the left-hand passage. However, the space surrounding the 

needle (needle chamber) is filled with diesel oil (red) and the needle opens to inject the pilot diesel oil. 

(2) shows that the methanol is injected as main fuel following the pilot diesel oil. During this time, the 

diesel oil in the right-hand passage stays there because the non-return valve is closed. 

(3) is the timing at needle valve is just closing. then methanol injection ends without post-injection. 

(4) is preparation for the next pilot injection, during which the diesel oil supply system is activated to 

charge the diesel oil from the right passage until the condition before (1) is reached for the next 

injection. The methanol equal to that amount of diesel oil is pushed back to the main injection pump. 

4. Conclusion 

This paper has introduced the two representative technologies that may be applicable to the alternative 

fuels and the following conclusions have been confirmed.  

The first half of the paper has explained on the diffusive combustion by high-pressure hydrogen 

injection quoting the following studies, which realize high power and high efficiency without worrying 

about the back-firing, pre-ignition and knocking associated with Otto-cycle type hydrogen combustion.  

• Research on the diesel-cycle type hydrogen-burning engines through the operational tests of a 

high-speed single-cylinder engine with an output of 100 kW has been successfully conducted 

by MHI: Mitsubishi Heavy Industries, Ltd. 

• As a fundamental research work for the development, visual studies on the combustion by high 

pressure (for example, 30 MPa) hydrogen injection including the case of 100% hydrogen 

without pilot fuel has been conducted by Kyushu University and the National Maritime 

Research Institute, Japan. 

• The second half of the paper has introduced the 'Stratified Injection System' technology.  

• As a kind of the stratified injection system, the stratified water injection system has been 

developed for NOx control. The mechanism by which water is sandwiched between fuels and 

injected from the same injection hole and why NOx reduction and combustion improvement 

can be achieved simultaneously has been explained.  

(1)                  (2)                (3)                    (4) 
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• With a stratified fuel injection system, which injects a small amount of good fuel before and 

after the main injection of a low-grade fuel, the whole combustion process can be improved. 

The effectiveness of stratified injection has been explained with the help of fuel spray 

simulation. In other word, this system is characterized by its ability to improve the combustion 

of a main fuel, which has poor ignition and combustion properties, by injecting the pilot-fuel 

and post-fuel from the same injection nozzle hole as the main fuel.  

• A stratified injection system with pilot-injection but without post-injection has been proposed 

for the case that the post-fuel is not necessary for fuels with poor ignition properties but good 

combustion characteristics such as methanol.  
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Abstract 
Ammonia combustion in internal combustion engines has been the focus in many research projects in 

recent years. One of the drawbacks of many applications with gaseous ammonia admission is the high 

level of pollutant emissions, nitric oxide and unburned ammonia in particular. The use of high-pressure 

liquid ammonia injection has the potential to reduce the level of these harmful emissions. This article 

presents the application of a fuel-actuated common rail injector prototype developed by OMT in a 

large-bore medium speed single cylinder research engine at the LEC GmbH. Building on initial insights 

from the fuel spray characterization in an optically accessible constant volume chamber, the injector 

was integrated into a cylinder head in a dual-fuel configuration with a diesel pilot injector. The focus of 

the test campaign was the investigation of different fuel injection strategies and operating parameters 

and their impact on engine combustion performance and emissions. The combustion concept allowed 

operation with an ammonia fuel fraction up to 90% and showed robust operation even at moderate 

injection pressures of around 60 MPa. A wide operating window with regard to excess air ratio and 

combustion phasing could be achieved and will be the foundation for further load increases and 

performance improvements.  

https://doi.org/10.18453/rosdok_id00004640
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1. Introduction 

The global carbon dioxide (CO2) concentration in the atmosphere has already passed the 420-ppm 

mark in the last couple of years [1]. According to the Copernicus Climate Change Service global 

temperatures reached exceptionally high levels in 2023, making it the warmest year on record – 

overtaking by a large margin 2016, the previous warmest year [2]. 

In order to limit global warming to 1.5 K above pre-industrial levels [3], a goal that was agreed on at 

the UN Climate Change Conference [4] the emission of CO2 and other gases with a high global 

warming potential (GWP) must be reduced quickly. Governments worldwide put forward ever more 

ambitious greenhouse gas (GHG) emission reduction targets. The 2030 Climate Target Plan of the 

European Commission sets the European Union on a path to becoming climate neutral by 2050 and 

proposed to reduce GHG emissions at least by 55% of the 1990 levels by 2030 [5]. In February 2024 

the European Commission deemed it necessary to accelerate the previous plans and recommended a 

90% net GHG emission reduction by 2040 [6] as illustrated in Figure 1. The International Maritime 

Organization (IMO) first established targets to reduce CO2 emissions in 2018 [7] and set even more 

ambitious goals in 2023 to achieve net-zero GHG emissions by 2050, with indicative intermediate 

points of 40% CO2 reduction per transport work in 2030 and a total GHG emission reduction of 70% 

by 2040 compared to 2008. 

 

Figure 1: European Union targets for greenhouse gas emission reduction 

Achieving these ambitious goals requires a global transition from fossil fuels to renewable energy 

sources. The volatility of these sources and the fact their production and their consumption will to a 

large extent take place in different regions of the world will make it necessary to store and transport 

energy on a large scale. Storage in the form of chemicals offers large storage capacities over long 

periods of time and even seasonal storage (Figure 2). 

These secondary energy carriers can be used as e-fuels to decarbonize transportation, such as aviation, 

shipping and heavy duty on- and off-road applications. DNV GL's scenario for the path to net-zero 

emissions [9] shows a diverse future energy mix for the maritime sector and projects ammonia (NH3) 

to be the dominant fuel in the maritime sector by 2050. The projected use of ammonia as a hydrogen 
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carrier and as a fuel in maritime transport and power generation is expected to drive a three to four-

fold increase of global ammonia consumption by 2050. As of 2024 several engine OEMs already 

announced future product offerings. 

 

Figure 2: Energy storage options [8] 

This article presents experimental results of research work on the use of liquefied high-pressure 

ammonia injection in a combustion concept for medium-speed large-bore compression ignition engines. 

The focus of study was the impact of engine operating parameters on the engine performance and 

exhaust gas emissions. Based on the properties of ammonia, the advantages and challenges for engine 

combustion systems are discussed. The selected combustion system and the operating procedures are 

described and experimental measurement results are presented. Finally, a comparison of the most 

important parameters with a diesel combustion system is shown and further possibilities for 

improvement are discussed. 

2. Ammonia engine combustion concepts 

The physical and chemical properties of ammonia differ significantly from those of fossil fuels typically 

used in large-engine applications and also from those of other e-fuels. Table 1 provides an overview of 

properties for several carbon-based and carbon-free fuels relevant for large-engine applications. 

Especially the low laminar flame speed and the high minimum ignition energy of ammonia in comparison 

to other e-fuel options are often considered to be detrimental for use in an internal combustion engine. 

To overcome the challenges posed by the ammonia ignition and combustion properties, admixing of a 

more reactive fuel was proposed [10]. For marine applications where redundancy requirements are 

usually adhered to by providing diesel engine operation capability, diesel fuel is used in ongoing research 

as the reactive fuel component. For spark ignition applications hydrogen is a suitable high reactivity 

fuel. 
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Table 1: Fuel properties of selected e-fuels 

Fuel 

Lower 

heating value 

(gravimetric) 

[MJ/kg] 

Lower 

heating value 

(volumetric) 

[MJ/kg] 

Laminar flame 

speed 

(stoichiometric

) 

[m/s] 

Min. 

ignition 

energy 

[mJ] 

Autoignition 

temperatur

e 

[K] 

Drop-in e-fuel 

(diesel-like) 

43 36 0.87 0.23 483 

e-methane 50 36 0.38 0.29 868 

e-methanol 19 15 0.36 0.14 712 

e-ammonia 

(liquid, - 33 °C) 

20 14 0.07 8.000 930 

e-hydrogen 

(liquid, - 253 °C) 

120 9 3.50 0.017 858 

There a various fuel admission and ignition concept that are feasible for ammonia-fueled engines. An 

overview of currently considered concepts is shown schematically in Figure 3. 

 

Figure 3: Compression ignition and spark ignition combustion concepts 

Spark ignition (SI) concepts span the range from direct ignition concepts with a centrally mounted 

spark plug in the main combustion chamber (NH3-PFI Open chamber) to pre-chamber ignition 

concepts with different scavenging variants (NH3-PFI Pre-chamber). The pre-chamber concept enables 

mixture stratification with a fuel-rich mixture in the pre-chamber or additional hydrogen supply directly 

into the pre-chamber to enhance the ignition conditions at the spark plug location. These engine 

concepts predominantly use external mixture formation of gaseous ammonia and air either upstream 

of the turbocharger or via port fuel injection.  

Ammonia compression ignition (CI) concepts are typically designed as dual fuel combustion concepts 

with diesel pilot injection. Gaseous low-pressure ammonia admission (NH3-PFI) can be realized with 



 
8th Rostock Large Engine Symposium 2024 

 

144 

either central mixing of ammonia with air upstream of the turbocharger or the introduction of 

ammonia via port fuel injection. Diesel is injected directly into the combustion chamber at the end of 

the compression stroke to initiate the combustion process which relies on flame propagation in the 

ammonia-air mixture. The combustion process of liquid high-pressure ammonia injection (NH3-HPDI) 

is similar to typical diesel combustion where the combustion is controlled by fuel-air mixing. This 

concept uses either two fuel injectors in the combustion chamber or a two-needle injector. 

The pollutant emission formation of ammonia combustion is dominated by the fuel-bound nitrogen and 

often associated with the emission of nitrous oxide (N2O) which, according to the IPCC has a GWP 

273 times that of CO2 for a 100-year timescale [11]. 

The authors previously investigated combustion concepts using gaseous ammonia admission via port 

fuel injection or central mixture formation in four-stroke engines [12, 13]. In those experiments 

considerable concentrations of unburned ammonia in the order of 5000 ppm were measured in the 

exhaust gases. One mitigation measure was a reduction of the excess air ratio compared to diesel or 

natural gas engine operation. Ammonia spray combustion has the potential to reduce the ammonia 

emissions and nitrogen oxide (NOX) formation while also maintaining a high excess air ratio. 

3. Experimental test set-up 

3.1. Single cylinder research engine 

The engine investigations were carried out on a medium-speed 4-stroke single cylinder research engine 

(SCE) with a displacement volume of approximately 15 liters that was modified for dual fuel operation. 

For the investigation of the diesel-ammonia operation, a non-reentrant piston bowl and a compression 

ratio (CR) of 17:1 were chosen.  

The low-swirl cylinder head was equipped with two intake and two exhaust valves. Exchanging the cam 

shaft lobes allowed a modification of the valve lift curves. Additionally, the valve timing could be 

adjusted individually for the intake and the exhaust valves. For this investigation, an intake valve lift 

profile with early intake valve closing (IVC) before bottom dead center was selected. The engine 

configuration is summarized in Table 2. 
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Table 2: Engine specification 

Parameter Value 

Rated speed 750 rpm 

Bore 250 mm 

Stroke 320 mm 

Compression ratio 17:1 

Valve timing Early IVC 

No. of intake/exhaust 

valves 
2/2 

Charge air Provided by external compressors with up to 1 MPa boost pressure 

The cylinder head used on the single cylinder research engine was based on the serial configuration 

but was modified for the dual fuel operation. The ammonia injector was located centrally in the 

combustion chamber, replacing a conventional diesel injector, and a second injector was integrated 

into the cylinder head to deliver the diesel pilot injection. 

The design of the cylinder head did not allow for a vertical positioning of the diesel pilot injector but 

rather a lateral, inclined positioning was required. The positioning and orientation of the diesel injector 

nozzle in the combustion chamber required a special spray hole configuration. An illustration of the 

fuel jet interaction of the diesel spray and the ammonia spray is shown in Figure 4.  

Additionally, the cylinder head was modified to provide two separate fuel return passages from the 

ammonia injector. While one of the fuel return streams was maintained at atmospheric pressure, the 

second stream was maintained at 5 MPa to avoid two-phase flow conditions in the injector control 

valve. 

 

Figure 4: Illustration of diesel pilot (black) and ammonia (green) fuel jet interaction 

The injector basic architecture was chosen to be a common rail (CR) arrangement, with a two-way, 

solenoid actuated control valve cooperating with two calibrated orifices to modulate pressure in a 

control chamber realized on top of the nozzle needle to actuate its opening and closing motion, an 
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integrated fuel accumulator and flow limiter valve, and a nozzle with zero static leakage, as described 

in [14] and [15]. 

All engine fluids including cooling water, lubricating oil, and charge air were controlled to ensure well-

defined and reproducible testing conditions. Instead of a turbocharger, an air compressor upstream of 

the engine and a flap in the engine exhaust system were used to adjust intake and exhaust manifold 

pressures. A flush mounted piezoelectric cylinder pressure transducer enabled real-time calculation of 

the indicated mean effective pressure of each cycle. 

The excess air ratio (EAR) is defined in Equation 1 and is taking the mass of ammonia mNH3, the mass 

of diesel mdiesel and the mass of air mair as well as the stoichiometric air-fuel ratios of ammonia 

AFRstoich,NH3 and diesel AFRstoich,diesel into account. 

𝐸𝐴𝑅 =
𝑚𝑎𝑖𝑟

𝑚𝑁𝐻3 ∗ 𝐴𝐹𝑅𝑠𝑡𝑜𝑖𝑐ℎ,𝑁𝐻3 +𝑚𝑑𝑖𝑒𝑠𝑒𝑙 ∗ 𝐴𝐹𝑅𝑠𝑡𝑜𝑖𝑐ℎ,𝑑𝑖𝑒𝑠𝑒𝑙
 (1) 

In order to acquire highly reliable and reproducible exhaust gas measurements, an FTIR system was 

used to cover the whole range of exhaust gas components of interest. Table 3 summarizes the SCE 

measurement instrumentation. 

Table 3: Overview engine instrumentation 

Quantity Instrumentation Accuracy Range 

Air mass flow Emerson Micro Motion CMF100 +/-0.35% 0 – 300 kg/h 

Diesel mass flow AVL Fuel Exact MF 150KG SF +/-0.1% 0 – 150 kg/h 

Ammonia mass flow Emerson Micro Motion CMFS025 +/-0.1% 10 – 180 kg/h 

Charge air temperature PT 100 +/- 0.15 K * 0.002 * (t) 223 – 773 K 

Charge air pressure AVL piezoelectric transducer GU21C +/-0.3% 0 – 8 MPa 

Cylinder pressure AVL piezoelectric transducer QC34C +/-0.2% 0 – 25 MPa 

Exhaust gas temperature Thermocouple type K 0.004 * (t) max. 1370 K 

Exhaust gas pressure AVL piezoelectric transducer GU21C +/-0.3% 0 – 8 MPa 
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3.2. High-pressure fuel injection systems 

A dedicated ammonia high-pressure fuel supply and injection systems was built for the test campaign. 

The main challenges in designing the system were to avoid ammonia evaporation under all operating 

conditions and to fulfill minimum inlet pressure requirements of the high-pressure fuel pump.  

Table 4: Fuel injection equipment 

Component Specification 

Diesel pump  Bosch 

Diesel pilot injector DUAP 

Diesel pilot nozzle configuration (holes / flow rate / reference 

pressure) 

4-hole, 1.6 l/min, 120 MPa 

Ammonia fuel pump Hammelmann HAMPRO 23 

Ammonia injector OMT common rail injector 

Ammonia nozzle configuration (drilling / flow rate / reference 

pressure) 

8 x 0.54 mm, 14 l/min, 131 MPa 

Two independent high-pressure fuel systems were built for the diesel pilot and the ammonia injection. 

The diesel pilot injection system was capable of operating up to 120 MPa, and the pilot nozzle used 

had a nominal flow rate of 1.6 l/min. The pilot fuel flow rate was measured via an AVL Fuel Exact. The 

ammonia injector was equipped with an 8-hole nozzle with a nominal flow rate of 14 l/min. The nozzle 

was designed for 131 MPa and the maximum operation pressure of the injector was set at 150 MPa. 

The fuel injection equipment specification is summarized in Table 4. 

The high-pressure fuel system for ammonia included a pump designed for a maximum injection pressure 

of 150 MPa. The high-pressure fuel system also included the fuel conditioning, the fuel mass flow rate 

measurement and the actuators and controls to maintain the desired pressure in the injector leakage 

return line. A schematic of the ammonia high-pressure system is depicted in Figure 5. 

In addition to the dual-fuel combustion concept the SCE could also be equipped with a centrally 

mounted diesel injector to allow pure diesel operation. The diesel engine operation was tested with a 

different injector and nozzle set-up that resembled the serial production configuration. 
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Figure 5: Ammonia high-pressure supply system 

4. Experimental investigations 

4.1. Test procedures 

The goal of the experimental investigations with ammonia direct injection was to assess the impact of 

fuel injection strategies and operating parameters such as excess air ratio and combustion phasing. 

During the SCE investigations the key operating parameters, e.g. excess air ratio, diesel fraction, 

injection timing, were varied for a fixed load of 1.2 MPa brake mean effective pressure (BMEP) at a 

constant engine speed of 750 rpm. The excess air ratio was determined from the measured air and 

fuel mass flow rates and the stoichiometric air-to-fuel mass ratio for the selected share of diesel and 

ammonia fuel. Adjustment of the excess air ratio was achieved via boost pressure adjustment. Exhaust 

gas pressure was adjusted to achieve a desired ratio of boost pressure to exhaust gas pressure. 

The dual fuel combustion concept with separate injectors for diesel and ammonia allows an 

independent adjustment of the dwell between the injection of the two fuels. Figure 6 illustrates the 

definition of the dwell which describes the crank angle duration from the start of the diesel injector 

current signal to the start of the ammonia injector current signal. Due to the hydraulic delay the 

injection starts later than the injector current signal which is indicated by the rail pressure drop (shown 

for ammonia in Figure 6). The hydraulic delay of the diesel injector amounts to only a few degrees 

crank angle while the ammonia injector hydraulic delay is longer (around ten degrees crank angle) and 

varies with the rail pressure. Since the detection of the start of injection is subject to a higher 

uncertainty than the injector current signal, the dwell timing will be calculated based on the injector 

current signals throughout the article. 
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Figure 5: Definition of dwell, injector current signals and ammonia rail pressure trace 

4.2. Excess air ratio variation 

An excess air ratio variation between 1.2 and 1.8 was performed at a fixed combustion phasing – 

defined as the crank angle where 50% of the fuel energy has been released (CA50). Both the ammonia 

and the diesel rail pressures were maintained at a constant value of 60 MPa and 120 MPa, respectively. 

The diesel energetic fraction was maintained at 10% and the dwell duration was fixed at 2.5 degree 

crank angle (CAD) throughout the test. The injection timing that is required to achieve the desired 

combustion phasing is shown on the bottom of Figure 7. Towards lower excess air ratios, the start of 

the injector energization (start of current – SOC) had to be advanced by approximately 1 CAD which 

is mainly driven by a longer ignition delay time and the early part of the combustion process. The time 

when 5% of the fuel energy has been released (CA05) is nearly constant for the whole excess air ratio 

variation. A larger variation can be observed in the timing of 90% heat release (CA90). While there is 

only a small change between EAR = 1.8 and 1.4 there is an observable shift to later timings of CA90 

for the lowest EAR = 1.2. 
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Figure 6: Injection timing and combustion progress for an EAR variation at constant BMEP 

The impact of the excess air ratio on the combustion process is depicted in Figure 8 and Figure 9. In 

the upper part of both figures the injection timings for both the ammonia and the diesel injection are 

displayed. The small difference in the lengths of the injections for different excess air ratios is reflecting 

the efficiency benefit of the higher excess air ratios. In Figure 8 the normalized heat release rates for 

the early combustion phase are shown. It can be observed that the time delay between the start of the 

diesel injection and the first rise of the heat release rate decreases with increasing excess air ratio. 

Due to the long hydraulic delay of the ammonia injector the ammonia injection started only after the 

first heat release was observed and it is assumed that the variance in ignition delay is caused by oxygen 

availability. Similar to the behavior that is familiar from diesel combustion processes the fuel-air mixture 

that is formed within the ignition delay time is burned rapidly when the combustion starts, resulting in 

the well-known pre-mixed peak in the heat release rate. It is assumed that no ammonia is present in 

the combustion chamber at this point in time and the small differences in the height of the pre-mixed 

peaks are the result of different ignition delay times. 

Figure 9 depicts the cumulative heat release for the same four operating conditions. Up to 

approximately 80% of total heat release the combustion process is nearly identical for all excess air 

ratios. Beyond this point the combustion proceeds considerably faster with higher excess air ratios, 

likely determined by the local availability of oxygen. 
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Figure 7: Heat release rate during ignition and early combustion phase for different EAR at constant BMEP 

The process for the lower excess air ratio is not just characterized by a delayed heat release but also 

by a less complete combustion as can be seen in the emissions of unburned ammonia that are displayed 

in the top graph of Figure 10. 
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Figure 8: Cumulative heat release for different EAR at constant BMEP. 

While the measured NH3 concentrations in the exhaust gas are nearly constant between EAR = 1.4 

and 1.8 there is a significant increase for EAR = 1.2. The opposite is observed for the emissions of 

nitrogen oxides that are lower for EAR =1.2 than for the higher excess air ratios. While the retarded 

and less complete combustion might contribute to this behavior, oxygen availability is likely the 

dominating factor. This is in line with the trends reported in the literature for (partially) premixed 

combustion where maximum nitrogen oxide emissions were found to occur at approximately EAR = 

1.35 [16]. Taking the changing efficiency and exhaust gas mass flow rates for different excess air ratios 

into account the NOX emission intensity for EAR = 1.2 was found to be approximately 40% of that for 

the higher excess air ratios shown in Figure 10. 

The nitrous oxide emissions are on a relatively low level below 50 ppm. Due to the high global warming 

potential of nitrous oxide a further reduction via exhaust gas aftertreatment is still required to achieve 

the zero-impact emission levels. The nitrous oxide concentrations are decreasing with decreasing 

excess air ratio from 1.8 – to 1.4 as was found in experiments with homogeneous ammonia-air 

mixtures [12, 13]. For EAR = 1.2 an unexpected increase of the nitrous oxide emissions was observed. 

Since this increase is occurring in conjunction with a strong increase of the ammonia concentration it 

is possible that the nitrous oxide (or at least some share) is not formed during the main combustion 

phase but rather in the expansion and exhaust stroke when the unburned ammonia is reacting with 

nitrogen oxides at low temperature in a reaction known as selective non-catalytic reduction [17]. 
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Figure 9: NH3, NOX and N2O emission concentrations for an EAR variation at constant BMEP 

The results show that the excess air ratio for ammonia-diesel dual fuel operation can be varied in a 

wide range and that an excess air ratio similar to values for typical diesel engines is feasible. 

4.3. Combustion phasing variation 

A combustion phasing variation between CA50 = 4 CAD after top dead center (aTDC) and 16 CAD 

aTDC was performed for an excess air ratio of 1.8. Both the ammonia and the diesel rail pressures 

were maintained at a constant value of 60 MPa and 120 MPa, respectively. The diesel energetic fraction 

was maintained at 10% and the dwell duration was fixed at 2.5 CAD throughout the test. The injection 

timing that is required to achieve the desired combustion phasing is shown on the bottom of Figure 

11. In contrast to what would be expected, i.e., disproportionally advanced injection timing to achieve 

the earlier combustion phasing due to the increasing ignition delay time, it was observed that the 

injection timing had to be advanced less than the respective target combustion phasing. 
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Figure 10: Injection timing and combustion progress for a combustion phasing variation at constant BMEP 

A potential explanation for this unexpected trend can be seen in Figure 12 where the normalized heat 

release rates for the early combustion phase are shown. It can be observed that the time delay between 

the start of the diesel injection and the first rise of the heat release rate decreases with later injection 

timing, as expected due to the increasing pressures and temperatures later in the compression stroke. 

Again, due to the long hydraulic delay of the ammonia injector it is assumed that ammonia is not 

affecting this initial phase of the combustion. It can be observed, however, that with later injection 

timing the pre-mixed peak is reduced and the subsequent rapid increase of the heat release rate is 

retarded. It is hypothesized that two effects contribute to this behavior. On one hand, the shorter 

ignition delay time could reduce the spatial overlap of the ammonia and the diesel sprays and therefore 

the ignition of the ammonia spray. On the other hand, the reduced cylinder volume close to top dead 

center might impact the spray propagation and air entrainment.  
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Figure 11: Heat release rate during ignition and early combustion phase for different combustion phasing  

The impact of the slow increase in the heat release rate can be seen in the cumulative heat release in 

Figure 13. While the start of combustion shows a small spread only, the timing for CA50 shows a much 

higher spread from the earliest to the latest combustion phasing. This trend differs significantly from 

the behavior of a pure diesel combustion (with a centrally mounted diesel injector) that is shown in 

the bottom part of Figure 13. The cumulative heat release rates of the diesel combustion show less of 

a change in the shape but more a parallel shift of the curves. Apart from the interaction of the diesel 

and the ammonia sprays the fuel evaporation, especially the ammonia evaporation, could further impact 

the combustion process. Due to the significantly higher heat of vaporization the impact on combustion 

chamber temperature is expected to be significantly higher. The development of evaporation models 

and their integration into the heat release analysis tools is currently in progress and will allow a more 

detailed analysis of the ammonia combustion process in the future. 
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Figure 12: Cumulative heat release for different combustion phasing for ammonia (top) and diesel (bottom)  

4.4. Comparison to diesel operation 

The effect of the evaporative cooling can also explain some of the differences observed for a 

comparison of key parameters for ammonia and diesel combustion (Figure 14). The measured exhaust 

gas temperature for ammonia operation is approximately 100 K lower than for diesel operation with 

the same excess air ratio and combustion phasing. Reiter and Kong [18] performed thermodynamics 

calculations for the adiabatic flame temperature as a function of the fuel share between diesel and 

ammonia and the excess air ratio. They found that the adiabatic flame temperature for stoichiometric 
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conditions was reduced from 2320 K for diesel to 2100 K for ammonia and indicated the impact on 

the overall in-cylinder temperature level when ammonia is used as a fuel. The differences in the heat 

of vaporization between the fuels is exacerbating this effect. This impact on the in-cylinder temperature 

strongly affects the thermal NOX formation that is typically the dominant share in hydrocarbon fuels. 

For ammonia combustion this temperature-driven effect is combined with the nitrogen oxide 

formation from fuel-bound nitrogen. The combined effect can be seen in the bottom of Figure 14 

where the ammonia operation showed significantly lower nitrogen oxide emissions than the diesel 

combustion. The cyclic variability of the ammonia operation was higher than for diesel operation 

throughout the combustion phasing variation. Up to CA50 = 12 CAD aTDC the coefficient of variation 

of the indicated mean effective pressure (COV) could be maintained below 1.5%. For the latest 

combustion phasing of CA50 = 16 CAD aTDC the cyclic variability increased significantly which might 

be explained by the weak combustion initiation. 

 

Figure 13: Selected performance parameter for the comparison of ammonia and diesel operation during a combustion 

phasing variation 

Further analysis of the heat release rate of ammonia operation revealed that the cyclic variability is 

caused by the later part of the combustion. In Figure 15 the normalized heat release rates for a diesel 

operating point and an ammonia-diesel operating point with 10% diesel fraction are displayed. For both 

operating points the mean cycle (solid lines) as well as the standard deviation (shaded areas) are shown. 

For pure diesel operation the cyclic variability is very small and hardly visible in the diagram. For the 

ammonia combustion the early combustion phase has the same low cyclic variability that the diesel 

operation is showing. Only in the later part of the combustion where ammonia is burned the cyclic 
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variability increases significantly. Future work will have to determine the root cause and mitigation 

measures. At this point it is not entirely clear if some of the variability might originate from the fuel 

supply rather than the in-cylinder processes. 

 

Figure 14: Illustration of cyclic variability of the heat release rate for ammonia and diesel operation 

5. Conclusions 

Ammonia is widely considered to be a strong candidate to serve an energy carrier for large-scale 

energy storage and transportation as the world transitions from a fossil fuel-based energy system to a 

system based on renewable energy. Although based on its physical and chemical properties ammonia 

does not seem to lend itself to direct use in internal combustion engines, recent progress has shown 

that ammonia is a suitable fuel for many applications. Different ammonia fuel admission and combustion 

concepts are currently under investigation to assess potential and limitations. In order to fulfill future 

stringent emission legislation exhaust gas aftertreatment will have to be an integral part of ammonia-

based propulsion or power generation systems. 

In this article an NH3-HPDI combustion concept with a centrally mounted ammonia injector was 

experimentally evaluated on a medium-speed single cylinder research engine. Robust engine operation 

with ammonia energy shares up to 90% could be demonstrated and it was shown that moderate 

ammonia injection pressures of 60 MPa were sufficient to allow a wide operating range. Compared to 

previously published ammonia combustion investigations using port fuel injection or central mixture 

formation the use of high-pressure direct injection enabled a reduction of NH3 emissions. NH3 

concentrations were mostly in the 1000 – 2000 ppm-range and for the best nozzle configuration 

concentrations of approximately 600 ppm were feasible even with excess air ratios typical for diesel 



 
8th Rostock Large Engine Symposium 2024 

 

159 

combustion concepts. The boost pressure demand does not increase compared to diesel operation 

such that existing turbocharger systems can potentially be modified to fulfill the needs of ammonia 

operation. The final excess air ratio selection will also have to take the exhaust gas temperature and 

its impact on the exhaust gas aftertreatment into account. In contrast to LNG dual fuel combustion 

concepts no combustion anomalies such as knocking have been observed for ammonia combustion, 

enabling the use of early combustion phasing. The benefits of the high excess air ratios and combustion 

phasing options support a favorable efficiency vs. NOX trade-off that is illustrated in Figure 16. In 

comparison to the diesel operation a higher engine efficiency could be achieved with the NH3-HPDI 

concept at a given NOX intensity. 

 

Figure 15: Efficiency vs. NOX emission trade-off for ammonia and diesel operation 

Future research on NH3-HPDI combustion will focus on the optimization of the spray-spray and spray-

piston bowl interaction as well as exhaust gas aftertreatment. Furthermore, the long-term impact of 

ammonia and ammonia combustion products on materials and lubricants will have to be subject to 

detailed investigations. 
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Abstract 
Ammonia as a fuel has been studied since the middle of the twentieth century. This technology has 

found renewed interest in recent years as a way to decarbonize large powertrain applications. The 

maritime sector will reveal its first commercial applications within the next 2 years in order to provide 

practical solutions to decarbonize large energy consumers (especially maritime transportation) in 

compliance with different legislations and greenhouse gas reduction objectives from IMO and European 

Council. Ammonia does not produce any direct carbon emissions during its combustion; it can be 

stored in liquid phase at a pressure of approximately 15 bar at ambient temperature; and it benefits 

from mature supply and storage infrastructures across the globe. Nevertheless, its use involves 

challenges such as safety linked to ammonia toxicity and combustion management, particularly for 

emission control, stability and engine durability. TotalEnergies, as a lubricant manufacturer, aims at 

identifying the ammonia combustion impacts on lubricant performance and aging, with the objective to 

provide technical solutions that meet the requirements of ammonia applications in a sustainable 

manner. 

This study investigates the influence of ammonia combustion on lubricant performance, particularly its 

role on engine durability. The results are based on experimental studies carried out on large an off-

road engine in collaboration with Liebherr Machine Bulle and a laboratory bench test comparing 

tribological behavior under air and ammonia atmosphere. The results of these investigations provide 

lessons on: 

• The evolution of lubricant behavior during a durability test using an ammonia Dual Fuel 

combustion engine 

• wear and corrosion phenomena observed on disassembled engines parts and solutions to 

mitigate them through lubricant formulation 

• The relationship between metal surfaces alteration and the tribofilm structure in the presence 

of ammonia. 
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1. Lubricant aging during ammonia combustion endurance test 

A durability engine test has been developed to study the lubricant behavior under severe ammonia 

combustion conditions along an extended period of time. The goal of this test is to evaluate the capacity 

of the engine oil to maintain its performance and the ageing intensity. The test was carried out on a 

prototype engine whose characteristics are described in the table 1.  

Table 1: Test engine specification 

Number of Cyl.  4 

Displacement 9 dm3 

Bore 135 mm 

Stroke 157 mm 

Rated Power 300 kW @ 1700-2100 rpm 

Max. Torque 1739 Nm 

Liebherr Machine Bulle pre-development teams modified a series Diesel engine in order to operate in 

Dual Fuel ammonia combustion, i.e. the combustion of the air-ammonia mixture is ignited by a Diesel 

pilot injection. This prototype engine uses the standard configuration of the Diesel engine in terms of 

turbocharging system and combustion chamber. No specific change in components material was done 

on this prototype engine. 

1.1. Engine setup and operating conditions 

Prior to the endurance test, Liebherr Machine Bulle pre-development teams investigated different 

strategies and hardware configurations of ammonia injection: gas or liquid phase injection, single-point 

or multi-point injection, adaptations of the intake line for mixture optimization. For this endurance 

test, the authors jointly selected a single-point liquid phase ammonia injection to ensure homogeneous 

air-ammonia mixture cylinder-to-cylinder and a good combustion stability over long duration tests. 

The injection setup is presented in figure 1. 

  

Figure 1: ammonia injection setup for endurance test Figure 2: ammonia injectors location 

The concept of the durability test was designed on a on a single operating point run for a period of 

250 hours. To ensure sufficient severity and stress on the lubricant, several requirements were 

considered for the calibration of the operating point. A low rotational speed and high load generates 

high thermal and blow-by gas stress in the oil film around the piston – liner assembly on lubricated 
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contacts. The engine calibration allowed to reach 22.5 bar of BMEP at 1100 rpm which was considered 

sufficiently representative of high load conditions in field applications. The injection parameters in dual 

fuel mode were set to operate at the maximum cylinder pressure used by the series engine under 

Diesel combustion as illustrated in Figure 3. Finally, the ammonia / Diesel fuel energy ratio was 

optimized to maximize the exposure of the lubricant to ammonia, while allowing a stable combustion 

throughout the endurance run. That energy ratio was set at 90% after calibration. The summary of 

engine operating characteristics is presented in Table 2.  

Table 2: operating point definition 

 

 

Figure 3: Cylinder pressure measurement on endurance 

operating point 

The entire endurance test lasted 250 hours during which the engine ran on the operating point 

described above for 8 to 10 hours per day. Throughout the test, the engine lubricant was sampled 

regularly for analysis to assess its aging. Lubricants technologies were developed by TotalEnergies to 

ensure proper engine lubrication under ammonia combustion and used in this study. After 150 hours 

of operation, observing that the analysis showed regular and predictable behavior, a change from 

Lubricant A to Lubricant B was decided in order to test the impact of engine oil formulation on ageing 

pattern. Both lubricants used in that study are SAE 40 engine oils sharing the exact same base oil blend 

technology based on classical API group I, group II base oil slates. Except for the antiwear, different 

additive technologies were used between lubricant A and lubricant B leading to different total base 

number (TBN) values as detailed in Table 3. 

Table 3: Engine oil characteristics 

Name 

Base oil 

blend 

technology 

Antiwear 

additive 

Additive 

technology 

Kinematic 

Viscosity at 100°C 

Kinematic 

Viscosity at 40°C 
VI TBN 

  
 

    ASTM D7279 ASTM D7279 
ISO 

2909 

ASTM 

D28961 

Units      mm2/s mm2/s - mg KOH/g 

Lubricant A Blend 1 AW 1 ADD 1 14.44 134.0 107 12,5 

Lubricant B Blend 1 AW 1 ADD 2 14.33 132.9 107 20.0 

        

Engine speed 1100 rpm

BMEP 22,5 bar

Diesel pilot injection energy ratio 10%

Ammonia fuel injection energy ratio 90%

Engine efficiency 

(delta with reference Diesel engine)

+3%

Max. cylinder pressure 

vs. Diesel engine max cylinder pressure

1:1



 
8th Rostock Large Engine Symposium 2024 

 

166 

At the start, in the middle and at the end of the endurance test, a measurement of NH3 concentration 

was carried out in the crankcase ventilation circuit to quantify ammonia concentration to which the 

lubricant is exposed. Finally, at the end of the endurance test, the engine was disassembled for 

inspection. The objective was to analyze the condition of the different components to evaluate 

potential impacts of ammonia combustion on their integrity. 

1.2. Lubricant A samples analysis 

The following figures present the evolution of lubricant properties when using Lubricant A for the first 

150 hours. Figure 4 shows the evolution of the acidity number (TAN) and the basicity number (TBN) 

of the lubricant. Unlike lubricants in Diesel or gas engines where the TAN increases and the TBN 

decreases with respect to the neutralization of acids, in this study, both parameters remain stable. 

Nitrogen oxides remain the main products of ammonia combustion, however, samples analysis does 

not reveal any trace of nitroxidation within the lubricant. 

On the other hand, lubricant kinematic viscosities at 40 °C or 100 °C remains stable throughout the 

150 hours hence showing no signs of significant oil ageing. Considering no viscosity increase and quite 

stable TAN and TBN values over the initial 150 h, it can be assumed that the thermal and chemical 

conditions do not meet oxidative alteration limits for the lubricant, despite severe operating conditions. 

It should also be noted that lubricant samples do not reveal presence of soot and no water was 

detected in the samples either, despite water vapor being a main product of ammonia combustion. 

This is explained by high load engine operation and therefore continually high engine coolant 

temperature (87 °C) and high oil temperature (95 °C). 

 

 

Figure 4: TBN and TAN monitoring of Lubricant A 

 

Figure 5: Relative kinematic viscosities at 40°C and 

100°C monitoring of Lubricant A 

Figures 6 and 7 show the evolution of metal contents concentrations in lube oil. Interestingly, a clear 

increase in the concentrations of copper and iron can be observed. The progressions of these 

concentrations are regular and greater than those found in conventional diesel or gas combustion 

engines.  
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Figure 6: Copper and iron concentrations monitoring of 

Lubricant A 

Figure 7: Chromium and tin concentrations monitoring of 

Lubricant A 

In the case of copper, the concentration progresses quite regularly from the start of the tests. The 

presence of copper in the oil had been observed in a study carried out by Obrecht et al. in 2022 [1] 

and is expected given the corrosive nature of ammonia towards copper. Iron is present in several 

engine parts made of different steels. Iron in the lubricant is not immediate but appears after about 

fifty hours, thereby suggesting a degradation of the lubricating protection performance over time. The 

lack of resilience of the tribofilm under ammonia operating conditions is a potential hypothesis leading 

to a lower protection of the lubricated metal surfaces in motion.  

Other metals such as tin and chromium also show a significant progression even if the concentrations 

remain moderate. Like copper, the tin concentration increases from the beginning of the tests, 

suggesting wear of the bearings. The chromium concentrations are significantly lower but nevertheless 

higher than a wear threshold considered significant at 3 ppm. Chromium is present on the fire rings. 

Its presence in the oil suggests wear at the ring-liner contact. In the case of ammonia combustion 

engines, the greater quenching distance is likely to generate ammonia accumulation area in the top 

land, without combustion. We can then question the impact of the presence of ammonia on the ring-

liner contact at the top-ring level. 

Since metal concentration progressions are regular and ageing properties are relatively constant, 

operating an additional 100 hours with the same lubricant would certainly not provide any new 

information. A change of lubricant was decided to test the impact of a new additive technology ADD 

2 in the formula of lubricant B. The new additive technology ADD 2 aims to protect lubricated surfaces, 

having noted attacks of several metals. 

1.3. Lubricant B samples analysis 

Over the remaining 100 h of the endurance test, the lubricant B oil samples show kinematic viscosity 

profiles quite similar to Lubricant A sample during the initial 150h of the test as illustrated by Figures 

8 and 9. This observation confirms that additivation B does not affect its viscosity performance of the 

engine oil.  
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Figure 8: Relative kinematic viscosity at 40 °C of Oil A 

and Oil B 

Figure 9: Relative kinematic viscosity at 100 °C of Oil A 

and Oil B 

Figures 10 and 11 compares the evolution of acidity and basicity during the engine test for lubricants 

A and B. Whereas, no significant evolution of the acidity number is observed on Lubricant B oil samples, 

a regular decrease in the total based number is observed for Lubricant B. This behavior differs from 

Lubricant A and can be explained by the difference in the chemical nature of additives technologies 

used in both lubricants. Considering the higher initial TBN of Lubricant B, the decrease is considered 

quite reasonable and does not generate any increase in acidity number as emphasized previously.  

Considering chemical composition of Lubricant B, it is very likely that beyond the first 100 hours the 

TBN would continue to decrease to stabilize at 14 like lubricant A, maintaining its alkalinity reserve. 

Nevertheless, this hypothesis shall be verified thank to additional tests.  

  

Figure 10: Total acidity number (TAN) comparison of Oil 

A and Oil B 

Figure 11: Total basicity number (TBN) comparison of 

Oil A and Oil B 

Wear metal elements measured during the engine test on lubricants A and B oil samples are reported 

on Figures 12a, b, c and d. We clearly observe a slower progression of copper and iron concentrations 

with lubricant B compared to lubricant A. Additionally, the progression of the chromium concentration 

is also lower with lubricant B which therefore seems to ensure a more resistant tribofilm for ring-liner 

contact. Finally, after 100 h of operation on both oils, lubricant B shows twice as less tin concentration 

than with lubricant A. This suggests that the additive technology of the lubricant B allows an improved 

wear phenomena mitigation compared to lubricant A additive system.  
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Figure 12a: Copper concentrations comparison of Oil A 

and Oil B 

 

Figure 12b: Iron concentrations comparison of Oil A and 

Oil B 

  

Figure 12c: Tin concentrations comparison of Oil A and 

Oil B 

Figure 12d: Chromium concentrations comparison of Oil 

A and Oil B 

1.4. Ammonia concentration measurements of crankcase gases 

In order to know what concentration of ammonia the lubricant is exposed to in the crankcase, a 

specific measurement setup was installed for these tests. The ammonia concentration measurement 

was carried out at the start of the test, after 125 hours, and at the end of the test. Figure 13 shows 

the ammonia concentrations measurements for the 3 samples.  
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Figure 13: Ammonia concentration measurements in crankcase ventilation gases 

The results show a clear increase in the NH3 concentration throughout the endurance test. The 

concentration at the end of the test is consistent with the level measured during a study carried out in 

2022 [1]. It is difficult to identify the reason for the concentration increase. However, this could be 

linked to the suggested wear phenomenon in the ring-liner- contact and therefore a degraded sealing 

of the combustion chamber. As a result, it is confirmed that the lubricant is exposed to high 

concentrations of ammonia around the liner and in the crankcase. These conditions will subsequently 

be reproduced in laboratories to study more closely any potential alteration of the lubricant 

1.5. Aged lubricant composition analysis 

In order to provide better insights on the structural degradation of the lubricant, used oils at 150 hours 

and after 100 hours for lubricants A and B respectively, were studied by mass spectroscopy at 

TotalEnergies R&D center. The mass measurements were obtained using an Orbitrap Qexactive plus 

instrument equipped with an electrospray ionization (ESI) source. Acquisitions were carried out on 

negative detection mode to have a selective ionization of detergent molecules. Prior to analysis, sample 

were solubilized in a toluene/methanol mixture (50/50, v/v) at 0.1 mg/mL with addition of 2% of 

ammonium hydroxide dopant to favorize ionization. Orbitrap and source parameters were set as 

follows: capillary voltage fixed to 3 kV, sheath gas flow rates equal to 10, capillary temperatures equal 

to 350 °C, AGC target at 1e6 ms with a maximum injection time of 50 ms, and S-lens Rf at the 

maximum of 100%.  

The results are depicted in figures 14a, b, c and d through Kendrick mass defect plots, which serve as 

molecular maps to align molecular families differing only by alkylation levels on the same horizontal 

line. Both native lubricants exhibit three distinct families: 2 types of detergent additives, and 

dithiophosphate (DTP) antiwear additive. Post-aging, Lubricant A shows a complete absence of DTP, 

indicating their full consumption, aligning with the emergence of polyphosphates undetectable under 

the current conditions. Aging also reveals the presence of nitro-oxidation products in detergents, 

hinting at ammonia's impact on these additives. This is further evidenced in figures 15a and 15c with 

compound class distribution for Lubricant A, which compares the relative abundance of each class pre- 

and post-aging. The classes O3, O1, and O2P1S2 correspond to detergents, and DTP antiwears, 

respectively. The absence of native DTP (O2P1S2) post-aging confirms their total consumption. Nitro-

oxidation is identifiable with the emergence of O3N1 and O5N1 (detergents nitro-oxidation) classes.  
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In contrast, Lubricant B Kendrick mass defect plots (Figures 18 and 20) show significant differences, 

notably the presence of monothiophosphate (MTP) and phosphate, which are consistent with 

degradation intermediates preceding polyphosphate formation. This suggests that Lubricant B anti-

wear additives are less degraded than those in Lubricant A. Figures 16 and 17 underscores this with 

compound class distributions that show a decrease in native DTP (O2P1S2) and the appearance of 

MTP (O3P1S1) and phosphate (O4P1). The detergents in Lubricant B also undergo nitro-oxidation, 

but with a lower relative abundance than in Lubricant A.  

Overall, these results strongly evidence that Lubricant B is less degraded than Lubricant A focusing on 

detergent and antiwear additives. This is corroborated by the lower wear metal content observed in 

the standard oil analysis discussed previously.  

  

Figure 14a: Kendrick mass defect of Lubricant A - fresh Figure 14b: Kendrick mass defect of Lubricant B – 

fresh 

 
 

 
 

Figure 14c: Kendrick mass defect of Lubricant A - aged Figure 14d: Kendrick mass defect of Lubricant B – 

aged 
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Figure 15: Component class distribution for Lubricant A Figure 16: Component class distribution for 

Lubricant B 

1.6. Endurance engine inspection 

Finally, at the end of the endurance test, the engine was disassembled by the Liebherr teams and the 

parts inspected one by one. As a reminder, on this test engine, almost all the components (except the 

ammonia injection system) come from a series production Diesel engine, both in terms of design and 

materials.  

Regarding air path component, unlike the study carried out in 2022 [1], the turbocharger is in perfect 

condition. No clearance from the shaft suggests any wear of the bearing. The engine head does not 

show any particular deterioration with the exception of wear at the head of the valve stems. This can 

be explained by engine operation on a single point at low speed, on which the expected axial rotation 

of the valve is limited. Carbon deposits are also observed on the intake valves, most certainly from the 

lubricant. On base engine components, there is no particular trace of deterioration. The honing of the 

liners is still visible, without significant wear while the top of the liners shows a clear coloration 

potentially attributable to corrosion. Moving parts are more altered. The connecting rod small end and 

big end bearings show significant wear areas. The top rings show more wear than expected for this 

endurance period, as shown by the analysis results. Indeed, the polishing height of the top rings which 

corresponds to the worn surface exceeds half the height of the ring. The pistons do not show any 

carbon deposit as we could expect. However, the piston bottoms show a black deposit which suggests 

significant thermal stress.  
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Figure 17a: Top rings from cylinders 1 and 2 

 

Figure 17b: Piston bottom of cylinder 1 

Figure 17c: Liner from cylinder 2 

Overall, the engine components do not appear to have suffered any significant degradation with the 

exception of the connecting rod small end and big end bearings and the top rings. These degradations 

are correlated with the lubricant analyses. Based on the previous observations, it is likely that most of 

the degradations were performed during the first 150 h with Lubricant A. 

2. Impact of ammonia on friction and tribolfilm performance 

A first tribological study was therefore conducted by TotalEnergies to study the impact of a controlled 

ammonia atmosphere on lubricated contacts. The aim of this study is to understand whether the 

presence of ammonia impacts the friction performance and whether it can affect the tribofilm. A ball-

on-disk tribometer was used to control precisely the contact speed and normal force applied on the 

lubricated contact. As depicted in figure 18, the tribometer is installed in a sealed chamber in order to 

control the atmosphere around the contact. For these first campaign, the same commercial lubricant 

is tested with a 100% air atmosphere and a 100% NH3 atmosphere. These opposite conditions aim to 

study the impact of ammonia on the lubricated contact. 
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Figure 18: Tribometer with controlled atmosphere 

The friction coefficient recordings along the two tests are shown in Figure 19. Figure 20 illustrates the 

average friction coefficient over each test. We observe a relatively flat evolution of the friction 

coefficient suggesting a limited evolution of the tribofilm during the test. The test performed under 

ammonia atmosphere leads to a 20% higher friction coefficient on average (running-in sequence 

excluded) compared to the test performed under air. This observation indicates that replacing air by 

ammonia, impacts the friction properties of a lubricated contact. 

  

Figure 19: Friction coefficient calculation during the tests Figure 20: Averaged friction coefficient ; 600-10800 s of 

test sequence (without running-in) 

At the end of the tests, the wear on the test parts is measured. The wear scar diameter is measured 

in 2 directions orthogonal to each other of the scar (diameter 1 and 2) for the 3 balls used in the 

tribometer. The results are presented in Figure 21a, b and c. All measurements (wear scar diameter, 

wear scar area and wear volume) are consistent with high wear in the presence of ammonia compared 

to the presence of air. 
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Figure 21a: Ball wear scar diameter 

measurements 

Figure 21b: Ball wear scar area 

measurements 

Figure 21c: Ball wear volume 

measurements 

The disk is also analyzed after testing. The diameter of the wear scar, the surface and the wear volume 

are presented in Figures 22a,b and c. The differences in wear between the test parts in air atmosphere 

and in ammonia atmosphere are less significant but confirm greater wear in ammonia atmosphere. 

   

Figure 22a: Disk wear scar diameter 

measurements 

Figure 22b: Disk wear scar area 

measurements 

Figure 22c: Disk wear volume 

measurements 

In order to better understand the behavior of the tribofilm for the two controlled atmospheres, the 

composition of the tribofilm was studied using the X-ray photoelectron spectroscopy technique (XPS). 

Figure 23 shows the comparison of the nitrogen concentration in the tribofilm for the two tests. 

Despite the high nitrogen content in the air, no nitrogen is absorbed in the tribofilm. On the contrary, 

in ammonia atmosphere, nitrogen atoms are detected, suggesting the absorption of ammonia in the 

tribofilm and a potential reaction with the lubricant constituents. 

 

Figure 23: Nitrogen concentration in tribofilm measured with XPS 

XPS analysis also makes it possible to measure the iron concentration at different depths. Thus, the 

thickness of the tribofilm can be estimated by identifying the depth at which the iron concentration 

stabilizes at a high concentration. In the case of the ammonia atmosphere test, the thickness of the 
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tribofilm is therefore estimated at approximately 30 µm, while for the air atmosphere test, the 

thickness of the tribofilm seems to exceed 70 µm as illustrated on Figure 24. Thus, ammonia seems to 

have a significant influence on the tribofilm thickness. 

 

Figure 24: Iron concentration in tribofilm measured with XPS 

Phosphorus and sulfur are constituents of the anti-wear additive that generally end up in the tribofilm. 

Figure 25 shows the phosphorus and sulfur concentrations for each tested atmosphere measured by 

XPS. In the case of the ammonia atmosphere, the concentration of phosphorus and sulfur decrease 

rapidly while the analysis is performed deeper. On the surface, the concentration can be higher 

compared to the reference test in air atmosphere. These results suggest an interaction of ammonia 

with the molecules present in the tribofilm. 

 

Figure 25: Phosphorus and sulfur concentrations in tribofilm measured with XPS 

These results reveal an influence of ammonia on the wear sensitivity in the contacts of lubricated 

moving parts. The tribofilm seems to be altered, both in thickness and in its structure, suggesting a 

lower lubricating performance. As a consequence, engine wear protection in the presence of ammonia 

can set a challenge for the development of adequate ammonia engine lubricants. 

3. Conclusions 

The ageing of engine lubricant and engine wear protection performance were studied using a durability 

engine test, tribological testing and analytical techniques.  A 250 h durability was developed on a 4-
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cylinder Diesel engine retrofitted in dual fuel ammonia combustion mode. The use of 2 different engine 

lubricant technologies confirmed the possibility to mitigate wear phenomena through oil formulation. 

Standard oil analysis performed during the engine test did not reveal any significant ageing of the 2 

lubricant technologies used. However, in-depth analytical techniques showed a total disappearance of 

the anti-wear additive and nitro-oxidation markers on the detergent molecules were observed. These 

phenomena are clearly limited with the lubricant B containing a new additive technology which also 

reduces wear and corrosion by more than 50% on the endurance test. 

Furthermore, a new tribological test conducted under ammonia demonstrate the influence of ammonia 

on lubricated contacts, showing a degradation in the thickness and composition of the tribofilm. 

Further studies will assess the degradation in composition and performance of the same lubricant when 

subjected to ammonia combustion as compared to Diesel combustion. 

The new tribological test will be refined to consider atmospheres representative of the combustion 

gases and to evaluate molecules that enhance the tribofilm’s resistance. 

As experienced in this study, close collaborations between oil manufacturer and engine designer will 

allow concerted technical solutions to optimize the durability and performance of ammonia 

combustion engines. 
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Abstract 
The CAMPFIRE partner alliance is working intensively on the use of regeneratively produced ammonia 

as a maritime fuel and energy storage. In addition to topics relating to ammonia bunkering, refueling 

and storage for marine applications, one project proposal is the development of a pilot propulsion 

system for inland waterway vessels that operates exclusively on ammonia. The project consortium 

would like to present the potential but also the challenges of using ammonia in shipping based on the 

development of an innovative cracker-engine-unit with focus on the energy conversion of the internal 

combustion engine (ICE). 

The paper and presentation will give an overview of the systematic combustion analysis on a SCE. The 

basis is a combustion concept with ammonia as the main fuel and hydrogen, cracked from Ammonia, 

as a pilot fuel. As a part of the experimental tests various fuel injection concepts (DI and PFI) for both 

fuels were investigated. For carrying out the tests the development of a new fuel injector concept was 

driven ahead. The experimental tests on the engines were supported by optical investigation on 

mixture formation with liquid ammonia as well 0D/1D and 3D simulation of the combustion chamber 

and SCE.   

The various fuel injection configurations are evaluated for performance and emissions with the focus 

on maritime application. Resulting from the evaluation of the experimental data a preferred combustion 

concept was deduced for the planed multi-cylinder engine test at the Campfire Open Innovation Lab 

(COIL) near to Rostock. 

  

https://doi.org/10.18453/rosdok_id00004641
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1. Introduction 

The goal of the CAMPFIRE1 consortium is to research and develop new energy conversion and storage 

technologies based on green ammonia for the energy system of the future. A long-term objective is 

for small and medium-sized enterprises (SMEs) in the region of Northeast Germany to establish 

pathways for the utilisation of advanced technologies that can be exported to other areas. CAMPFIRE 

technologies produced in the Northeast will facilitate the development of an energy economy based 

on green ammonia and a carbon-free, secure energy supply in the Baltic Sea Region, in Europe, and 

abroad. In the long term, the consortium aims to develop effective and cost-efficient methods to reduce 

the global carbon dioxide levels in the Earth’s atmosphere.  

Maritime transport is an essential part of the global trading systems. Although it is the most efficient 

and climate friendliest transport method, worldwide shipping accounts for 3% of global CO2 emissions. 

This demands a respective emissions reduction in parallel to all other polluters. For that reason, the 

IMO (International Maritime Organisation) has committed to achieve full climate neutrality for sea-

going shipping until 2050. [1] 

Due to the required operation ranges and limited volumetric and gravimetric storage capacity on board 

of vessels, pure electrification solution with batteries as energy storage are out of discussion for most 

shipping applications. As solution the use of alternative fuels based on renewable energies has highest 

priority. In this respect Ammonia is very interesting due to its possibility as Hydrogen carrier and CO2-

free local combustion. 

The typical characteristic values of Ammonia compared to other fuels types are displayed in the 

following Table 1. 

  

 
1 https://wir-campfire.de/ 

https://wir-campfire.de/
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Table 1: Fuel characteristics values 

 

In addition, the required gravimetric and volumetric storage density needs to be considered (see Figure 

1). The figure shows that not only the fuel specifics are essential, but also the required containment 

technology. 

 

Figure 1: Energy densities for different energy carriers. The arrows represent the impact on density when considering the 

storage systems for different types of fuel (indicated values only) [2] 

With this information plus the application type and operating profile as well as the intended operation 

range the configuration of a new built vessel fuelled by Ammonia can be executed. In case of a ship's 

retrofit to Ammonia operation the resulting restrictions can be defined accordingly. 

The lower heating value of Ammonia is significantly reduced, compared to traditional fuels. But in 

comparison to Hydrogen, it offers the advantage that, depending on temperature, Ammonia is already 

present in liquid state at moderate pressures and temperatures (8,6 bar @ 20 °C). This results in a 

higher volumetric energy density compared to highly compressed or liquid Hydrogen. [3] 

Other challenges with the use of Ammonia are related to material compatibility and interaction with 

lubrication oil, leading to further required investigation works. The safe handling of Ammonia during 



 
8th Rostock Large Engine Symposium 2024 

 

182 

bunkering, storage, and usage ashore and on board is another evident topic which needs high attention. 

This includes crew training concepts as well. [3] 

Currently various developments for Ammonia-fuelled engines are ongoing. The first movers can be 

found in the slow-speed two-stroke segment as main propulsion for large seagoing vessels, followed 

by respective works on medium-speed four-stroke engines. In all that cases dual-fuel combustion 

concepts are utilized where the Ammonia is ignited by a Diesel pilot fuel spray and the Diesel operation 

mode is available as back-up option. The first and very few of these engines are expected to start field 

operation in 2025. 

For high-speed four-stroke engines several developments are ongoing, e. g. for power generation 

purposes or inland waterway shipping within the CAMPFIRE alliance, but all far from end customer 

usage. Within these projects both dual-fuel and spark-ignited combustion concepts are under 

investigation. 

Interestingly, recently a consortium in Japan and China claimed to finalize development of a car engine 

with Ammonia as fuel. [4] 

The involvement in Ammonia-fuelled engine development showed, that a concentration on the engine 

development only is not sufficient. Due to the novelty the complete auxiliary systems around the 

engines and including the tank and fuelling infrastructure need engineering as this is not available as 

commodity. In this respect also, safety regulations must be developed and the respective processes 

need approval by the responsible authorities. 

2. Application and Development Process 

In this CAMPFIRE research and development project the focus is on inland waterway transport 

applications. An ammonia tanker (Figure 2) that mainly travels on the Rhine between Ludwigshafen and 

Rotterdam has been selected as the test vehicle for the field testing of the NH3 cracker combustion 

engine.  

Currently the ship is powered by an old diesel engine, which is now to be replaced by a hybrid drive 

consisting of the NH3 engine, cracker, generator and electric motor connected to the propeller shaft 

(see Figure 2). 

 

Figure 2: The hybrid drive, based on NH3-engine, Cracker, generator, battery, e-motor and propeller that will be 

developed to integrate in inland water vessel MS ODIN. 
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The hybrid drive was chosen to enable redundancy in the drive and to obtain more flexibility of the 

drive. Legal safety requirements for an ammonia engine are not yet available. Nevertheless, measures 

have been defined in coordination with DNV to ensure the safety of the drive. This includes a separate 

room for the fuel tank and the battery unit and a ventilation concept for the entire area. 

Currently, the operation and load profile of the ship is being recorded over a longer period of time 

using additional measuring technology. The recorded operating data is then used to examine and 

determine the efficient use of the hybrid drive. The characteristics of the combustion engine and the 

cracker must be considered, as well as features of the route (including the number of locks, water 

flow). The optimization of the hybrid drive should therefore contribute to a further increase in 

efficiency and a reduction in emissions. 

However, before the engine is used in the ship, a number of development steps must be considered. 

A number of partners are involved in this CAMPFIRE research project, who contribute their specialist 

knowledge to the various tasks and enable the project to progress. In order to be able to evaluate 

different combustion concepts, determine their potential and test the necessary hardware, a 

methodology was defined that focuses on tests on the single-cylinder engine, which are accompanied 

by thermodynamic and CFD simulations (Figure 3).  

 

Figure 3: Development methodology for the combustion process 

The single-cylinder engine (SCE), which runs on the test bench at KIT in Karlsruhe, was equipped with 

extensive measuring equipment. Since no knowledge of NH3 injection was available, one of the first 

investigations was to visually examine the injection jet geometry and the evaporation of NH3 with 

injection tests into the intake manifold. The results were important for the design and optimization of 

the NH3 injectors and also for the design of the combustion concept.  

Based on the experimental tests on the SCE models for the simulation of ammonia mixture formation 

and following combustion process are in development. These models represent the basis for setting 

up a multi-cylinder engine model that is used to derive basic requirements for the design of the full 

engine with regard to the turbocharger, the cooling system and the parameterization of the engine 

control unit. 
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3. Combustion Process Development  

3.1. Testbed and Single Cylinder Engine 

To allow proper single-cylinder engine monitoring and data acquisition of a wide range of relevant 

information for engine testing, the experimental activities were carried out in a fully instrumented 

testbench, as depicted in the scheme in Figure 4. The test engine is a single-cylinder unit based on the 

Liebherr D966 diesel engine. The cylinder head was modified so that a sleeve with spark plug can be 

fitted in place of the diesel injector. An injector for direct ammonia injection can be fitted in an 

additional bore in a lateral position. A specially manufactured intake manifold can accommodate both 

an injection valve for hydrogen and the ammonia injector. The relevant engine data are listed in Table 

2.  

The engine was coupled to a dynamometer to control load and speed. The in-cylinder pressure was 

measured by a Kistler 6045B piezoelectric pressure transducer in conjunction with a Kistler Piezo 

charge amplifier and referenced by an encoder with a resolution of 0.1 crank-angle degrees. A Kistler 

absolute pressure sensor was used to measure the intake pressure, exhaust pressure and fuel pressure 

of ammonia. The ignition settings were controlled by an SEM Multispark Control Unit (Default System). 

All the sensors above were connected to a Dewetron-800-CA high-speed data acquisition unit, 

allowing real-time combustion analysis using the Dewesoft software. Quantitative information about 

the combustion process and its cycle-to-cycle variability was obtained through a heat-release analysis 

from 100 consecutive cycles. 

The fuel mass flow rate was measured through a Endress+Hauser coriolis flowmeter. The air mass was 

measured by a RMA rotary piston meter. A Bosch wide-band lambda sensor LSU 4.9, conditioned by 

an ETAS Lambda Meter LA4, determined the exhaust oxygen concentration. This allows the calculation 

of the air-fuel ratio. The concentration of HC, CO, CO2, O2 and NOx on the exhaust were measured 

by an AVL AMA 4000. The concentration of NH3, N2O and NOx on the exhaust were measured by a 

IAG FTIR and the H2 in the exhaust was measured by a MS4 HSense. 
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Engine with balancing 

masses Break

Exhaust Path

Intake Path

Flame arrester

Charge Air from compressor 

Equalisation tank

Charge air conditioner
Throttle valve

Oil conditioning Cooling water conditioning 

H2-Supply

NH3-Supply NH3 PFI

H2 PFI

Safety valve

Indicating System:

Dewetron-800-CA

Data aquisition: Morphee

Exhaust gas measurement:

AVL AMA4000: NOX, CO, CO2, O2 

MS4 H-Sense: H2

IAG FTIR: NH3, NOx, N2O

 

Figure 4: Scheme of the single-cylinder engine test bench 

Table 2: Engine data 

Cylinder 1 

Stroke 157 mm 

Bore 135 mm 

Max. speed 1900 rpm 

Operating principle 4-stroke SI 

Displacement 2.24 l 

Type Modified Liebherr Diesel engine based on D966 

 

3.2. Injection System Configuration 

Ammonia and hydrogen were supplied from storage bottles. Hydrogen is supplied in gaseous form at 

a pressure of 300 bar at ambient temperature and can therefore be injected directly into the intake 

manifold via a pressure reducer using a hydrogen injector from Hörbiger. Most of the ammonia is in 

liquid form in the ammonia storage bottles. The pressure is a function of the ambient temperature via 

the vapour pressure in the bottles and is in the range of 2 to 8 bar. To achieve the desired injection 

pressure the ammonia must be compressed. For this purpose, a double-acting compressor station from 

Maximator was integrated, which can compress the ammonia up to 60 bar. The desired injection 

pressure is then set via a pressure reducer. The ammonia injector can be operated up to a pressure 

of 30 bar. In order to avoid pressure pulsations in the injection path, two Hydac membrane dampers 
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and two calming volumes were integrated into the injection pipes. The basic structure of the ammonia 

supply system is shown in Figure 5.  

 

Figure 5: Ammonia infrastructure of the test bench 

The DI injector from Liebherr can inject liquid and gaseous ammonia and gaseous hydrogen. The 

injection configurations shown in Figure 6 can be realised with the existing components. Hydrogen can 

be injected directly into the combustion chamber or into the intake manifold. In either case, the 

hydrogen is gaseous. Ammonia can be injected in liquid state into the intake manifold or directly into 

the combustion chamber by the Liebherr injector. 

 

Figure 6: Injection configuration with J-Gap spark plug Combustion 

The present study is divided in three sections: (1) the first one explores the behaviour of the 

combustion process and the emissions for different lambdas. The (II) second one shows a comparison 

between different compression ratios and the (III) last one shows the impact of a different ignition 

system.  
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(I) Lambda Variation 

A lambda variation was carried out to determine the optimum operating conditions for the ammonia-

hydrogen combustion. The combustion stability was limited to a COV of IMEP of 3%. The IMEP of this 

measurement was 17 bar at 88% energetic NH3 share and 1500 rpm. Both fuels were injected in the 

intake path (PFI) of the single-cylinder engine. The objective during the operation was to find the 

lambda with the lowest COV of IMEP and the lowest emissions. Regarding a 100% hydrogen 

combustion a leaner lambda would be preferable because of lower NOx emissions. In this combined 

NH3-H2-combustion process NOx can be produced not only by the usual mechanisms such as 

Zeldovich mechanism but also from the ammonia fuel itself. This makes it important to know what 

influence lambda has on the generation of emissions during this combustion process.  

Figure 7 shows the influence of the mixture composition on the combustion process.  With a fuel air 

ratio of lambda higher than 1, the COV of IMEP increases. This means that the combustion stability 

decreases. This exacerbated cycle-to-cycle variability in reason of the mixture composition is caused 

by the deterioration of the flame development on its initial stages, leading to different combustion 

development, or in some cases, flame quenching. This is also the case when lambda is too rich. 

In terms of exhaust gas emissions, it is shown how the formation of nitrous oxide (NOx) is greatly 

reduced as lambda is decreased, reaching the lowest emissions at lambda 0.9. With lambda smaller 

than lambda 1, the formation of NOx decreases (logarithmic scale). The high vaporization enthalpy of 

ammonia leads to decreasing of the in-cylinder temperature and the lack of sufficient oxygen atoms 

below lambda 1 for the formation of NOx lead to decreasing NOx emissions. At the same time, 

hydrogen emissions increase, suggesting that ammonia decomposes into hydrogen in air-fuel-mixtures 

below lambda 1. Which is also shown by the decreasing NH3 slip. The N2O emissions decrease with 

decreasing lambda due to the lack of oxygen below lambda 1. In summary, it can be said that lambda 

has a major influence on emission formation and the combustion stability. The emissions can be 

controlled in a very targeted manner, also with regard to exhaust aftertreatment. Based on these 

results, lambda 1 operation was selected for further measurements. The trade-off between good 

combustion stability and low emissions is best here. 

 

Figure 7: COV of IMEP and Emissions over Lambda at compression ratio 18.5 at 17 bar IMEP, 60 °C charge air 

temperature 
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(II) Compression ratio variation 

The experiments were conducted by changing the compression ratio at lambda 1 in order to investigate 

the effect of a higher compression ratio on the maximum energetic NH3 share. In this study knocking 

is characterized by a maximum knocking amplitude. The aim of the study was to get the maximum 

energetic NH3 share. 

In Figure 8 the impact of the COV of IMEP over the energetic NH3 share for three different load points 

is shown. With increasing compression ratio, the energetic NH3 share increases. The combustion 

process has two different limiting factors. The first limiting factor is the COV of IMEP it must not 

exceed 3 %. This criterion becomes critical if the ammonia content is too high. When the ammonia 

content of the mixture is too high it leads to an increase of the COV of IMEP resulting from a poor 

and late combustion. That means the combustion process gets unstable. The second limiting factor is 

the knocking criterion. This criterion is reached when too much hydrogen is injected. This behaviour 

is reinforced with increasing compression ratio.  

For CR 14 to 18.5 the engine could be operated at all load points. The ignition timing was always set 

so that the mfb 50% is in the range 8±1° CA after TDC. A more precise adjustment of the mfb 50% 

during engine operation is not practicable, as the mfb 50% would be strongly influenced by slight 

deviations in the NH3 share when readjusting the load and too many iterations would be necessary. 

Only at the operating point IMEP = 22 bar with a compression ratio of 18.5 did the mfb 50% have to 

be set to 12° CA after TDC in order to avoid exceeding the permissible peak pressure. With the 

highest CR of 22 it was not possible to reach fullload with 22 bar IMEP because the peak pressure was 

above the limit even with reasonable late adjustment of mfb 50%. The efficiency and energetic NH3 

share predominate for CR 17.  

 

Figure 8: COV of IMEP over the energetic NH3 share for different compression ratios at Lambda 1, 40 °C charge air 

temperature 

Figure 8 shows cylinder pressure curves at IMEP of 17 bar for the variation of the compression ratios 

at maximum H2 content, at maximum NH3 content and in between at stable combustion behaviour 

with small COV of IMEP. Each curve is from a single combustion cycle. To illustrate the range of 

fluctuations, the dashed line shows the cycle with the lowest peak pressure and the solid line the cycle 

with the highest peak pressure from a measurement with 100 consecutive cycles. 
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Figure 9: Cylinder pressure over crank angle for different compression ratios at 17 bar IMEP, Lambda 1, 40 °C charge 

air temperature 

The left-hand diagram in Figure 9 shows that in all cases knocking combustion limits the maximum H2 

content. The permissible peak pressure of 220 bar is not reached. The maximum NH3 content is limited 

by exceeding the COV of IMEP of 3%. In some cases, very late combustion phasing occurs, such as 

with CR = 14, or even misfiring, such as with CR = 17 and 22. This is related to the poor flammability 

and low laminar flame speed of ammonia. The “stable” range in between still has COV of IMEP values 

significantly greater than 1. For example, the fluctuation range of the peak pressure per cycle at 

CR = 17 is approx. 55 bar (corresponding to 32% of the maximum peak pressure). A further reduction 

in the COV of IMEP would be desirable for commercial applications. 

 

Figure 10: Cylinder pressure over Crank angle for different compression ratios at 22 bar IMEP, Lambda 1, 40 °C charge 

air temperature 

Figure 10 shows the same as in Figure 9 but for the fullload conditions at 22 bar IMEP. There is no 

significant deviation in the behaviour in the stable range and at the limit of the maximum NH3 content. 

With the latter, as with 17 bar IMEP, late combustion phasing and misfires occur, which prevent a 

further increase in the NH3 content. At a compression ratio of CR = 14, the limiting factor is also the 

occurrence of knocking combustion, as in Figure 9. As Figure 11 shows, the maximum knocking 

amplitude reaches almost 5. At compression ratios 17 and 18.5, the permissible peak pressure of 

220 bar is exceeded before knocking of a similar intensity to that at CR = 14 occurs, which is the 

limiting factor. It is not possible to operate the engine at the compression ratio CR = 22 at 22 bar 

IMEP due to peak pressures being exceeded in the entire NH3 range. 
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The knocking in Figure 11 is calculated out of a high-pass filtered cylinder pressure signal. The software 

divides the high-pass filtered signal after combustion by the high-pass filtered signal before combustion. 

When there is no knocking the result of this equation is 1. When the combustion starts to knock the 

result of this equation increases. The limiting maximum knocking amplitude was set to 4. The limiting 

maximum knocking amplitude of 4 is not achieved for both CR 17 and CR 18.5. The peak pressure of 

the engine must not exceed 220 bar. The measurement has to be stopped because of the peak pressure 

for CR 17 und CR 18.5 which is shown in Figure 11 (right). CR 17 und CR 18 exceeded the peak 

pressure at around 82% energetic NH3 share. The maximum knocking amplitude in this point is 

comparatively low, but it is still sufficient to exceed the peak pressure limit of the engine. 

 

Figure 11:  Left) Maximum knocking amplitude over the energetic NH3 share at 22 bar IMEP, Lambda 1, 40 °C charge 

air temperature  

right) Peak pressure over the energetic NH3 share at 22 bar IMEP, Lambda 1, 40 °C charge air temperature 

Figure 12 shows the total heating value and the net heat release rate for different compression ratios 

at 17 bar IMEP and 85% energetic NH3 share. These are the mean values of each measurement with 

the lowest COV of IMEP to compare the velocity of the combustion. With the CR 18.5, a slightly faster 

burn-through can be recognised. However, the combustion processes differ only insignificantly. The 

compression ratio therefore has only a minor influence on combustion rate. The efficiency analysis in 

Figure 13 comes to the same conclusion, that on the one hand the increase in compression has only 

little effect on the efficiency and on the other hand the influence on the energetic NH3 share is small. 

This means that by increasing the compression ratio not significantly more energetic NH3 share can be 

driven. The negative part of CR 22 is a combination of increased wall heat losses and blowby.  
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Figure 12: Total heating value, net heat release rate and ignition timing over crank angle for three different compression 

ratios at 17 bar IMEP, Lambda 1 

If one first looks at the Figure 13 on the right, an increase in efficiency with load can be seen. At higher 

loads, significantly higher pressures and temperatures occur in the combustion chamber, which 

improve both the ignition and the decomposition of the ammonia and thus the burn-through behaviour. 

Both lead to the increase shown. 

The dependence of the efficiency on the compression ratio is not uniform and not significant at higher 

loads. The diagram on the right-hand side shows values at maximum NH3 share. The engine would not 

be operated directly at this limit. If looked at the full load point of 22 bar IMEP above the NH3 share, 

the left-hand diagram is decisive. As shown in Figure 14, the possible NH3 range at compression ratios 

17 and 18.5 (22 is not possible here) is extremely narrow. The centre of the NH3 range between the 

two limits is around 87% (red line). The difference in efficiency between the two compression ratios is 

in the range of the line thickness and can be neglected. As the pressure and temperature load on the 

engine are somewhat lower at CR = 17 (see Figure 15) and the knock susceptibility is also somewhat 

more moderate, the lower compression ratio would even be preferable. 

As the right-hand side of the limit range is exceeded "more gently" with a compression ratio of 14 and 

the COV of IMEP does not rise as abruptly as with the higher compression ratios (see Figure 8), the 

engine could at least be operated very close to this limit. However, the efficiency would be one 

percentage point lower here and the running smoothness would be somewhat worse in principle. 

Overall, CR = 14 would therefore be unfavourable. 

Somewhat surprisingly, the curve for CR = 22 is the lowest for the drivable load points, although 

mfb 50% and mfb 90% have the same values as at the other compression ratios. For a conclusive 

explanation, these operating points would have to be analysed in more detail. However, this was not 

done, as CR = 22 is out of the question for a real application due to the lack of full load capability. 
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Figure 13: Indicated and effective efficiency a) over the energetic NH3 share at 22 bar IMEP, Lambda 1 and 40 °C 

charge air temperature. b) over IMEP for the highest possible energetic ammonia share with a COV below 3% 

Figure 13 shows the NH3 range in which the engine can be operated for various loads and compression 

ratios. As mentioned, the limiting factors are a max. COV IMEP of 3%, a max. peak pressure of 220 bar, 

a max. exhaust gas temperature of 650 °C and a max. knock amplitude of 4 bar. The respective 

termination criteria are discussed in more detail in Figure 15. The basic aim is to operate the engine 

with the highest possible proportion of NH3 - ideally without any addition of hydrogen.  

The results show that pure ammonia operation is not possible, as the cyclical fluctuations increase 

sharply or combustion misfires also occur. The left-hand limit of the NH3 range (max. possible H2 

share) should not actually be approached. However, it is important because it defines the width of the 

possible operating range. In the application presented in Chapter 2, the hydrogen mass flow is made 

available via a cracker unit. The actual mixing ratio of hydrogen and ammonia is therefore also 

dependent on the controllability of the cracker unit. A very narrow operating range with regard to the 

possible ammonia content places high demands here in order to avoid both misfiring and knocking in 

real operation at all times. In addition to the highest possible NH3 content, the secondary objective is 

therefore also a sufficiently wide operating range.  

A significant step in the right-hand limit of the operating range can only be observed for all loads when 

the compression ratio is increased from 14 to 17. This is most noticeable at the load of IMEP = 11 bar. 

From a compression ratio of 17, the trend is no longer clear. The shifts in the right-hand limit as a 

function of the compression ratio are marginal at 11 and 17 bar IMEP and almost within the range of 

measurement inaccuracy due to the determination of the relatively small hydrogen mass flow. For real 

operation and the design of the multi-cylinder engine, these dependencies are negligible. A preference 

as to whether CR = 17 or 18.5 should be selected cannot be derived from these measurements at 

these loads. At full load, however, the right-hand limit at CR = 17 is at a significantly higher NH3 share. 

CR = 14 is unfavourable due to the significantly lower maximum NH3 content and the lower efficiency. 

CR = 22 is unsuitable as full load operation is not possible. If looked at the width of the operating 

range, this is greater for CR = 17 at a load of IMEP = 11 for all loads, and even significantly greater at 

full load. At IMEP = 17 bar, the range is still larger but the difference is no longer as pronounced. From 

this point of view, a compression ratio of CR = 17 would therefore be the better choice. 
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Figure 14: Possible energetic NH3 range as a function of the compression ratio at different loads  

Figure 15 shows the values of the termination criteria at full load relative to their upper limit 

(TEx.gas = 650 °C, COV = 3% and Peak Pressure = 220 bar) and the target parameters (Max. NH3 

share = as high as possible, Achieved Load = 100%, Ind. Eff. = as high as possible) at the right operating 

range limit. It can be seen that the maximum exhaust gas temperature is never reached even at full 

load at all compression ratios and can therefore be categorised as uncritical. The peak pressure also 

has no limiting effect. In all cases, the maximum NH3 content is defined by exceeding the limit value of 

3% for the COV IMEP. The highest possible NH3 content is reached at CR = 17 with 89%. At CR = 18.5, 

the indicated efficiency is one percentage point higher than with the two lower compression ratios. 

However, the better values with regard to the range of the possible NH3 share at CR = 17 outweigh 

this efficiency advantage. The full load of 22 bar IMEP was also achieved for all compression ratios. 
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Figure 15: Termination criteria (relative to their limits: maximum exhaust gas temperature: 650 °C, maximum COV of 

IMEP: 3%, maximum peak pressure: 220 bar) and target parameters (max. NH3 share and efficiency: as high as 

possible, load: 100% = 22 bar IMEP) for different compression ratios at 22 bar IMEP 

In Figure 16, the emissions are plotted against the NH3 share. The values for ammonia are at a relatively 

high level and initially increase significantly for CR = 14 from low to high NH3 share in the fuel. In the 

possible operating range for CR = 17 of 82 to 89% NH3 share determined according to Figure 14, the 

emissions are at an almost constant level of around 8 g/kWh. A drop in NH3 slip immediately after 

exceeding the right-hand operating range limit must be assessed critically. If the sharp increase in 

cyclical fluctuations in reality leads to a sharp increase in NH3 slip and the measuring device (FTIR) 

exceeds the measuring range limit, this measured value is taken into account in the internal averaging 

of the FTIR with zero and only leads to an apparent decrease in NH3 slip. With the favoured 

compression ratio of CR = 17, the NOx emissions are also at a similar level, albeit somewhat higher 

with values of 9 to 12 g/kWh. Exhaust gas aftertreatment to achieve permissible emission values is 

therefore essential.  

However, the similar level of NH3 and NOx is an advantage. The ammonia contained in the exhaust 

gas can be used directly as a reducing agent in a SCR system. For a maximum conversion rate, a ratio 

of ammonia to nitrogen oxides of 1:1 should be aimed for [5]. The raw emissions are at least close to 

this ratio. In further planned tests with a real exhaust aftertreatment system, it is to be investigated 

whether and how much additional reducing agent must be injected in order to achieve the NOx target 

values. Another open question is the cold-start efficiency of the exhaust gas aftertreatment system. 

Laughing gas is also clearly measurable as a raw emission in the exhaust gas with values of 0.07 to 

0.15 g/kWh. These values can increase further in a downstream SCR system. This aspect must also be 

taken into account when designing the exhaust gas aftertreatment system. Hydrogen emissions are 

dependent on the compression ratio. Hydrogen in the exhaust gas is not only present as slip from the 

hydrogen share supplied, but also through the unburnt portion from the decomposition of ammonia. 

This takes place more efficiently at higher temperatures and therefore at higher compression ratios 

and leads to the observed increase with the compression ratio. 
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Figure 16: Emissions over the energetic NH3 share for different compression ratios at 22 bar IMEP, Lambda 1 and 

40 °C charge air temperature 

(III) Variation of the ignition system 

Another measure to increase the possible NH3 content can be the selection of a suitable ignition 

system. The ignition energy and ignition phase are decisive factors for good combustion with low 

cyclical fluctuations. Independent of the ignition parameters themselves, combustion can be significantly 

improved by the mixture formation. Firstly, the correct local lambda must be present at the spark plug; 

this can be achieved either by good homogenization or targeted stratification. Secondly, cyclical 

fluctuations of the local lambda at the spark plug must be prevented. If a constant lambda cannot be 

guaranteed, then the ignition energy has to be further increased so that a reliable ignition occurs even 

in the worst case. The measurement presented in this chapter shows the influence of a higher ignition 

energy on the ammonia-hydrogen combustion process. A new ignition system from the company SEM 

was used for this purpose. This made it possible to adjust the spark duration and the spark current 

variably. The longer duration of the spark increases the probability that ignitable mixture will flow past 

the spark plug and ignite. The configuration of the engine for this measurement was ammonia and 

hydrogen via port fuel injection, ignited by a J-Gap spark plug at compression ratio 18.5.  

The ignition current was measured on the primary side using a current clamp. The standard ignition 

system produces a single current peak for a single ignition spark (Figure 17 right). With the SEM 

Flexispark ignition system, it is possible to generate a longer ignition spark over several degrees of 

cranking angle (Figure 17 left). This increases the probability that an ignitable mixture comes close to 

the spark plug and can be ignited. With the capacitive Flexispark system, the ignition spark voltage, the 

ignition spark burning time and the ignition spark holding current can be variably adjusted. The 

Flexispark ignition system recognizes when a spark fails, then the capacitor discharge is switched off 

and the current is regulated by the plasma to a target value until it is switched off after a set time 

interval. This always triggers a spark and eliminates the excess current, which reduces spark plug wear 

[6]. The current is set in the closed control loop to values in 50 to 200 mA and the duration in 40 to 

3000 μs, which leads to spark energies in 2 to 150 mJ. This capacitive ignition system does not 

necessarily lead to increased wear of the spark plug. With a suitable choice of current and control 

duration, the ignition spark can be maintained in the low-wear glow discharge. 
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Figure 17: Ignition signal measured on the primary side with a current clamp.   

left) Default inductive system with a single spark right) Capacitive Flexispark system with a multi spark ignition 

At a compression ratio of 18.5, a full load point and a part load point were compared. The 

measurements were taken at Lambda 1 and an intake temperature of 40 °C. In Figure 17, top left, the 

COV of the IMEP is plotted against the energetic NH3 share. At 11 bar IMEP, the limit was around 85% 

energetic NH3 share; at 22 bar IMEP, 91% energetic NH3 share could be realised. With the Flexispark 

ignition system, it was possible to completely eliminate the hydrogen and realise a 100% ammonia 

combustion process with a COV of IMEP below 3%. In general, combustion stability has been improved 

with the Flexispark ignition system.  

Figure 18 shows the stabilization of combustion and its associated consequences. In the medium load 

range at 11 bar IMEP, the same COV of IMEP is achieved within the previously permissible range of 

the NH3 share. However, there is no longer a limit on the maximum NH3 share. Up to pure ammonia 

operation, the COV of IMEP only slightly increases from 1.6 to 2%. At full load at 22 bar, the COV of 

IMEP is even significantly better across the entire operating range compared to the previous ignition 

system. A 100% ammonia operation is also possible. The efficiency does not change at either load and 

continues to show a slight downward trend up to pure ammonia operation.  

Initially, it may be surprising that at full load the efficiency does not increase despite the significant 

reduction in cyclic variations. The reason is evident from the diagrams on the ignition timing, the mfb50, 

and the maximum cylinder pressure (Figure 19). The improved combustion process would lead to an 

exceedance of the permissible peak pressure in at least some cycles if the mfb 50% remained the same. 

Therefore, for safety and comparability reasons, the peak pressure for both ignition systems were kept 

approximately constant. This required delaying the combustion timing. The center of combustion was 

shifted by about 2 to 3° CA, which is thermodynamically disadvantageous in principle. Thus, the 

efficiency remains “only” constant, even though the cyclic variations could be reduced.  
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Figure 18: Comparison of the ignition systems. COV of IMEP, indicated efficiency, effective efficiency, peak pressure, mfb 

50 % and ignition timing over the energetic NH3 share for 50% and 100% load at CR 18,5, Lambda 1 and 40 °C 

charge air temperature 

The following Figure 19 and Figure 20 describe the improvement in combustion behaviour. Figure 19 

shows 100 consecutive combustion cycles for the original and the Flexispark ignition system vs. the 

load. Ignition timing and start of combustion (mfb 10%), center of combustion (mfb 50%) and end of 

combustion (mfb 90%) are shown. The ignition timing is constant for all 100 cycles. To demonstrate 

the advantage of the Flexispark ignition system, operating points were plotted with an NH3 share at 

which significant cyclical fluctuations already occurred with the conventional ignition system. 

The ignition points are set in such a way that, in the stable operating range, combustion centers of 

approx. 8° CA a. TDC occurred. With the Flexispark ignition system, the mfb 50 % could be kept 

constant. A significantly smaller combustion delay can also be recognised, which, with the exception of 

22 bar IMEP, also exhibits smaller fluctuation ranges. This also applies to mfb 50% at all loads and in 

particular to the end of Combustion at mfb 90%. The difference in the fluctuation range is most 

pronounced here. The stabilisation of the ignition phase therefore has a positive influence on the entire 

combustion process and is ultimately responsible for the fact that operation with pure ammonia is 

possible.  
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Figure 19: Comparison of the ignition timing, mfb 10%, mfb 50%, mfb 90% over the IMEP for the default und 

Flexispark ignition system at Lambda 1.  

Figure 20 shows the operating point IMEP = 17 bar from Figure 19 in more detail. On the left, the 

mfb 90% is shown above the mfb 10%. As already described, the fluctuation range in both variables is 

generally smaller with the Flexispark system. However, a comparison of the two values also shows that 

with the Flexispark system, later mfb 10% does not lead to a later end of combustion to the same 

extent. Overall, the combustion process is much more stable and less subject to cyclical fluctuations. 

With the conventional ignition system, the green dots show a clear tendency for a late end of 

combustion to correlate with a large combustion delay. This means that difficulties with ignition 

continue throughout the entire combustion process. The combustion process has a stable overall 

shape, but shifts analogue to the start of combustion. The overall slower combustion process can be 

clearly seen in the right-hand diagram in Figure 20. The average value over all 100 cycles is shown here. 
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Figure 20: a) Comparison of mfb 90% over mfb 10% for the default and Flexispark ignition system at 17 bar IMEP, 

Lambda 1 and 92% energetic NH3 share b) Total heating value and net heat release rate over crank angle for the 

default and Flexispark ignition system 

4. Summary and outlook 

The urgent evidence to reduce CO2 emissions in all areas demand the quick realization of respective 

solutions for the worldwide shipping branch both for sea-going and inland waterway vessels. Therefore, 

several options are viable, most of them based on green e-fuels. Ammonia, produced on basis of 

renewable energies e. g. solar and wind power, looks as a promising candidate for shipping as 

worldwide trading and handling are already in place which eases the establishment of a fuel supply 

chain.  

The presented project handles the development of a maritime propulsion system based on a cracker-

engine-unit for inland waterway vessel application. Within this presentation the technological aspects 

for establishing such system concept were discussed. Special focus is set here on the combustion 

concept development on a single-cylinder research engine as basis for the upcoming multi-cylinder 

engine setup. 

As ammonia requires a very high ignition energy compared to conventional fuels, which cannot be 

readily provided by most conventional ignition systems, measures to improve ignition are necessary. 

In this case, this is achieved by adding hydrogen to the ammonia. The hydrogen can be ignited with 

little energy, whereby the energy released from the hydrogen combustion leads to the decomposition 

of ammonia and its ignition. The supply of hydrogen via the aforementioned cracker unit costs money 

and energy. The primary aim of the investigations was therefore to define engine boundary conditions 

under which as little hydrogen as possible is required. Ideally, the combustion process should work 

with pure ammonia. The influence of injection timing, injection pressure, charge air temperature and 

direct injection of ammonia have already been investigated in initial studies [7]. The investigations in 

this paper focused on the variation of the air/fuel ratio, the compression ratio, and the ignition energy.  

A lambda value of 1 proved to be the best solution for the air/fuel ratio. The combustion process 

reacts sensitively to lambda changes.  A very slight deviation into the rich range could possibly stabilise 

the ignition behaviour somewhat, but the hydrogen emissions then increase exponentially. The 

nitrogen-based emissions could be reduced. Significant leaning beyond approx. lambda = 1.3 is not 

possible, as the cyclical fluctuations then increase abruptly. The resulting air thinning does not yet 

contribute to a reduction in nitrogen oxides. 
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The increase in the compression ratio was based on the idea that the higher pressures and 

temperatures have a positive effect on the ignition conditions and thus enable higher maximum 

ammonia contents. This showed that an increase does not always bring advantages. At CR = 22, full-

load operation is not possible due to peak pressures being exceeded. This compression ratio can 

therefore be excluded. Compared to the basic compression ratio of CR = 14, the increases to 17 and 

18.5 were able to achieve advantages in terms of both the maximum possible NH3 content and 

efficiency. Significant in both cases, however, is the much higher susceptibility to knocking, which 

severely limits the range of possible NH3 content in the fuel. However, the differences in emissions 

and efficiency between these two compression ratios are small. Based on these findings, CR = 17.5 is 

preferable. 

Last but not Least, the conventional ignition system was replaced by a Flexispark ignition system from 

the company SEM. The system provides an extended ignition spark with increased ignition energy. 

Thanks to the improved ignition behaviour, the combustion was stabilised overall, i.e. the cyclical 

fluctuations were reduced. It was also possible to operate the engine with pure ammonia without 

adding any hydrogen. Here, too, the COV of the IMEP fell below the set limit value of 3% at all times. 

It remains to be investigated whether the new ignition system significantly reduces the service life of 

the spark plug. It also remains to be seen whether another ignition strategy, such as conventional spark 

ignition in a passive pre-chamber, could achieve a similar result. Both are already the subject of ongoing 

research. 

In summary, it can be stated that a stable combustion process could be realised in a diesel-based engine 

with intake manifold injection of hydrogen and ammonia at a compression ratio of CR = 17. The 

required hydrogen admixture was low at approx. 10 to 15% and could even be completely avoided 

with a potent ignition system. The full load of the diesel engine could be achieved. The effective 

efficiency of approx. 44% is at a very good level. The raw nitrogen oxide emissions are high, as are the 

NH3 emissions. However, due to the favourable concentration ratio of the latter two, even a passive 

SCR system could be sufficient to comply with existing limit values. This aspect is also the subject of 

future investigations. 

After technology transfer from the single-cylinder engine, the multi-cylinder engine will be 

containerized and tested at the CAMPFIRE Open Innovation Lab (COIL) near to Rostock/Germany. 

There the marriage with the Ammonia cracker will happen as well, allowing the complete system to 

be initially tested and calibrated, followed by an endurance run under application typical conditions. 

Acknowledgments 

This work was carried out within the CAMPFIRE project of the Hydrogen Flagship Project TransHyDE 

and was funded by German Federal Ministry for Education and Research.  

Literature 

 

[1] International Maritime Organisation. (7th July of 2023). “International Maritime Organization 

(IMO) adopts revised strategy to reduce greenhouse gas emissions from international shipping” 

[Press release]. https://www.imo.org/en/MediaCentre/PressBriefings/pages/Revised-GHG-

reduction-strategy-for-global-shipping-adopted-.aspx (Last accessed on 29.07.2024). 



 
8th Rostock Large Engine Symposium 2024 

 

201 

[2] DNV-GL. „Comparison of Alternative Marine fuels“. final report 2019-0567 Rev.3, Høvik 

(Norway) 2019, https://safety4sea.com/wp-content/uploads/2019/09/SEA-LNG-DNV-GL-

Comparison-of-Alternative-Marine-Fuels-2019_09.pdf (Last accessed on 29.07.2024). 

[3] Annalena Braun, Niklas Gierenz, Samuel Braun, Heiko Kubach, Sören Bernhardt, Sascha Prehn, 

Moritz Müller, Lena Engelmeier, Lukas Fehlemann, Michael Steffen, Torsten Baufeld, Günther 

Neuhaus, Karsten Müller, Hinrich Mohr. „Aspects of Ammonia as Green Fuel for Propulsion 

Systems of Inland Water Vessels“. Energy Technology, 2024; 

https://doi.org/10.1002/ente.202301648  (Last accessed on 29.07.2024). 

[4] Julian Atchison. (July 3rd of 2023). “GAC Group: ammonia combustion engines in China” [Press 

release]. https://ammoniaenergy.org/articles/gac-group-ammonia-combustion-engines-in-

china/ (Last accessed on 29.07.2024). 

[5] Peter Balle, Bastian Geiger, Dirk Klukowski, Matias Pignatelli, Stefan Wohnrau, Michael Menzel, 

Ingo Zirkwa, Gunther Brunklaus, Sven Kureti. "Study of the selective catalytic reduction of 

NOx on an efficient Fe/HBEA zeolite catalyst for heavy duty diesel engines". Applied Catalysis 

B: Environmental, Volume 91, Issues 3–4, 2009, Pages 587-595, ISSN 0926-3373, 

https://doi.org/10.1016/j.apcatb.2009.06.031 

[6] Jakob Ängeby, Bert Gustafsson, Anders Johnsson. „Zündsteuerungsmodul für 

Wasserstoffverbrennungsmotoren“. MTZ Motortechnische Zeitschrift. Vol. 84, Nr. 10, S. 48–53, 

2023 

[7] Annalena Braun, Samuel Braun, Heiko Kubach, Sören Bernhardt, Marcel Reinbold, Niklas 

Gierenz, Sascha Prehn, Bert Buchholz, Lena Engelmeier, Lukas Fehlemann, Jannik Plass, Michael 

Steffen, Torsten Baufeld, Hinrich Mohr: „Development of an Ammonia-fueled Cracker-Engine-

Unit as Propulsion System for Inland Waterway Vessels“. 13th Dessau Gas Engine Conference. 

May 15-16th 2024. Dessau-Roßlau 

  



Hydrogen Application Center

Green solutions for the 
maritime industry

✓ Test benches for energy converters up to 10 MW

✓ Evaluation of alternative fuels and lubricants

✓ Retrofit solutions for the existing fleet

✓ Production technologies for the H2 ramp-up

✓ Development of H2 based logistics chains

igp.fraunhofer.de

Contact:
Dr.-Ing. Benjamin Illgen
Fraunhofer IGP
Project supervisor
Hydrogen Application Center

Tel. +49 381 49682 - 230
benjamin.illgen@igp.fraunhofer.de



 
8th Rostock Large Engine Symposium 2024 

 

203 

Keywords: ammonia combustion, high-pressure dual fuel,  

 

Fundamental investigation of an ammonia HPDF combustion 

process on high-speed engines 
 

M. Sc. Phillip Thorau1, M. Sc. Karsten Stenzel1, Dr.-Ing. Christian Reiser1, Prof. Dr.-Ing. Bert Buchholz2 

(1) WTZ Roßlau gGmbH, (2) LKV, University of Rostock  

https://doi.org/10.18453/rosdok_id00004642 

Abstract 
In this current scientific article, the core principles of HPDF (High-Pressure Direct Fuel) ammonia 

combustion are explored, and an extensive analysis of the various factors influencing combustion and 

emissions formation is conducted through experimental engine studies. This comprehensive 

investigation includes the scrutiny of parameters such as engine speed, load, air-fuel ratio, and various 

injection strategies, encompassing timing, quantity, and frequency of injection. Against the backdrop of 

global environmental concerns, ammonia's potential as an alternative fuel source is of great interest. 

However, realizing this potential necessitates addressing emissions challenges, including ammonia raw 

emissions and the greenhouse gas nitrous oxide. Furthermore, the research contributes to a deeper 

comprehension of combustion characteristics and emission dynamics, thereby facilitating effective 

emissions management. By advancing the understanding of ammonia combustion, this study not only 

aids in overcoming technical hurdles but also supports the broader effort to transition towards more 

sustainable energy sources, aligning with global initiatives to mitigate environmental impact and reduce 

emissions.  
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1. Introduction 

In view of climate change and the need to reduce greenhouse gas emissions, ammonia is becoming 

increasingly important as a carbon-free fuel for combustion engines. Ammonia offers several 

advantages: It has a high volumetric energy density, is easy to store and transport and uses existing 

infrastructure for production and distribution. Ammonia can be used in various engine technologies, 

including combustion engines and gas turbines. Especially in marine and heavy-duty applications, 

ammonia is seen as a promising fuel due to its high energy density and the need to reduce CO2 

emissions. However, there are technical challenges in the combustion of ammonia, such as high ignition 

temperatures, slow flame speeds and the formation of nitrogen oxides (NOx) and nitrous oxide (N2O), 

which are also harmful to the climate. To overcome these challenges, various strategies are being 

explored, such as the use of ammonia in dual-fuel systems, where ammonia is mixed with diesel to aid 

ignition and optimize emissions. Overall, ammonia represents a promising opportunity to reduce CO2 

emissions in the transportation and energy sectors. Ongoing research is focused on further improving 

the efficiency and environmental compatibility of ammonia combustion. 

2. Fuel Properties  

Table 1 compares ammonia and the fuels hydrogen and methanol. Taking into account the typical 

pressure and temperature conditions for storage, it can be seen that ammonia has good volumetric 

calorific values due to its liquid storage capability. 

Table1: Characteristics of selected alternative fuels [1] [2] [3] [4] 

 Unit Ammonia Hydrogen Methanol 

Vol. heating value [T=300 K] MJ/l 11,9 (10 bar) 4,8 (700 bar) 15,8 (1 bar) 

Stoichiometric air requirement kg/kg 6,05 34,3 6,45 

Auto-ignition temperature °C 651 600 465 

Enthalpy of vaporization kJ/kg 1371 446 1173 

Lam. flame speed 

(p = 1 bar, T=300 K, λ=1) 
cm/s 6,5 290 55 

The low flame speed leads to a slower combustion process compared to other fuels, which can reduce 

combustion efficiency. The high auto-ignition temperature and extreme heat of vaporization make 

liquid injection and diesel-like compression ignition more difficult. The high minimum ignition energy 

means that it is more difficult to safely ignite an ammonia-air mixture. The resulting increased resistance 

to knock allows ammonia-fueled engines to operate at higher compression ratios, offering efficiency 

benefits. Although ammonia has a much lower energy content per mass compared to standard carbon-

based fuels, its low stoichiometric air-to-fuel ratio partially compensates for this in terms of in-cylinder 

energy content. [3] [5] 

Volumetric storage density is the challenging factor for vehicles, even ammonia requires about three 

times the volume of carbon-based fuels (at identical efficiencies) for the same range. However, 

hydrogen requires even more storage volume, especially if the tank itself (for 70 MPa pressure or -

253 °C temperature) is included. Furthermore, a transportation infrastructure for ammonia already 
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exists and its handling is not significantly different from that of LPG or propane. In ammonia 

combustion, the ammonia can be introduced via the intake manifold or directly into the combustion 

chamber and burned by an ignition jet, like known methane dual-fuel concepts. In addition, ammonia 

can be made to ignite itself using suitable measures and can be diffusively converted instead of premixed 

combustion, which leads to higher conversion rates. [6] [7] 

2.1. Oxidation pathways of ammonia  

 

Figure 1: Schematic oxidation pathways of ammonia according to Tornatore et al. [8] 

Ammonia is stable because the covalent bonds between the nitrogen atom and the three hydrogen 

atoms require a lot of energy to dissociate. The first step in ammonia oxidation is dehydrogenation to 

NH₂, which consumes highly reactive OH, O and H radicals. After dehydration to NH2, there are 

several chemical reaction pathways that can now take place. Firstly, the NH2 radicals can combine to 

form longer-chain NxHy compounds. This reaction is favoured by excess fuel and high pressure. [8] 

Under fuel-rich conditions, the importance of O and OH as reaction partners in the radical pool 

decreases. The reactions of NH₂ with H and other NH₂ radicals increase, which leads to the 

considerable formation of H₂. A lack of oxygen suppresses the oxidation of NHi, which means that less 

NO is produced, and more N atoms can be combined to form N₂ instead. [9] [10] 

At high pressure and low temperature, the NH2 radicals react with HO2 to form H2NO. The H2NO 

molecule then oxidizes to HNO, which reacts further to form NO. This is the main route for the 

formation of fuel NO in ammonia flames, as HNO is subsequently oxidised to NO. This differs from 

hydrocarbon flames, where NO formation mainly occurs via the Zeldovich mechanism. [11] [12] 

Another reaction pathway is through the oxidation of NH2 with NO to molecular nitrogen and water 

or just NNH and hydroxide radicals. The NNH radical then reacts further to form molecular nitrogen 

and hydrogen radicals, which are now available for further reaction. The thermal DeNOx mechanism 

just described predominates between 1100 K and 1400 K and was first described by Miller and 

Glarborg and Bowmann. [13] [14] 
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If the NH2 dehydrogenates further to NH at temperatures above 1400 K, it is possible that N2O is 

formed by adding NO at low O₂ concentrations or by the reaction of NH₂ with NO₂ at high O₂ 

concentrations. On the one hand, N₂O can subsequently decompose by reaction with H radicals to 

form molecular nitrogen OH radicals at temperatures above 1600 K. Another reaction pathway is that 

the N2O decomposes and then the reaction of molecular hydrogen with oxygen radicals leads to 

hydrogen or hydroxide radicals. However, under high pressure conditions or extremely lean fuel 

conditions, this reaction is reversed and forms a significant formation route for N₂O. [15] [16] 

NO₂ is mainly formed by the oxidation of NO via the reaction NO + HO₂ → NO₂ + OH. The NO₂ 

formed is returned to ammonia either directly or via intermediate products such as H₂NO (NO-NO₂ 

loop). The oxidation processes of ammonia, which favour the black and grey paths, lead to low NOx 

and N₂O emissions and are particularly active under fuel-rich conditions. [8] 

2.2. Classification of the HPDF Combustion 

As early as the 1960s, ammonia was considered as a fuel in a compression-ignition engine by Gray et. 

al. Running a CI engine on pure ammonia is technically feasible but requires significant modifications to 

both the engine and the operating conditions. The main requirements are high compression ratios, 

increased temperatures in the intake manifold to improve ignitability. With high-speed four-stroke 

engines and today's performance requirements, the implementation of these measures is only possible 

at great expense, so that alternative methods must be used to utilise ammonia in combustion engines. 

The basics of the high-pressure dual-fuel combustion process with ammonia utilisation are described 

below. By using diesel as the ignition fuel to burn the ammonia, it is possible to reduce the compression 

ratio from 35:1 to 15.2:1. This is due to the increased ignition energy resulting from the addition of 

diesel. [17] [18] 

The HPDF process (High-Pressure Dual-Fuel) combines the injection of two different fuels, a main fuel 

(e.g. methane or ammonia) and a pilot fuel (e.g. diesel). The main fuel is burnt in a diffusive flame, which 

is initiated by the ignition of the pilot fuel. Direct injection ensures that no unburnt fuel enters the 

exhaust gas during the charge change. Furthermore, no ammonia enters the intake duct, which could 

cause the corrosive properties of ammonia coupled with the humidity in the air to take effect. By 

injecting both fuels directly, compression ratios typical of diesel engines can be achieved, resulting in 

similar efficiencies to those of conventional diesel engines. HPDF combustion takes place in several 

phases: Firstly, the pilot fuel is injected and ignites. This is followed by the main injection, whereby the 

main fuel is injected and ignites when it meets the hot products of the pilot combustion. Part of the 

main fuel mixes with the combustion chamber air before ignition and burns suddenly, which leads to a 

local maximum in the heat release rate (premixed peak). The remaining main fuel burns diffusively until 

the end of injection and beyond in a pronounced burn-out phase. Ammonia dual-fuel combustion offers 

several advantages. Ammonia is carbon-free and therefore produces no direct CO2 emissions during 

combustion. When stored in liquid form, ammonia has good volumetric calorific values and can be 

safely stored and transported at relatively low pressures and temperatures. [19] [20] 

2.3. Experimental setup 

The engine tests were carried out on the FM18 single-cylinder research engine at the WTZ Roßlau. 

The boundary conditions are shown in the following Table 2. 
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Table 2: FM18 Engine data  

Parameter Value Unit 

Bore x Stroke 175 x 215 mm 

Displacement 5,17 l 

Conrod length 457 mm 

rated power 180 kW 

Rated speed  1800 min-1 

Injection pressure 

NH3 

500 bar 

Injection pressure 

Diesel 

1000 bar 

  
 

Figure 2: Single Cylinder Test Engine FM18 

The ammonia supply system for the tests was designed and planned by project partner Neptun Ship 

Design (NSD). Due to the simplicity of the system, pressure-based storage of the ammonia was 

favoured. However, for future applications on ammonia carriers, liquefaction of the ammonia by 

lowering the temperature is being considered. The downstream high-pressure ammonia system enables 

injection pressures of up to 500 bar. In this context, reference is made to the work of Stenzel and 

Arndt et al [21] , in which the ammonia system is described in detail. A Fourier transform infrared 

spectrometer (FTIR), which can measure nitrous oxide, ammonia and all other emissions produced in 

conventional combustion engines, was used to record the exhaust emissions. This measuring device 

ensures a comprehensive characterization of exhaust emissions and thus enables a detailed analysis of 

ammonia combustion. 

The injector used for the study was provided by Woodward L'Orange, another project partner. This 

injector has two separately controllable nozzles, allowing diesel and ammonia to be injected directly 

into the combustion chamber via two different channels.  

 

Figure 3: Schematic spray configurations of the investigated nozzles 
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Both injector sides are based on a servo-hydraulic principle. On the ammonia side it is necessary to 

use a separate control fluid circuit, which is also operated with diesel. Figure 3 shows the spray 

configurations of the investigated nozzle variants schematically. 

Table 3: Investigated nozzle designs 

 AC-Nozzle AE-Nozzle 

Number of nozzle holes for ammonia 12 (3x4) 12 (3x4) 

Hydraulic flow rate of the ammonia side [l/min] 

@100 bar  

22.8  22.8 

Number of nozzle holes for diesel 12 9 

Hydraulic flow rate of the diesel side [l/min] 3.0 2.25 

3. Analysis of the combustion process investigations 

This study analyzes the influence of the time offset between the injection of ammonia and diesel on 

combustion. Due to the servo-hydraulic principle of the HPDF injector, there is a time offset between 

the start of current (SOE) and the start of injection (SOI), which can be measured by a drop in pressure 

of the respective medium. In addition, the time delay of the pressure drop up to the measuring point 

was considered, considering the speed of sound.  

 

Figure 4: Description of the injection delay of the two fuel paths with corrected indicated pressure curve of both fuel lines 

The difference in hydraulic injection time between the two fuels with simultaneous actuation is 

approximately 7.2° CA and can be considered constant throughout the measurement campaign since 

the engine speed and rail pressure were kept constant throughout the experiment. The setting values 

of the tests are shown in Table 4. 
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Table 4: Setpoints of the operation point 

Parameter Definition Value 

pmi Indicated mean effective pressure 17,2  bar 

nMOT Engine speed 1800  min-1 

SOEDK Start of current diesel -28   ° CA ATDC 

SOENH3 Start of current ammonia -28  ° CA ATDC 

xqNH3 Energetic ammonia share > 90   % 

pNH3 Ammonia injection pressure 500  bar 

Figure 5Figure 5 illustrates the pressure, heat release, and cumulative heat release curves of the two 

nozzles at the operating point. The left diagram illustrates the pressure curve pCYL as a function of the 

crank angle. It can be observed that the AC nozzle exhibits a higher pressure peak than the AE nozzle. 

The two graphs below present the indicated injection pressure of ammonia and diesel. Both nozzles 

demonstrate comparable injection curves, with injection commencing at approximately -20° CA. The 

graphs on the right depict the heat release rate and the cumulative heat release, with the AC nozzle 

displaying an earlier heat release. 

Looking at the current profiles, for the same indicated load on the motor at the AC nozzle, a 

significantly shorter start-up time is required on the ammonia side. Although the same hydraulic flow 

rate was defined through the nozzle, slight differences in the needle stroke setting led to changes in 

the flow rate. Additionally, it can be postulated that a reduction in the availability of diesel jets will 

precipitate a decline in the efficiency of ammonia conversion, necessitating a compensatory increase in 

fuel injection to maintain the indicated power output. 

Moreover, an elevated pressure rise gradient and the heat release resulting from the higher ammonia 

mass flow can be discerned at the AC nozzle. A premix peak is observable at approximately -20° CA 

ATDC, which analogous for both nozzle variants. Based on the pressure curves of the two fuel paths 

(pNH3 & pDiesel), it can be determined that this premix peak originates mainly from the diesel injection, 

but that a partially premixed portion of ammonia is already combusted at this point.   

The main part of the ammonia then combusts at different rates depending on the nozzle variant. When 

comparing the cumulated heat release, the 10% conversion point is earlier with the AC Nozzle. This 

indicates a better oxidation of the ammonia due to higher penetration from the diesel spray.   

The maximum heat release of the AC Nozzle already takes place in the TDC, where the AE Nozzle is 

delayed. This leads to an earlier center of combustion on the part of the AC nozzle and results in 

lower energy consumption and increased efficiency, as measured by the global maximum of the 

cumulated heat release curve at same indicated power. The reason for the earlier center of combustion 

of the AC-Nozzle is the improved penetration area of the spray lobes, which improves the mixture 

preparation and the resulting fuel conversion.  
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Figure 5: cylinder pressure, heat release and cumulated heat release of both nozzle variants at IMEP = 17 bar and 

simultaneal current 

Based on the results of the simultaneous current injection of both fuel paths, the time difference of the 

current injections was then varied to evaluate the combustion process with earlier diesel or ammonia 

injection.  

Figure 7 shows that a positive start of current difference corresponds to an earlier ammonia start of 

current. As already explained in Figure 6, a shortened duration of current on the ammonia side with 

the AC nozzle continues over the entire variation range. Furthermore, the shortest injection duration 

was set on the diesel side, which still ensures a clean opening of the injector without cycle fluctuations 

due to operation in the ballistic range. The injector of the AE-Nozzle requires a 100 µs longer 

energization time, whereupon the diesel mass flow in the diagram inevitably increases and leads to an 

increased diesel and a reduced ammonia content. The AC nozzle offers efficiency advantages over the 

entire variation range. This can be explained by the shorter burn duration. In addition, due to the 

higher mass flow on the ammonia side, the AC nozzle results in higher maximum pressures and higher 

maximum cylinder pressure gradients. 
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Figure 7: Setpoints values for the variation of the injection difference at IMEP = 17,2 bar   

The diagrams in Figure 8 show the emission values of NH₃, NOx, N₂O and CO₂ as a function of the 

time offset of the injection and illustrate the complex relationship between the injection timing and the 

resulting emissions. The variation range is limited on both sides by misfiring. The reason for this is that 

if diesel injection is too far upstream, diesel combustion starts too early and therefore ammonia 

combustion cannot be started. If the ammonia injection is also moved too far forward at the other 

limit of the variation range, this results in increased ammonia emissions due to wall deposits and 

misfiring due to a lack of jet interaction. 

 

Figure 8: Reasonable emissions for the variation of the injection difference at IMEP = 17,2 bar  

The NH₃ emissions reach their minimum at a ΔSOE of 8° CA. This indicates that this injection point is 

particularly favorable for the reduction of NH₃ emissions. Considering the hydraulic delay of the 

separate fuel paths, it can be determined that according to Figure 4, a difference of the start of 

energization of ΔSOE = 7.2° CA corresponds to simultaneous injection. Looking at a ΔSOE = 8° CA the 

resulting ammonia emissions are lowest at this flow difference, regardless of the nozzle geometry.  

In contrast, the emissions of NOx and N₂O increase continuously with increasing ΔSOE and reach their 

highest values at around 20° CA. The AE-Nozzle tends to have higher NH₃ emissions compared to 

the AC-Nozzle.   
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If ammonia injection is shifted increasingly earlier, the proportion of premixed ammonia increases and 

leads to an increase in Fuel-NO emissions due to higher cylinder pressure. It should also be noted that 

due to the increasing premixed combustion, the low flame speed of the ammonia leads to increased 

NH3 emissions instead of combusting diffusive.  

N₂O emissions follow a similar trend, with the AC nozzle reducing emissions by almost 50%, especially 

with upstream diesel injection. At negative ΔSOE values, N2O emissions are low, while at positive values 

they increase continuously and peak at around 20° CA. As already mentioned in Chapter 2.1, it arises 

as a product of incomplete combustion in locations with low temperature and is thus reduced as soon 

as combustion becomes hotter. If the AE nozzle has no diesel holes, ammonia can reach lean edge 

areas before it is ignited by neighbouring diesel jets, leading to increased N2O emissions. A similar 

trend of increasing nitrous oxide emissions can also be observed with upstream ammonia injection.  

 

Figure 9: Ratio between ammonia and nitrous oxide emissions (ANR) at IMEP = 17.2 bar for various injection 

differences between both fuel paths 

The ratio of NOx to NH₃, shown in Figure 9, which provides a measure of the applicability of an SCR 

catalytic converter, shows that a ratio of one can already be achieved with an 8° CA upstream flow of 

the ammonia path from the AC nozzle. However, it must be considered that particularly high nitrous 

oxide emissions occur at precisely these operating points where the N2O emissions are at the highest 
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point. As a result, a trade-off between the NH3-NOx ratio and laughing gas emissions must be found 

in the future. 

  

Figure 10: Heat release rates of different injection timings at IMEP=17.2 bar 

The diagrams above show the heat release rate as a function of the crank angle. Each row contains 

diagrams for different current differences of 0° CA, 8° CA and 20° CA. The red line represents the 

heat release with the AE nozzle and the purple line the AC nozzle. Basically, it can be stated that the 

heat release of the diesel injection is almost identical under all the injection differences investigated 

and may be superimposed by the heat release of the ammonia. 

When looking at the simultaneous flow, it can be seen in the left-hand column for ΔSOE = 0° CA that 

the heat release rate for the AC nozzle shows an increase shortly before top dead center, followed by 

a peak shortly after TDC. The AE nozzle shows a similar curve, but with a slightly later heat release 

rate shortly after TDC. Simultaneous energizing shows that diesel (hydraulic delay + ignition delay) has 

a predominantly premixed combustion, followed by ammonia, which enters the combustion chamber 

about 9° CA after energization. It can also be assumed that the AC nozzle enables a more 

homogeneous mixture and temperature distribution in the combustion chamber, presumably due to 

the better distribution of the ammonia jets. This leads to a shorter ignition delay for ammonia, which 

is why the heat release with the AC nozzle always remains positive 

At ΔSOE = 8° CA, in the middle row of the graphs, the AC nozzle again shows an increase in heat 

release rate just before TDC, followed by a higher and shorter peak after TDC compared to 0° CA. 

The AE nozzle also shows an increase compared to simultaneous start of current, but with a higher 

peak and a slightly different shape. In the right column with the expanded scale, the differences between 

the two nozzles can be seen more clearly, with the AC nozzle achieving a higher and narrower peak 

than the AE nozzle. 
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At a flow rate difference ΔSOE = 20° CA, the AE nozzle shows an even more pronounced increase in 

the heat release rate before TDC, followed by a very high peak after TDC. The AC nozzle also shows 

a very high peak in this case, but it is slightly before the peak of the AE nozzle and has a slightly different 

shape. The AC nozzle reaches a higher peak than the AE nozzle, but with a narrower curve. If the 

ammonia injection is brought earlier into the combustion, the high enthalpy of vaporization of the 

ammonia leads to a delay in the diesel combustion. The AC nozzle enables better mixing, which means 

that the premixed phase of combustion begins immediately after the evaporation, while the AE nozzle 

leads to a longer ammonia ignition delay due to poorer mixture preparation.  

4. Conclusion 

The investigation into the combustion process involving high pressure dual-fuel injection of ammonia 

and diesel reveals significant insights into the interaction between these two fuels and the impact of 

injection timing on combustion efficiency and emissions. The study highlights the critical role of the 

time offset between the ammonia and diesel injections, demonstrating that even small differences in 

timing can lead to notable changes in the combustion characteristics. 

Key findings include the observation that the AC nozzle, with its better mixture preparation and 

shorter ignition delay for ammonia, consistently produced a more efficient combustion process 

compared to the AE nozzle. This is evident in the earlier heat release, higher peak pressures, and a 

more favorable center of combustion with the AC nozzle, leading to lower energy consumption and 

higher efficiency at the same indicated power output. 

The emission analysis further underscores the complexity of optimizing the dual-fuel combustion 

process. While a timing offset of around 8° CA was found to minimize ammonia emissions and a ratio 

of NH3 and NOx (ANR), it simultaneously led to increased N₂O emissions, highlighting the trade-offs 

inherent in tuning the injection timing. The AC nozzle demonstrated better overall performance, 

particularly in reducing N₂O emissions, but the study suggests that further optimization is needed to 

balance emissions of NH₃, NOx, and N₂O while maintaining efficient combustion. 

In summary, the study provides a detailed understanding of how injection timing and nozzle 

configuration affect the combustion process and emissions in dual-fuel systems. These insights are 

crucial for developing more efficient and cleaner combustion strategies, particularly in applications 

where ammonia is used as a renewable fuel. Future research should focus on refining these findings to 

optimize the balance between combustion efficiency and emission control. 

Abbreviations 
SOC – start of current 

TOC – time of current 

dp/dtMax – maximum gradient of cylinder pressure 

p_CYLMax – maximum cylinder pressure 

ηi – indicated efficiency 

α10-90 – burn duration between the 10% and 90% cumulated heat release point 
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ANR – ratio between unburned ammonia and nitrogen oxides 

ΔSOE – difference between both start of currents of both fuel paths 
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Abstract 
The ongoing energy transition and the global shift towards carbon-free fuels and e-fuels derived from 

renewable energy sources has sparked a significant interest in the application of ammonia. Ammonia, 

being a carbon free alternative fuel with some challenging attributes, shows great potential for marine 

propulsion systems and other high-power applications.  

The paper explores two different ammonia combustion concepts for high-speed engines, as 

investigated by AVL. The first combustion concept involves a retrofittable approach of a premixed 

ammonia combustion with a Diesel pilot ignition, while the second concept pursues a pure zero-carbon 

fuel strategy by utilizing a mixture of ammonia and hydrogen ignited via a hydrogen-scavenged pre-

chamber with a spark plug. Following a comprehensive comparison of these two concepts, the focus 

of the paper shifts to the analysis of the spark ignited ammonia engine. 

The exploration commences with an introduction to AVL’s single-cylinder high-speed engine featuring 

a 175 mm bore size and specific test configurations. Measurement results will be discussed regarding 

their impact on engine performance and emissions. Engine maps showing ammonia-nitrogen oxides 

ratio and excess air ratio values of NH3-only consideration are presented, illustrating challenges 

associated with high levels of unburned ammonia and emissions of nitrous oxide (N2O) as a by-product 

in the exhaust gas. Recognizing N2O as a potent greenhouse gas, the paper underscores the necessity 

of minimizing those laughing gas emissions through combustion system development or by deploying 

exhaust gas aftertreatment systems with highest efficiencies, further illustrating N2O emissions in CO2 

equivalent for emphasis.  

In the subsequent section, the paper discusses simulation results of mixed hydrogen-ammonia fuel 

operation. Insights to mixture preparation and combustion are provided, with a specific focus on NOx 

and N2O emissions, along with unburned ammonia. The discussion focuses on the potential for 

enhancing air/fuel mixing and combustion based on simulation results, incorporating comparisons with 

experimentally obtained data whenever feasible. 

As a conclusion, the paper finally summarizes key findings and is offering an outlook on future 

developments, encompassing ongoing work on combustion concepts like ammonia high-pressure direct 

injection, exhaust aftertreatment, and related simulation toolchain and its application. The seamless 

https://doi.org/10.18453/rosdok_id00004643
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integration of advanced 1D/3D CFD simulation methodology combined with the experimental results 

provides a holistic view of the ammonia combustion processes and sets the stage for further 

improvements for the development of ammonia powered combustion engines.  
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1. Introduction 

Marine transportation is a critical facilitator of the global economy, but its contribution to total 

anthropogenic greenhouse gas (GHG) emissions has grown. This contribution increased from 2.76% 

in 2012 to 2.89% in 2018 [1]. In response, various initiatives have emerged to reduce shipping emissions, 

including the International Maritime Organization's (IMO) initial GHG strategy adopted in 2018. This 

strategy has spurred increased research and development of alternative fuels and hybrid propulsion 

systems for the maritime sector. Building on these efforts, the IMO's Marine Environment Protection 

Committee (MEPC 80) in July 2023 adopted a revised GHG Strategy with ambitious emissions 

reduction targets. These targets include a 20% reduction by 2030, a 70% reduction by 2040 (compared 

to 2008 levels), and ultimately, achieving net-zero emissions by 2050, as shown in Figure 1. 

 

Figure 1: Revised IMO GHG strategy, Source DNV [3] 

Ammonia is a zero-emission carbon free fuel and can be processed on board of vessels without 

producing any direct GHG emissions. If produced by electrolysis with renewable power sources, the 

well to wake emissions over the whole supply chain are on the same low level (100 gCO2/kWh-

GWP100) as e-Methane, e-Methanol and e-LH2 [3]. The attractiveness of ammonia for the maritime 

industry is not only based on the zero direct GHG emissions, but also on the already established 

infrastructure as ammonia is a commonly sea-traded good and many ports worldwide can provide 

ammonia infrastructure already today. This is however still limited to fossil ammonia requiring huge 

effort to transform to green ammonia. As a bridging solution, fossil ammonia will likely be used, and 

the green ammonia infrastructure build-up plans are readily accessible, and there is serious 

commitment to be observed from key stakeholders. 

This paper explores two different ammonia combustion concepts for high-speed engines, investigated 

by AVL. The first combustion concept involves a retrofittable approach of a premixed ammonia 

combustion with a Diesel pilot ignition, while the second concept pursues a pure zero-carbon fuel 

strategy by utilizing a mixture of ammonia and hydrogen ignited via a hydrogen-scavenged pre-chamber 

with a spark plug. Following a comprehensive comparison of these two concepts, the focus of the 

paper shifts to the analysis of the spark ignited ammonia engine. 

Measurement results of both combustion concepts will be discussed regarding their impact on engine 

performance and emissions. Engine maps showing ammonia-nitrogen oxides ratio and excess air ratio 

values of NH3-only consideration are presented, illustrating challenges associated with high levels of 
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unburned ammonia and emissions of nitrous oxide (N2O) as a by-product in the exhaust gas. 

Recognizing N2O as a potent greenhouse gas, the paper underscores the necessity of minimizing those 

laughing gas emissions through combustion system development or by deploying exhaust gas 

aftertreatment systems with highest efficiencies, further illustrating N2O emissions in CO2 equivalent.  

Additionally, the paper discusses simulation results of mixed hydrogen-ammonia fuel operation. Insights 

to mixture preparation and combustion are provided, with a specific focus on NOx and N2O emissions, 

along with unburned ammonia. The discussion focuses on the potential for enhancing air/fuel mixing 

and combustion based on simulation results, incorporating comparisons with experimentally obtained 

data whenever feasible. 

The seamless integration of advanced 1D/3D CFD simulation methodology combined with the 

experimental results provides a holistic view of the ammonia combustion processes and sets the stage 

for further improvements for the development of ammonia powered combustion engines. 

2. Assessment of Combustion Concept for Ammonia  

The characteristics of different gas and dual fuel combustion concepts have already been discussed in 

previous papers [4], [5] and [6]. Their tolerance for the utilization of ammonia as alternative fuel are 

summarized in Table 1. 

One possible and presumably simpler way is to employ a premixed combustion concept. The ammonia 

can be mixed with the air upfront of the combustion chamber, e.g. in the intake port via gas admission 

valves (port fuel injection, PFI). The pre-mixed air-fuel mixture will then be ignited either by a spark 

plug or by injecting diesel fuel. The spark ignition system or diesel injection system of the baseline 

engine can be carried over. This concept therefore allows a relatively simple conversion of an existing 

diesel or gas engine by simply applying an additional ammonia injection system, which would not only 

enable a quick introduction of ammonia-fueled engines into market but also a retrofit of already 

introduced engines whose lifetime exceeds the targeted timeframe for CO2 reduction.  

The other option is a diffusive combustion concept, in which ammonia is injected directly into the 

combustion chamber at high pressure of around 500 bar and higher. The injected ammonia will then 

be ignited by injecting the pilot diesel fuel. This concept generally offers an opportunity to solve the 

problems associated with premixed combustion, such as combustion anomaly or unburned ammonia 

emissions, but poses a challenge of engine complexity with two high-pressure fuel injection systems. 

Another challenge is the current availability of high-pressure pumps and fuel injection equipment for 

ammonia. 
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Table 1: Combustion Concepts for Ammonia  

 

2.1. Pre- mixed combustion with spark ignition 

The majority of large natural gas engines on the market employ spark-ignited pre-mixed combustion 

concept and apply either an open chamber concept or a pre-chamber combustion concept. These 

natural gas engines can be converted in a relatively simple way to carbon-neutral engines by adapting 

the relevant components such as gas supply system to those compatible to the selected alternative 

fuel.  

Considering the lower heat value of ammonia compared to the natural gas, an appropriate sizing of gas 

admission valve is required. In addition, the ammonia compatibility of the materials used in the entire 

gas supply system as well as in the components that come in contact with ammonia (e.g. combustion 

chamber, exhaust system, crankcase and blowby system) must be carefully checked.  

Both of the combustion concepts with or without pre-chamber can tolerate ammonia well to a certain 

extent. Open chamber spark-ignited (OCSI) concept, however, may suffer from the low reactivity 

characteristics of ammonia due to its limited ignition energy and a mixing of hydrogen to ammonia is 

necessary to assure a stable ignition and combustion.  

The pre-chamber spark-ignited (PCSI) concept has a higher chance to realize a good ammonia 

combustion, but an admixing of hydrogen is still necessary at least at engine start and low load 

operation. Highlights from the measurement results on a single cylinder test engine will be given in a 

later section of the paper. 

In both OCSI and PCSI, high levels of unburned ammonia emissions and nitrous oxide emissions as 

well as very high NOx emissions are expected and thus, exhaust aftertreatment system is mandatory. 

2.2. Pre- mixed combustion with diesel injection 

By adding or adapting the gas supply system, it is feasible in a relatively simple manner to burn ammonia 

in diesel or dual fuel engines. One of the biggest advantages of such diesel substitution or dual fuel 

engines is the redundancy of engine operation in diesel mode. It is possible to continue the engine 

operation independently of the availability of the ammonia or even in case of troubles of ammonia-

related subsystems.  

Ammonia can be tolerated quite well by the diesel-ignited pre-mixed combustion concept. The strong 

ignition energy made available by the pilot diesel injection assures a stable ignition of the mixture. 
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Combined with a proper setting of the excess air ratio, 90 to 95% (energy based) substitution rate can 

be realized. Similar to the spark-ignited combustion, however, quite high unburned NH3 emissions and 

very high NOx emissions force an application of exhaust aftertreatment. Highlights from the 

measurement results on a single cylinder test engine will be given as a comparison basis to the spark-

ignited pre-mixed combustion concept in a later section of the paper. 

2.3. Diffusive combustion with diesel pilot injection 

While the pre-mixed combustion concept could be realized in a relatively simple manner by adapting 

the gas supply system, the associated challenges such as combustion anomalies and exhaust gas 

emissions pose a limitation on the achievable substitution rate and potential reduction of GHG gas 

emissions. Diffusive combustion concept could offer a good solution to these known challenges of the 

pre-mixed combustions whereas the availability, reliability and durability of high-pressure injectors and 

high-pressure pumps that are compatible for the selected alternative fuel as well as the significantly 

increased complexity of the engine and subsystems are the main challenges.  

From the diffusive combustions of ammonia, a significant reduction of unburned NH3 emissions is 

expected compared to pre-mixed combustions. Injectors and high-pressure pumps for ammonia, 

however, are still at an early phase of the development and available to a limited extend.  

3. Single Cylinder Engine Test Results 

3.1. Test engine 

The AVL high-speed single cylinder test engine SCE175 shown in Figure 2 was used for the 

investigations described in the following section of the paper. AVL designed a new clean sheet engine 

power cylinder unit to be used as a platform for the performance and mechanical development testing 

and successfully demonstrated a BMEP of 35 bar and a BSFC of 168 g/kWh at 1500 rpm in diesel engine 

version and a BMEP of 32.5 bar and a brake thermal efficiency of 50% at 1500 rpm with and engine-

out emissions cap of 500 mg/Nm3 NOx at 5% residual O2 in gas engine version [7].  

The engine is characterized by a high peak firing pressure capability of up to 330 bar while retaining 

state-of-the-art durability requirements. The engine can be operated as a diesel engine, gas engine or 

dual fuel engine with a common rail injection system for liquid fuel and with a port gas admission valve 

or venturi mixer for gaseous fuel. Each cam segment for intake and exhaust valves can be replaced or 

adjusted separately.  
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Figure 2: AVL High-Speed Single Cylinder Test Engine SCE175 

For the present study, the engine was adapted to investigate the characteristics of pre-mixed ammonia 

combustion with two different ignition concepts.  The schematic diagram of the engine configurations 

tested in the following measurements and their high-level specifications are given in Table 2. The 

gaseous fuel was mixed with the air by a venturi gas mixer and an air/fuel mixture was supplied to the 

engine. For the spark-ignited combustion concept, a mixture of hydrogen and ammonia was mixed 

with the air and additionally, a small quantity of pure hydrogen was supplied to the pre-chamber. For 

the diesel-ignited concept, only ammonia was mixed with the air by the venturi gas mixer.  

Table 2: Schematic diagram and specifications of SCE175 used for testing in this study 

 

3.2. Diesel-ignited pre-mixed ammonia combustion test result 

The ammonia air mixture supplied to the combustion chamber was then ignited by an injection of 

diesel fuel through a common rail diesel injector that is capable of the rated output in diesel operation 

mode i.e. 35 bar BMEP. While this concept has an advantage of being able to maintain the full load 

capability in diesel operation mode, the maximum possible substitution rate by ammonia is typically 

limited by the injection stability at low injection quantities.  
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Figure 3 shows the influences of diesel energy ratio and excess air ratio on unburned ammonia emission 

and nitrous oxide emission. The excess air ratio shown in the figure is a global excess air ratio 

considering both diesel and ammonia. The measurement was conducted within the shown operating 

area but the outer contour of the map is not necessarily the operational limit. Towards the lower 

excess air ratio and the higher diesel energy ratio (top left corner of the diagram), the operational 

limits typically are the exhaust gas temperature and CO emissions due to incomplete combustion of 

diesel fuel. Towards the higher excess air ratio and the lower diesel energy ratio (bottom right corner 

of the diagram), the operational limits typically are the high unburned ammonia emission and the low 

combustion stability. 

At excess air ratio above 1.8 and diesel energy ratio above 50%, the unburned ammonia emission as 

well as nitrous oxide emission increases significantly when the diesel substitution rate is increased. In 

this area, the influence of the global excess air ratio is rather moderate because the excess air ratio of 

ammonia only is still quite high (3.5 to 5) and the very lean ammonia air mixture only vicinity of the 

diesel flame burns and a considerable portion of ammonia air mixture between the diesel flames 

remains unburned. Thus, a small variation in decimals of the global excess air ratio do not improve the 

ammonia combustion sufficiently.  

As the excess air ratio and diesel energy ratio are further decreased, however, the unburned ammonia 

as well as nitrous oxide emission decreases significantly. In this area the excess air ratio of ammonia 

only becomes below 2.5 and it can be understood that the combustion of ammonia air mixture between 

the diesel flames also starts improving.  

 

Figure 3: Unburned ammonia emission (left) and nitrous oxide emission (right) as a function of diesel energy ratio and 

excess air ratio measured at engine out at BMEP 25 bar and 1350 rpm 

Figure 4 shows the effective engine efficiency of the single cylinder engine and the CO2 equivalent 

emissions of the same measurement campaign. The values of the baseline diesel operation are indicated 

in the diagrams. Note that these values of diesel operation mode were measured with the same engine 

configuration as the ammonia substitution measurement and do not represent the optimum diesel 

performance measured on this engine platform.  
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The efficiency decreases as the ammonia energy ratio is increased mainly due to unburned ammonia 

emissions and slightly improves at the low excess air ratio and the low diesel energy ratio as the 

unburned ammonia emission decreases in this area. 

 

Figure 4: Brake thermal efficiency (left) and CO2 equivalent emission (right) as a function of diesel energy ratio and 

excess air ratio measured at engine out at BMEP 25 bar and 1350 rpm 

CO2 equivalent emissions reflect the trend of the nitrous oxide emissions as the global warming 

potential of the nitrous oxide is 265 in 100 years scale according to the 5th assessment of the IPCC [8] 

and has a significant influence on the CO2 equivalent emissions. Diesel energy ratio of above around 

40% CO2 equivalent emissions is even worse than the baseline diesel operation. The benefit can only 

be seen in the area of the low excess air ratio and the low diesel energy ratio where the nitrous oxide 

emissions can be decreased. 

Therefore, it can be concluded that it is important for the pre-mixed ammonia combustion with diesel 

ignition to maximize the ammonia substitution rate and minimize the excess air ratio to optimize in 

order to realize a low unburned ammonia and a low nitrous oxide emission.  

When the diesel injector with the full load capability is carried over, the injector capability for stable 

injections of small quantities is one of the key success factors for this combustion concept. In addition, 

the turbocharger layout including the air path control system to realize the low excess air ratio 

required for ammonia combustion and high excess air ratio in diesel operation mode is an important 

development topic. Furthermore, the optimizing the transition from diesel to ammonia operation is 

another development challenge, as the gradual increase in the ammonia ratio may fail due to excessive 

unburned ammonia and excessive nitrous oxide emissions.  

3.3. Spark-ignited pre-mixed ammonia combustion test result 

For the spark-ignited combustion concept, a mixture of hydrogen and ammonia was mixed with the 

air through a venturi mixer. The energy fraction of hydrogen mixed to ammonia was constant at 15% 

in the measurements discussed in this section. During the compression stroke, the ammonia-hydrogen-

air mixture is forced into the pre-chamber and mixed with the pure hydrogen which is supplied 
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separately and directly into the pre-chamber. The quantity of the additional hydrogen to the pre-

chamber was about 1% in energy fraction of the total fuel. This extra enrichment of the pre-chamber 

by the pure hydrogen is to ensure a stable start of combustion by a spark ignition. 

 

Figure 5: Unburned ammonia emission (left) and nitrous oxide emission (right) as a function of BMEP and excess air 

ratio measured at engine out at 1500 rpm with a constant hydrogen energy fraction of 15%  

Figure 5 shows the unburned ammonia emission and nitrous oxide emission as function of the BMEP 

and the excess air ratio. The excess air ratio shown in the figures is a global excess air ratio considering 

ammonia and hydrogen. At first glance it can be noticed that the level of unburned ammonia emission 

and nitrous oxide emission is considerably lower than that of diesel-ignited combustion concept as 

shown in the Figure 3. Due to the absence of the diesel fuel, the excess air ratio of the spark-ignited 

concept can generally be set lower without suffering from the incomplete combustion and CO 

emissions. In addition, the mixing of hydrogen significantly supports the ammonia combustion and 

reduces the unburned emissions. Nevertheless, the trend itself is similar to the diesel-ignited 

combustion and the lower excess air ratio results in the reduction of the emissions.   
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Figure 6: Unburned ammonia emission (left) and nitrous oxide emission (right) as a function of BMEP and excess air 

ratio measured at engine out at 1500 rpm with a constant hydrogen energy fraction of 15%  

Figure 6 shows the effective engine efficiency of the single cylinder engine and the CO2 equivalent 

emissions of the same measurement campaign. The efficiency is not significantly influenced by the 

excess air ratio but increases as the engine load is increased. The trend for the CO2 equivalent 

emissions follows nitrous oxide emissions, but is at very low level compared to the diesel-ignited 

concept as shown in the Figure 4. The fuel is carbon free and thus, the CO2 emission from the engine 

is at a quite low level and resulting from the combustion of the lubricating oil.  

A drawback of the tested concept were the very high NOx emissions, NOx values above 35 g/kWh 

were measured, due to compact Rate of heat release as enabled by the hydrogen admixing and due to 

high temperature caused by the low excess air ratio. The level of NOx emission is much higher than 

that of the unburned ammonia emission meaning that an additional urea injection would be required 

at SCR. Ideally, the levels of NOx emission and NH3 emission at engine out are balanced so that the 

additional urea injection at SCE can be avoided or minimized.  

A reduction of hydrogen energy ratio and an optimization of the excess air ratio are further conceivable 

development steps to reduce the NOx emissions at engine out. In addition, supplying the pre-chamber 

with the same fuel as the main chamber must be investigated. In this study, pure hydrogen was supplied 

to the pre-chamber for simplicity, and this must have had a certain influence on the resulting high NOx 

emission. In the actual application, however, the partially cracked ammonia is likely to be supplied to 

both the main chamber and the pre-chamber to avoid installing an additional fuel tank for the pure 

hydrogen. 

Figure 7 compares the engine performance and emissions of four different combustion concept, 

namely, diesel, natural gas, ammonia spark-ignited and ammonia diesel-ignited, at a BMEP of 25 bar. 

The engine configuration for the diesel engine is different from that of the ammonia diesel-ignited 

concept. The diesel engine is optimized for the single fuel operation, especially in terms of the 
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compression ratio. On the other hand, the engine configuration for the natural gas engine is the same 

as that of the ammonia spark-ignited concept.  

The diesel engine has the highest brake thermal efficiency (BTE) of 48.6% but at the same time emits 

the highest CO2 emission. The natural gas engine follows with the BTE of 47% measured at NOx 

500 mg/Nm3 at residual O2 of 5%. The CO2 emission from the gas engine is lower by more than 20% 

compared to the diesel engine. However, the benefit is partially compensated by the CH4 emission, 

which has a global warming potential (GWP) of 28 according to the 5th assessment of the IPCC, 

resulting in 10% reduction in the CO2 equivalent emission compared to the diesel engine.  

The ammonia spark-ignited concept shows a remarkable potential for the reduction in the CO2 

equivalent emissions benefitting from the carbon free fuel and very low nitrous oxide emissions. It 

emits only 6 to 6.6% of CO2 equivalent emissions compared to the diesel and gas engines, respectively. 

As discussed above, however, the excessive NOx emission is the challenge of this combustion concept 

and further development steps are necessary. 

It is clearly visible that the BTE of the ammonia diesel-ignited concept is remarkably lower than the 

others mainly due to the high unburned ammonia emission of around 20 g/kWh. While the CO2 

emission itself from this concept is about 20% compared to the diesel engine, the CO2 equivalent 

emission counts for 36% of the diesel engine because of the nitrous oxide emission. Even though the 

nitrous oxide emission was reduced to a low level of about 0.3 g/kWh, the contribution to the CO2 

equivalent emission is still quite high due to its high GWP of 265.  Further increase of the ammonia 

energy fraction and optimization of the excess air ratio to minimize the nitrous emission are the key 

development targets for this combustion concept. 

 

Figure 7: Comparison of brake thermal efficiency and emission performances among diesel, gas, NH3 spark ignited and 

NH3 diesel ignited at BMEP 25 bar  

4. 3D CFD Simulation 

For a better understanding of the physical phenomena and to potentially support further combustion 

concepts development, 1D thermodynamic and 3D CFD simulations of the diesel-ignited pre-mixed 

ammonia combustion and the spark ignited pre-mixed ammonia concept, were conducted. A 

computational model was setup for each concept separately and some selected operating conditions 
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were simulated by means of CFD, while 1D thermodynamic simulation was performed for the 

complete engine operating map using the AVL Simulation solutions FIRE™ M und CRUISE™ M 

respectively.  

4.1. Diesel-ignited premixed ammonia combustion concept simulation 

The computational model was setup for the operating point 25 bar BMEP at 1350 rpm. The simulations 

have been performed for two operating conditions – one for using pure diesel as a fuel and the other 

one using 20 energy percent of diesel and the rest ammonia. The given percentage describes the share 

in the total energy introduced in the combustion chamber. While the first operating condition reflects 

the standard diesel operating mode of the engine, the other one with 20% Diesel and 80% NH3 

represents conditions close to the limit where stable combustion still can be achieved. The 

computational model and the simulated operating conditions are presented in Figure 8. 

Figure 8: Simulation model and simulated operating conditions 

A mixture of ammonia and air is supplied to the intake port through a venturi mixer. This results in 

almost ideal homogeneity of the mixture. Therefore, homogeneous mixture was initialized in the intake 

ports at start of the simulation and the same mixture is supplied through the inlet boundary of the 

intake ports during the simulated cycles. 

The engine utilizes an injector with nine injection holes. In order to minimize the required 

computational resources, only a cylinder segment of 40°, featuring one nozzle hole was simulated for 

the high-pressure cycle featuring compression, diesel injection and combustion as shown in Figure 8.  

The combustion process was simulated deploying a general gas phase reaction solver. This requires 

the use of a chemical kinetic mechanism suitable for NH3, H2 and n-heptane combustion simulation [9]. 

The mechanism deployed in this study consists of 69 species and 389 chemical reactions. To speed up 

solving the chemical kinetics, an acceleration technique, called multi-zone model, was enabled. With 

this, cells having similar conditions (temperature and equivalence ratio) are grouped into zones for 

which the chemistry is solved at once rather than for each individual cell. The simulations performed 

in this study use a 5 K limit for temperature and 0.01 limit for the equivalence ratio to define the model 

zones. This specification enables a significant acceleration of the simulation while preventing a visible 

deterioration of the simulation result accuracy.  
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Simulations of both operating modes were conducted. Diesel injection and combustion were calibrated 

to the experimental data. Cylinder mean pressure and rate of heat release curves are presented in 

Figure 9.  

 

Figure 9: Simulated vs Experimental cylinder mean pressure and ROHR for two operating modes 

A good agreement between simulated and experimental results can be observed, which indicates, the 

simulation realistically reflects related physical phenomena. 

3D results obtained for fuel injection and combustion are presented in Figure 10. Diesel starts to 

evaporate earlier and more intense if it is injected into a pure air. In this particular case the rail pressure 

is significantly higher. Consequentially also the combustion starts earlier and a bit closer to the injection 

nozzle. The observed combustion progress is typical for a diesel diffusion flame, driven by the injection. 

Flow inertia from diesel injection and the aerodynamics of the piston bowl redirects the flame front 

from the piston bowl rim to the cylinder head. 

 

Figure 10: Comparison of fuel injection and combustion for both simulated operating modes  
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In the dual fuel case, the evaporation of the diesel starts later. Also, ignition is taking place significantly 

later compared to the pure diesel mode. There are several reasons for that. Injecting diesel into 

ammonia, means, there is less oxygen available for ignition and combustion. Due to the lower rail 

pressure and, consequently, the lower kinetic energy of the fuel jet, there is weaker jet breakup and 

evaporation is slower. The lower injection velocity also results in a weaker mixing process. 

Furthermore, the diesel-ammonia mix has elongated auto-ignition time, therefore ignition starts at a 

time, when the jet kinetic energy is almost neutralized. The ignition point is in a mixed fuel region. 

From this ignition kernel, the combustions spreads like from a fictitious spark plug, which is typical for 

pre-mixed cases. The aerodynamics of the bowl loses on importance. Once the flame reaches pure 

ammonia regions (this is when it moves into the squish area), the flame propagation slows down due 

to the low laminar flame speed of ammonia. This slow combustion is also a reason for the high ammonia 

slip related to this concept. Please refer to the Figure 11. 

 

Figure 11: Slow combustion in pure ammonia region 

4.2.  Spark ignited premixed ammonia combustion concept simulation  

The computational model was setup for three operating conditions. They represent load and an air 

excess ratio variation at constant engine speed, see Table 3.  

Table 3: Simulated operating conditions 

 

As written above, the mixture of ammonia and hydrogen is supplied to the intake port through a 

venturi mixer. This results in almost ideal homogeneity of the mixture. Therefore, homogeneous 

mixture was initialized in the intake ports at start of the simulation and is supplied through the inlet 

boundary of the intake ports during the simulation. 

The energy share of the hydrogen was kept constant at 15%. An additional 1% energy share of pure 

Hydrogen is supplied into the pre-chamber to enrich the mixture in the spark plug area for stable 

ignition and fast propagation of the flame into the main chamber. The computational model including 

important geometry parts is presented in Figure 12. A key role at this combustion concepts plays the 

pre-chamber. 
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Figure 12: Simulation model (© AVL) 

Simulating the combustion of the spark-ignition concept, the same models (general gas phase reaction 

kinetics and multi-zone accelerator) have been used as for the diesel-ignition concept. 

CFD simulations of all selected operating conditions were conducted. Minor calibration of the 

combustion process was required in order to match mean cylinder pressure and rate of heat release 

curves from the experimental data. The calibration was done by means of variation of the combustion 

reaction rate. The mean cylinder pressure and the accumulated heat release curves for all simulated 

operating conditions are presented in Figure 13. Good agreement between simulated and the 

experimental results can be observed, which indicates that the simulation results realistically reflect 

the involved physical phenomena. 

Slightly too fast reaction rates can be observed, which relates to the slightly overpredicted mean 

cylinder pressure for all simulated operating conditions. Simulated and experimental results are 

consistent for all modelled operating conditions, which indicates a high level of robustness of the 

simulation model and its potential to correctly predict in-cylinder flow conditions for a large variety of 

operating points. 

  

Figure 13: Simulated vs. experimental cylinder mean pressure and accumulated heat release 
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 As already mentioned, the key role in this combustion concept plays the pre-chamber design and the 

enrichment of the pre-chamber mixture with additional hydrogen. For the hydrogen supply into the 

pre-chamber a non-return valve is used. It operates based on the pressure difference on both sides of 

the valve, which makes it a bit difficult to control the supplied mass. The dynamic of the hydrogen 

propagation into the pre-chamber and mass-fractions in the spark plug area are displayed in Figure 14. 

It can be observed, that the pre-chamber gets almost completely filed with hydrogen during the intake 

stroke and later a significant part of it propagates to the cylinder. However, a considerable mass-

fraction of hydrogen remains within the pre-chamber and in the spark plug region thus helping to 

achieve stable ignition and combustion within the pre-chamber. 

 

Figure 14: Hydrogen mass-fractions in the pre-chamber and spark plug area 

 

Figure 15: Pre-chamber pressure vs. cylinder mean pressure (top) and flame visualization (bottom) 

In Figure 15 the combustion behaviour is shown. The flame front visualization nicely demonstrates the 

working engine concept. Ignition is initiated by the spark in the pre-chamber. Due to the relatively high 
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hydrogen concentration there, it is stable and reliable. High pressure appears in the pre-chamber after 

ignition (significantly higher than in a cylinder). Therefore, a strong flow and flame propagation from 

the pre-chamber to the main chamber through the transfer channels can be observed. The high-speed 

and energy intense jets entering the main chamber ensure ignition and combustion of the lean 

ammonia/hydrogen/air mixture in the cylinder volume.  

5. Summary and Outlook 

The paper described two different ammonia combustion concepts for high-speed engines, as 

investigated by AVL. The first combustion concept represented a retrofittable approach of a premixed 

ammonia combustion with a diesel pilot ignition, while the second concept pursued a pure zero-carbon 

fuel strategy by utilizing a mixture of ammonia and hydrogen ignited via a hydrogen-scavenged pre-

chamber with a spark plug. 

The measurements conducted on the AVL high-speed single cylinder test engine SCE175 with the new 

clean sheet engine power cylinder unit designed by AVL enabled a fair comparison of the engine 

performance and emissions from the different fuels and different combustion concepts revealing the 

potential and challenges of the ammonia combustions.  

While the diesel-ignited ammonia combustion concept already showed a reasonable reduction in the 

CO2 equivalent emissions by a relatively simple engine modification, there is still a good potential for 

the further optimization by a maximization of the ammonia energy ratio and a minimization of excess 

air ratio. A reduction in unburned ammonia emissions and nitrous oxide emissions are the key success 

factors.   

The spark-ignited ammonia combustion concept showed an excellent potential for a reduction in the 

CO2 equivalent emissions with low unburned ammonia emissions and low nitrous oxide emissions. 

However, an excessively high NOx emission was measured and further optimizations of operational 

parameters, especially the energy ratio of the additional hydrogen, are required.   

For specific applications, hydrogen is derived from Ammonia via an onboard cracking process. Further 

combustion development and optimizations will focus on the admission of N2/H2 mixtures to the pre- 

and main chamber.  

For both - diesel and spark ignited - premixed NH3 combustion, a trade - off is evident. A leaner 

mixture will increase unburnt NH3 and N2O (combustion byproduct) and reduce NOx. On the 

contrary an enrichment of the mixture is limited. For the diesel ignited concept, the lower limit is the 

increase of CO, due the missing oxygen content for the combustion of Diesel. 

For the spark ignited concept, the lower limit is the increased thermal load and the temperature limit 

of specific engine core components (fire deck, valves and seat rings, liner, piston). The trade off as 

described above is relevant for the layout of the aftertreatment system as determining the composition 

of the raw missions varying over speed and load of the engine.  

As a next step, our developments are focused on substrate characterizations considering the low and 

high NH3/NOx ratio to cover diffusive and premixed ammonia combustion. The overall 

thermodynamic layout of the engine and aftertreatment is a key element enabling Ammonia engines to 

be a promising solution for the near future. 
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CFD simulations (in conjunction with other simulation models and disciplines) represents a suitable 

means of understanding and optimizing concepts for CO2-neutral combustion engines. The ability to 

model complex physical and chemical processes and to simulate them predictively in a timely manner 

allows concepts and variations to be assessed efficiently and reliably. This is a decisive argument for 

the use of simulation, especially in the development of large engines, since the construction of 

components and system prototypes for physical testing is associated with immense costs and time 

expenditure. 
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Abstract 
Over the years, the interest in carbon-neutrality is spreading throughout the industry as a whole. 

Especially, according to international marine organization (IMO), the international shipping should 

reduce total greenhouse gas (GHG) emissions, at least 100% (net-zero) by 2050 compared to 2008. 

To achieve carbon-neutrality, it is essential to transition ship fuels from fossil fuel to e-fuels. 

Representative e-fuels include methanol, ammonia and hydrogen, with methanol-powered engines 

already being commercially available. HD Hyundai Heavy Industries (HHI) successfully developed the 

world`s first 3.0~4.5 MW medium-speed methanol-powered engine, H32DF-LM, in 2022. This engine 

is now being supplied to methanol-powered ships worldwide. Furthermore, in March 2024, HHI 

successfully completed the type approval test for 1.3~2.0 MW medium-speed methanol engine, 

H22CDF-LM, thereby establishing the world`s first lineup of methanol engines. HHI is currently 

developing 2.0~3.0 MW methanol engine and also in the process of developing engines powered by 

ammonia and hydrogen. In addition, fuel supply system for each fuel type is being developed. Through 

these, we are doing our best as a total marine solution provider. 

  

https://doi.org/10.18453/rosdok_id00004644
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1. Introduction 

Recently, various industries worldwide have been actively engaged in efforts to achieve carbon 

neutrality. Particularly, in the maritime transportation sector, shipowners, shipbuilders, and engine 

manufacturers are actively responding to carbon dioxide or greenhouse gas (GHG) reduction policies 

led by the International Maritime Organization (IMO). According to IMO regulations, a 50% reduction 

in GHG emissions compared to 2008 levels must be achieved by 2030, and a 100% reduction by 2050. 

[1] While achieving net zero is sufficient since emissions are considered from a life-cycle assessment 

(LCA), this remains a highly challenging goal. There are various methods to reduce GHG emissions 

from ships. As shown in the Figure 1, research is being conducted on a variety of technologies and 

methods, including energy management, ship coating, speed & voyage optimization, etc. However, there 

is no method as effective as switching from fossil fuels to eco-friendly fuels for ship propulsion. 

Therefore, there is a glowing global interest in and demand for e-fuels, such as methanol, ammonia, 

and hydrogen to replace conventional fossil fuels like diesel and LNG. 

 

Figure 1: Strategies for reducing GHG emissions from ships [2] 

E-fuel is a type of fuel synthesized by combining carbon dioxide captured from the atmosphere with 

green hydrogen produced though water electrolysis using electricity generated from renewable energy 

sources such as wind, hydro, and solar power. From a Tank-to-Wake (TTW) perspective, there are 

GHG emissions; however, from a LCA perspective, the amount of GHG emissions is reduced to nearly 

zero. [3] Therefore, the use of e-fuel can meet IMO regulations. However, due to limitation in 

production volume, high production costs, and the specific characteristics of the fuel, it is not easy to 

apply e-fuel to all ships immediately. To overcome these challenges, active research and development 

of related technologies are ongoing.  

The Table 1 presents the fuel characteristics of diesel, methane, methanol, ammonia, and hydrogen 

fuels. As can be seen from the table, the characteristics of e-fuels differ significantly from those of 



 
8th Rostock Large Engine Symposium 2024 

 

240 

conventionally used diesel and methane. In the case of methanol, it has a high boiling point and low 

saturation vapor pressure, allowing it to remain in a liquid state at room temperature. Therefore, it is 

the most suitable fuel for utilizing existing fuel systems. However, due to its low heating value, more 

fuel is required to achieve the same power output, and its high latent heat of vaporization necessitates 

consideration of combustion stability. In the case of ammonia, although it has a low boiling point, it can 

remain in a liquid state under moderate pressure, making fuel storage and transportation easier 

compared to methane. However, issues related to its low combustion speed, toxicity, and 

corrosiveness need to be addressed. 

Table 1: Fuel characteristics 

 MDO Methane Methanol Ammonia Hydrogen 

Boiling point (degC) 180-360 -161 64.7 -33.3 -252.9 

Lower heating value (MJ/kg) 42.5 50 19.7 18.6 120.0 

Latent heat of vaporization (kJ/kg) 250 510 1100 1369 446 

Auto-ignition temperature (degC) 210 580 470 650 500 

Laminar flame speed (cm/s) 30-40 37 37.6 6.8 265.0 

Lower flammability limit (vol.%) 0.6 5.0 6.0 15.0 4.0 

Energy density (MJ/L) 35.8 0.9 15.6 13.6 8.5 

Saturation vapor pressure (kPa) 0.4-0.7 4600 13 857 2070 

In the case of hydrogen, a significant advantage is that it only emits water upon complete combustion. 

However, despite its high heating value, it has a low energy density. Additionally, its extremely low 

boiling point presents technical challenges in storage and supply. Furthermore, due to its high 

combustion speed and low flammability limit, issues such as flashback and pre-ignition need to be 

addressed to ensure stability. 

 

Figure 2: Alternative fuel uptake in the world fleet by gross tonnage [4] 



 
8th Rostock Large Engine Symposium 2024 

 

241 

As mentioned above, there are various technical challenges in applying e-fuels. However, numerous 

institutions worldwide are actively conducting related research, and it is expected that these issues will 

be resolved as the technology matures. Nevertheless, methanol is being utilized first during the fuel 

transition period because it can be directly applied using the existing fuel systems. Figure 2 shows the 

fuel type distribution of the entire fleet in operation and the fuel type distribution of newly ordered 

ships as of 2023. As shown in the figure, the majority of ships currently in operation are powered by 

diesel fuel. Only about 7% are powered by environmentally friendly fuels, with LNG accounting for the 

majority of this percentage. However, nearly half of the newly ordered ships are powered by 

environmentally friendly fuels. Notably, the proportion of methanol-powered ships has increased 

significantly. HD Hyundai Heavy Industries (HHI) is developing e-fuel engines, including those powered 

by methanol, to achieve carbon neutrality. Next, the history of engine development at HHI will be 

briefly outlined, and the virtual product development (VPD) technology utilized in this development 

will be introduced. Additionally, the development of HHI`s methanol engines, the H32DF-LM and 

H22CDF-LM, will be explained. 

 

Figure 3: Lineup of HiMSEN 

2. HiMSEN methanol engine development 

2.1. Introduction to HiMSEN engine 

HiMSEN is a brand of medium-speed engines developed by HHI, widely used for marine and power 

generation application. HiMSEN stands for Hi-Touch Marine and Stationary ENgine, and is designed 

with a focus on high efficiency, high performance, and low emissions, earning recognition for their 

reliability and economic benefits in various applications. In the early 2000s, HHI developed its first 

medium-sized diesel engine using proprietary technology. It took a long span of 12 years to establish 

an engine lineup ranging from 1MW to 22 MW. On average, developing a single engine took 

approximately two years. Additionally, in the early 2010s, the first medium-sized LNG dual-fuel engine 

was developed, and it took six years to establish the lineup. The development period was shortened 
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compared to the diesel engine development, which was due to the application of VPD technology. 

Meanwhile, in 2022, the world`s first methanol dual-fuel engine was successfully developed, and thanks 

to advancements in VPD technology, the time required to establish the lineup was further reduced. 

Through the development and utilization of VPD technology, HHI has been able to respond quickly 

and precisely to the diversification of fuels, the rapidly changing fuel market, and the needs of customers. 

Figure 3 shows the entire lineup of HiMSEN diesel, LNG dual-fuel, and methanol dual-fuel engines. 

Over the past 20 years, an engine lineup covering all power ranges from 1 MW to 26 MW has been 

established. Next, an introduction will be provided on the VPD technology developed and continuously 

advanced by HHI. Starting with methanol dual-fuel engines, the e-fuel engine lineup will continue to be 

expanded. 

2.2. Introduction to VPD technology used in engine development 

VPD stands for Virtual Product Development. It refers to be a comprehensive approach to product 

development that involves testing and validating product performance in a virtual environment through 

simulations, rather than creating prototypes for development. Unlike automobile engines, marine 

engines are larger in size and have higher power output. Consequently, the cost and time required for 

production prototype are substantial, and the manpower and expenses involving in testing are 

significantly higher. Therefore, a simulation-based development process is essential for the 

development of marine engine. 

 

Figure 4: Utilization of virtual engine model in HiMSEN development 

While simulation-based development offers many advantages over prototype-based development, the 

increasing variety of fuels, as well as the growing number and complexity of technologies and 

components applied to engines, have led to rising costs and time requirments for simulations. HHI has 

integrated various simulation techniques with artificial intelligent (AI) and machine learning (ML) 

technologies to create a virtual engine model. This model has been utilized in engine development to 

reduce the time required for simulation while ensuring high accuracy in the results. Figure 4 shows a 

schematic diagram of the virtual engine model utilized by HHI in engine development. For example, 

during the engine combustion system development stage, 1D and 3D simulations are conducted for 
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the basic and detailed design. Previously, it required changing many design variables one by one to 

investigate their impact on sensitivity and performance, resulting in significant time and effort needed 

for simulation and evaluation. Additionally, after prototype production, there are tests that need to be 

conducted to achieve stable engine operation and identify the optimal operating points. Previously, 

conducting all these tests consumed a significant amount of time and cost. However, recently, design 

of experiment (DOE) and ML have been utilized to build performance prediction models based on 

simulation and measurement data. By utilizing these models, virtual optimization was performed, 

enabling efficient development instead of numerous simulations and engine tests. Next, specific 

examples of the development and application of virtual engine models based on test and simulation 

data will be introduced. 

 

Figure 5: Utilization of a measurement data-based virtual engine model 

First, the development of virtual engine model based on measurement data. HHI possesses a 

technology called Methane Slip Solution (MSS) to reduce methane slip in LNG dual-fuel engines. Among 

the MSS technologies, there is the Multi-Point Injection (MPI) technology, which was developed using 

a virtual engine model during the development process. [5] When operating with MPI, several new 

operating variables are introduced in addition to the existing variables of injection timing and injection 

duration. The optimal operating point, where methane slip is minimized, must be identified by 

combining various operating variables. Conducting actual tests would require performing tests on 

dozens of operating points, resulting in significant time and cost expenditures. Thus, virtual engine 

model based on measurement data was constructed to minimize the number of tests. Firstly, the 

number of test points required to create the virtual engine model was minimized using DOE, and a 

virtual engine model was generated using ML. After creating the model, virtual optimization was used 

to define the optimal points without conducting actual tests. The selected optimal points were then 

tested to validate the results. Through this process, the number of actual tests was minimized, and the 

optimal operating point where methane slip is minimized was identified.  

 

Figure 6: Utilization of a simulation data-based virtual engine model 

Next, the development of virtual engine model based on simulation data. During the development of 

the methanol engine combustion system, a virtual engine model based on simulation data was 
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established and utilized in the basic and detailed design stage. In the basic design stage, fundamental 

specification of the combustion system, such as intake/exhaust valve timing, compression ratio, and 

turbocharger specification, are determined. In the detailed design stage, the specification of major 

combustion chamber components, such as the piston bowl shape and fuel injection valve shape, are 

determined. To fully consider various variables and constraints, DOE was used to understand the 

impact or sensitivity of all variables, while selecting the minimum number of simulation cases. And 

virtual engine model based on simulation data was constructed using ML. This model was utilized to 

design a combustion system that ensures optimal performance while considering engine operational 

stability and mechanical limit. Subsequently, the test conducted on the prototype engine exhibited 

performance consistent with the predictions, demonstrating excellent results.  

 

Figure 7: S&FD based PIML model 

The last is the development of S&FD (simulation and few data) based Physics-informed machine learning 

(PIML) model using measurement and simulation data. PIML, which stands for Physics-informed 

Machine Learning, is a technique that incorporates physical information, such as governing equations, 

physical constraints, and actual measurement data, into the machine learning process. This approach 

enables more accurate and reliable predictions compared to purely data-driven methodologies. 

Additionally, PIML can effectively learn even in situations where data for building predictive models is 

insufficient. HHI has developed an engine performance prediction model by applying PILM to over 20 

years of accumulated engine measurement data and simulation data obtained through advanced 

modeling. This has been termed the S&FD-based PIML model.  
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Figure 8: Integrated engine system simulation 

There are broadly two types of data for machine learning: high-fidelity (HF) and low-fidelity (LF) data. 

High-fidelity data is highly reliable and accurate but expensive to produce. Consequently, high-fidelity 

data is typically scarce. In our context, this category includes measurement data or 3D simulation data. 

In contrast, low-fidelity data is less reliable and accurate, but it is inexpensive to produce and available 

in large quantities. Typically, simulation data, particularly 1D simulation data, falls into this category. 

Figure 7 shows a schematic of the S&FD-based PIML model. As shown in the figure, to construct the 

S&FD-based PIML model, prediction from the ML model built on low-fidelity data are utilized when 

developing the ML model based on high-fidelity data. Through this approach, better predictive accuracy 

was achieved compared to creating ML models using only high-fidelity or low-fidelity data. 

HHI plans to continue developing VPD technology beyond this point. By utilizing AI, ML and reduced 

order model (ROM), HHI aims to develop 1D-3D coupled simulation technology that goes beyond 

single-dimensional simulation. Ultimately, this will lead to the development of integrated engine system 

simulation technology. Through this, we expect to perform rapid and accurate engine development in 

the diversifying fuel options and rapidly changing market trends. 

2.3. Introduction to HHI’s methanol dual-fuel engine  

In September 2022, HHI developed the world’s first 3.0-4.5 MW medium-speed methanol dual-fuel 

engine for marine applications. [6] The engine, named H32DF-LM, began development in 2019. The 

combustion simulation model was developed to observe the flame behavior during the combustion of 

diesel and methanol fuel within the combustion chamber. This model was utilized to determine the 

combustion concept for the methanol dual-fuel engine. In the diesel cycle, pilot diesel is pre-injected 

and ignited, followed by the injection of methanol. The simulation results confirmed that when 
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methanol is ignited with pilot diesel, the combustion and emission characteristics are similar to those 

of a diesel engine.  

 

Figure 9: Simulation results of methanol Otto cycle and comparison between Diesel and Otto cycles 

In the Otto cycle, methanol is injected at the port and ignited via pilot diesel. As shown in the figure 8, 

the simulation results identified wall wetting phenomena of methanol fuel and issues such as fuel slip. 

Therefore, the diesel cycle was selected as the combustion concept for the HiMSEN methanol dual-

fuel engine. 

The methanol engine development began based on the well-established HiMSEN H32 diesel engine, 

which has been previously developed and well-proven in the market. However, there were several 

technical challenges that needed to be addressed for the application of methanol fuel. A representative 

example of these challenges is the fuel injection system. Typically, a diesel engine requires only one fuel 

injection system. However, the methanol engine requires three separate fuel injection systems: one 

for main diesel, one for pilot diesel, and one for methanol.  

 

Figure 10: HPDF injector(left) [7] and e-FIP(right)  

To overcome this challenge, new designs and simulations were utilized. First, a high-pressure dual-fuel 

(HPDF) injector capable of performing three fuel injection functions within a single body was adopted. 
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Additionally, using virtual engine model based on simulation data, the detailed specifications of the 

diesel and methanol injector nozzles were optimized. Furthermore, a fuel injection pump named 

electronical-fuel injection pump (e-FIP), capable of electronically controlling the injection timing and 

fuel quantity for each cylinder was independently developed and implemented. This allows for the 

optimal operating point settings for specific engine loads to be adjusted according to customer needs. 

Additionally, many engine tests were replaced with engine simulations. The development tests 

confirmed very positive results, matching the expectations from the simulations. 

 

Figure 11: New fuel supply system: e-HBU 

In March of this year, HHI leveraged the experience and expertise gained from the development of the 

H32DF-LM engine to develop a second methanol engine named H22CDF-LM. By developing the 

H22CDF-LM, a 1.4-2.2MW medium-speed methanol engine, HHI has begun to establish a lineup of 

methanol engines. This engine incorporates more advanced designs and technologies compared to the 

H32DF-LM. In the H32DF-LM, a high-pressure double-wall pipe was used to supply high-pressure 

methanol (300 bar) from the high-pressure methanol pump to the front end of the engine. To reduce 

the cost of the high-pressure double-wall pipe and to create a more stable engine system, the H22CDF-

LM incorporated a newly developed fuel supply system named electronic-hydraulic boosting unit (e-

HBU). 

The innovation minimized the length of the high-pressure double-wall pipe, allowing for safer engine 

operation. Additionally, it enabled the pressurization and supply of methanol at over 600 bar, compared 

to the previous 300 bar, resulting in significantly improved thermal efficiency of engine. The new fuel 

supply system utilizing the e-HBU is planned to be applied across the entire HiMSEN methanol and 

ammonia engine product line, including H32DF-LM. The H22CDF-LM, developed in this manner, 

successfully completed the Type Approval Test (TAT) in March 2024, with the attendance of seven 

classification societies: ABS, BV, DNV, KR, LR, NK, and RINA. Additionally, as of July 2024, the first 

order for the H22CDF-LM is imminent. 
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Figure 12: HHI’s roadmap for the development of e-fuel engines 

Figure 12 shows HHI’s roadmap for the development of e-fuel engines. HHI plans to continue 

expanding its lineup of methanol engines to meet market conditions and customer demands. 

Furthermore, based on the experience gained from methanol engine development, HHI is also working 

on developing ammonia and hydrogen engines. The first ammonia engine, the H22CDF-LA, is nearing 

completion and is scheduled for TAT in September 2024. Additionally, the development of hydrogen 

engines is underway, taking into account market conditions and technological maturity. 

3. Conclusions 

HHI has developed its second methanol engine, the H22CDF-LM, and has begun establishing a 

methanol engine lineup. 

1. By developing and utilizing VPD technology, reducing engine development time and advancing 

the development of high-performance engines. 

2. AI and ML technologies are being used to build and utilize virtual engine model based on 

measurement and simulation data. This approach reduces the time and cost required for test 

and simulation while providing accurate results. 

3. We plan to continuously develop VPD technology to secure integrated engine system 

simulation technology in the future 

4. The development of H22CDF-LM methanol dual-fuel engine marks the beginning of the 

methanol engine lineup. This engine features a self-developed fuel supply system, enabling safer 

and more stable engine operation 

5. HHI will continue to expand its methanol engine lineup based on market conditions and 

customer requirements. Additionally, the development of ammonia and hydrogen engines is 

underway and is expected to be completed in the near future. 

Definitions, Acronyms, Abbreviations 
GHG: Greenhouse gas 

IMO: International maritime organization 
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LCA: Life-cycle assessment 

LNG: Liquified natural gas 

TTW: Tank-to-wake 

MDO: Marine diesel oil 

HHI: HD Hyundai heavy industries 

HiMSEN: Hi-touch marine and stationery engine 

VPD: Virtual product development 

AI: Artificial intelligence 

ML: Machine learning 

DOE: Design of experiment 

MSS: Methane slip solution 

MPI: Multi-point injection 

S&FD: Simulation and few data 

PIML: Physics informed machine learning 

HF: High fidelity 

LF: Low fidelity 

ROM: Reduced order model 

HPDF: high-pressure dual-fuel 

e-FIP: Electronic-fuel injection pump 

e-HBU: Electronic-hydraulic boosting unit 

TAT: Type approval test 
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Abstract 
Methanol is an appealing low or net zero carbon fuel. For large bore engines, most commercially 

available engines or engines close to being introduced to the market employ a dual-fuel approach. 

While this is attractive for quickly introducing methanol-capable engines, this comes with some 

disadvantages too.  Methanol is by its nature more suitable to spark ignition (SI), but the SI concept – 

relying on flame propagation – is not easily applied to large bores and low speeds. This explains the 

lack of experimental data on large bore methanol-fuelled SI engines. The high knock resistance enabled 

by methanol, due to its high autoignition temperature, high charge cooling and high laminar burning 

velocity, means bore sizes could potentially be larger than for current high octane fuels. Moreover, the 

SI concept is attractive for its power density, cost and low emissions potential. Assessing the actual 

potential of a large bore methanol SI engine is most easily done through simulation, avoiding high 

upfront costs. However, due to the lack of data, the validation of simulation results is not 

straightforward. The paper explains the sub-models that were selected and refined, and the approach 

taken to get to trustworthy results. It discusses a methanol evaporation model for port fuel injection, 

approaches to obtain the burn rate for methanol SI combustion, and predicting the occurrence of 

knocking combustion. Integrating these sub-models into overall engine cycle simulations finally leads to 

some case studies that are discussed.  

https://doi.org/10.18453/rosdok_id00004645
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1. Introduction 

Renewable fuels complement electrification, particularly for the heavy duty applications with high 

demands on power and autonomy. Methanol is a particularly interesting option as it can be produced 

in different ways, both from biomass as through the e-fuel route [1], or hybrids thereof [2]. Its unique 

proposition is that of being the simplest hydrogen carrier that is liquid at atmospheric conditions.  

So far, renewable methanol has primarily been demonstrated for marine applications, in bore sizes 

going from truck-derived marine engines to large bore two-stroke engines. With some exceptions, 

these employ the dual-fuel principle, with a pilot injection of a high reactivity fuel (mostly diesel). This 

is done for several reasons. The main technical reason is the high autoignition temperature of methanol, 

preventing easy compression ignition (CI). A practical reason is the relatively straightforward retrofit 

of a diesel engine, through adding a port fuel injection (PFI) system for methanol. The ability of a dual 

fuel engine to switch to full diesel operation is also a compelling reason, offering redundancy and 

reducing the risk of being able to secure renewable methanol as its production is only just getting 

started.  

Such dual fuel engines are characterized by their methanol energy fraction (MEF). The MEF is never 

100%, due to the need for pilot fuel, and can drop down to 0% for the lowest and highest loads. The 

actual MEF depends on the engine technology and the application. For a PFI conversion, methanol will 

primarily burn in a flame propagation mode, with misfires limiting the achievable MEF at the lowest 

loads (due to excessively lean mixtures) and end-gas autoignition limiting the MEF at the highest loads. 

If the methanol can be directly injected, it can burn in a mixing-controlled fashion after being ignited 

by the pilot fuel burning. The high heat of vaporization, which we will come back to later, is then a 

limitation to the MEF at the lowest loads. 

In the long run, it would be very attractive to be able to run engines fully on methanol. This would do 

away with the complexity of needing to bunker and store two fuels onboard, and could take full benefit 

from the fuel properties of methanol, such as the ability to completely eliminate soot formation as the 

carbon atom in the methanol molecule is bonded to an oxygen atom [3]. Although compression ignition 

operation on neat methanol has been demonstrated [4-6], methanol is more suited for a spark ignition 

(SI) concept, because of its high autoignition temperature.  

SI concepts have traditionally been limited to relatively small bore sizes, for several reasons. Larger 

bores are needed for applications requiring higher power outputs, and for those applications the fuel 

cost is a large part of the total cost of ownership. Thus, high engine efficiency is desired. SI engines 

have both lower peak and part load efficiency than CI engines, the first because of compression ratio 

limitations resulting from the need to avoid end-gas autoignition (“knock”), the latter because of the 

pumping losses when throttling at part load. 

Methanol’s fuel properties offer pathways to increase part and peak load efficiency of SI engines 

however: it is much more knock-resistant than gasoline, owing to its higher autoignition temperature 

and its large cooling effect. Its heat of vaporization is roughly 3.5 times that of gasoline, and its heating 

value half that of gasoline (requiring larger fuel volumes to be injected), which results in a about a 

sevenfold increase in cooling effect [1]. As end-gas autoignition is primarily a temperature-driven 

phenomenon, this greatly reduces the knock propensity. This has been known for over a century, with 

methanol or fuel blends containing methanol being used as racing fuel or aircraft piston engines using 

methanol or methanol-water blends as anti-knock agent [7,8]. Thus, higher compression ratios can be 
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employed, and/or optimal spark timing at high loads, benefiting peak efficiency. Part load efficiency on 

the other hand can be increased primarily due to the higher dilution tolerance of methanol, linked to 

its higher laminar burning velocity. This allows reducing pumping losses through either increased lean 

operation or increased amounts of exhaust gas recirculation (EGR). 

There is, however, very limited data available on the potential efficiency of methanol SI operation [9], 

particularly for larger bore sizes [10]. Before investing in the testing of large bore SI engines on 

methanol, assessing the actually achievable bore sizes, power densities and efficiencies through 

numerical simulation is desired, which is the topic of this paper. The desired applications of the engine 

models were on the one hand, assessing whether a medium speed methanol engine using conventional 

spark ignition is possible; and on the other hand, for energy system optimization models (ESOMs). Such 

ESOMs model entire energy systems, for example at the level of a country, to shed light on the best 

strategies to reduce greenhouse gas emissions. Energy converters are part of such models, including 

combustion engines, but need to be strongly simplified, to the level of an efficiency number, or a scaling 

law relating fuel conversion efficiency to engine power [11]. Hence, the chosen approach was a 0D/1D 

one, as a compromise between computational expense and accuracy. 

The main focus here, is how to model methanol’s injection, evaporation and combustion (normal as 

well as abnormal, namely end-gas autoignition); the integration of these sub-models and the applications 

of the resulting complete engine model. 

2. Simulation framework 

Combustion in SI engines is characterized by flame front propagation. This premixed type of 

combustion can be modelled via a two-zone framework, distinguishing a burned and an unburned zone 

that are separated by a propagating flame front. The basic equations are derived from the conservation 

of energy applied to these two zones as follows, 

𝑑(𝑚𝑢𝑢𝑢)
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Here m denotes mass, u denotes internal energy, V denotes volume, Q denotes heat loss to the wall, 

and h denotes enthalpy. Subscript u denotes parameters pertaining to the unburned zone, b those for 

the burned zone, f denotes fuel, a denotes air, and i denotes injection. Note that the blow-by is 

neglected in Eqs. (1) and (2). 

Eqs. (1) and (2) contain a term describing the burn rate. Different approaches can be taken to close 

these equations: either this burn rate can be prescribed, or it can be modelled. Both approaches are 

discussed in subsequent sections. Before covering the treatment of combustion, however, it is 

important to ensure that the conditions at the start of compression are correctly estimated. With port 

fuel injection of methanol, having a strong cooling effect (as explained above), an accurate model of 

methanol evaporation is needed. This is treated first. 
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2.1. Methanol evaporation model 

Previous experience of the authors has learned that the high heat of vaporization of methanol can lead 

to problems getting methanol evaporated at the right time and the right place, so substantial effort was 

put into how to model this evaporation in a way that can be integrated in 0D/1D tools.  

First, a simple experiment was set up to collect data on the evaporation of methanol in the intake 

runner of an engine, to guide the development of a suitable model. These measurements have been 

reported elsewhere [12]. Figure 1 depicts the overall concept of the proposed methanol evaporation 

model. The methanol spray is assumed to leave the injector nozzle in droplet form and then puddle at 

the inside of the intake runner as a thin layer of liquid film. Both droplets and liquid film are assumed 

to have a uniform temperature, and the proposed modelling framework deals mainly with the mass 

flux, φm, and heat flux, φq, at the liquid-gas interface, namely the surface of the droplet and the surface 

of the liquid film. 

 

Figure 1: The schematic diagram of the proposed modelling framework in this research.  

Here, T is the temperature, U is the flow velocity, φm is the mass flux and φq is the heat flux.  

Subscripts ‘drop’ denotes the droplet, ‘film’ denotes the liquid film, and ‘∞’ denotes the air flow.  

For the droplet evaporation rate, the model proposed by Abramzon and Sirignano [13] is adopted due 

to its wide applicability and outstanding predictability compared to other models [14]. The 

instantaneous droplet evaporation rate is expressed in Eq. (3), 

�̇�𝑑𝑟𝑜𝑝 = −2𝜋𝑅𝜌𝐷𝐴𝐵𝑆ℎ∗ ln(1 + 𝐵𝑀)  (3) 

where R is the droplet radius, ρ is the air density, DAB is the mass diffusivity of methanol vapour through 

air, Sh* is the modified Sherwood number that takes into account the Stefan flow and the thickness of 

a gas mixture film around each droplet. 

The film evaporation rate is evaluated with Eq. (4) [15] 

�̇�𝑓𝑖𝑙𝑚 = 𝐴𝑓𝑖𝑙𝑚𝜙𝑚 = 𝐴𝑓𝑖𝑙𝑚𝑀𝑀𝑒𝑂𝐻𝑘𝑐(𝑐𝑓𝑖𝑙𝑚 − 𝑐∞)  (4) 

Where Afilm is the surface area of the liquid film, kc is the mass transfer coefficient, MMeOH is the molar 

mass of the methanol, and c is the molar concentration of the methanol. Subscript film denotes the 
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concentration at the liquid film surface and ∞ denotes the concentration far away from the liquid film 

surface. 

The temperature change of the air flow caused by both the droplet evaporation and the film 

evaporation can then be evaluated with Eq. (5) 

Δ𝑇𝑑𝑟𝑜𝑝 =
�̇�Δℎ𝑣𝑎𝑝

�̇�𝑎𝑖𝑟𝑐𝑝𝑎𝑖𝑟

 (5) 

Where �̇� is the evaporation rate as either droplets or film, Δhvap is the heat of vaporization of methanol, 

�̇�𝑎𝑖𝑟 is the air mass flow rate and cp,air is the specific heat capacity of air. 

The thermophysical properties of air are referenced from [16] and the thermophysical properties of 

methanol are referenced from [17]. The viscosity and thermal conductivity of the mixture is calculated 

with the Wilke law [18]. 

The flow chart shown in Figure 2 summarizes the methodology for the proposed methanol evaporation 

modelling framework. To see the detailed calculation for each step, the readers are referred to [19]. 

 

Figure 2: Flow chart of the proposed methodology to evaluate the temperature drop  

caused by methanol evaporation in the intake path. 

One of the main conclusions of the model, that was validated using two sets of data from different 

engines employing port fuel injection [19], was that film evaporation is the dominant evaporation mode. 

Methanol droplets hardly get to evaporate before they impinge on the intake runner walls. On top of 
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this, if the intake is such that there is no room for a methanol film to form, only a very limited amount 

of methanol can evaporate before it enters the cylinders. 

With the right conditions at the start of ignition, following the methanol evaporation, we now turn to 

the burn rate modelling. 

2.2. Burn rate: prescribed 

Two approaches were taken to determine the burn rate term, to close the two-zone pressure and 

temperature development equations. When studying the performance of end-gas autoignition 

prediction (Section 2.4), it was decided to impose a burn rate so as not to compound uncertainties in 

the burn rate prediction with those of the prediction of knocking combustion. 

The available data on larger bore methanol SI engine operation was reviewed. The former combustion 

engine group at KTH Stockholm shared a comprehensive data set from a single cylinder version of a 

Scania D12 engine, converted to PFI SI operation with methanol, with a compression ratio of 13:1 [20]. 

The cylinder bore size was 127 mm, with a displacement of 1.95 liter. The dataset included sweeps of 

ignition timing, boost pressure and air-to-fuel equivalence ratios (lambda); all at 1200 rpm. A larger 

bore size and displacement volume was used at RWTH Aachen, with around 5 liter displacement, also 

using PFI [21].  

From these data sets, Wiebe law parameters were extracted, as a function of lambda, see Table 1. 

These values were used in an initial estimation of the potential of a 256 mm bore PFI SI methanol-

fuelled medium speed engine, see Section 3.1. 

 Table 1: Parameters of the Wiebe functions representing mass fraction burnt curves with different λ 

Lambda 1 1.5 2 

Combustion efficiency 98% 98% 98% 

CA10-90 [°CA] 20 30 40 

Wiebe exponent m 2 1 0.5 

Rather than fixed values for certain lambdas, one can also try to capture the change in the burn rate 

curve in the form of a correlation. It was found that the KTH dataset could best be captured with a 

cosine law [22], where the combustion duration is predicted with the correlation of Alam et al. [23], 

which takes the compression ratio, spark timing, inlet pressure, lambda and engine speed into account. 

This approach was used for an assessment of the maximum bore of a methanol PFI SI engine, see 

Section 3.2. 

2.3. Burn rate: predicted 

The previous section used a data-driven approach, going from measured heat release profiles to burn 

rate profiles than can be imposed in a simulation. The section however also highlighted the lack of data 

on PFI SI methanol operation, particularly for larger bore sizes. An alternative approach is to predict 

the burn rate based on a turbulent burning velocity model, which typically requires the laminar burning 

velocity (LBV) as input. Specifically, the burn rate follows from the entrainment flame equations 

proposed by Blizard and Keck [24], 

𝑑𝑚𝑒

𝑑𝑡
= 𝜌𝑢𝐴𝑒𝑢𝑒  (6) 
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𝑑𝑚𝑏

𝑑𝑡
=

(𝑚𝑒 − 𝑚𝑏)

𝜏
 (7) 

where me is the mass entrained by the flame front, ρu is the density of the unburned mixture, Ae is 

the surface area of the flame front and ue is the entrainment velocity. τ is a time constant that can be 

associated to λT, the Taylor length scale, and ul, the laminar burning velocity (LBV), as expressed in 

Eq. (8): 

𝜏 =
𝜆𝑇

𝑆𝑙
 (8) 

λT can then be associated to Λ, the integral length scale; Ret the turbulent Reynolds number, and u′, 
the turbulent intensity as defined in Eqs. (9) and (10). 

𝜆𝑇 = 𝐶𝑇𝐿𝑆

Λ

√𝑅𝑒𝑡

 (9) 

𝑅𝑒𝑡
=

𝜌𝑢𝑢′Λ

𝜇𝑢
 (10) 

The form of the correlation that Metghalchi and Keck [25] originally proposed for the LBV was based 

on experimental data. This has been enhanced and modified by several other researchers. Vancoillie et 

al. [26] used a chemical kinetic code developed at Eindhoven University of Technology, CHEM1D [27], 

to compare different chemical kinetic mechanism of methanol oxidation against the published 

experimental data. Based on their studies, they selected the chemical reaction scheme of Li et al. [28] 

and calculated the LBV at different temperature (400-1000 K), pressure (5-105 bar), equivalence ratio 

(0.5-2) and EGR dilution ratio (0-50vol%). The calculation results were then used to establish an 

improved polynomial correlation. Mahendar and Erlandsson [29] have implemented this polynomial 

correlation in GT-POWER and demonstrated that it outperforms the default correlation within the 

software, especially when operating lean. 

The major issue of the original correlation proposed by Vancoillie et al. [26] is that it is developed 

predominantly for automotive applications, hence the pressure range is not enough to cover the high 

in-cylinder pressure in HD engines. Similar to the method Suijs et al. [30] proposed for their knock/IDT 

model, Shahpouri et al. [31] calculated the LBV of methanol using the chemical reaction scheme from 

Pichler and Nilsson [32], with a much wider ranges of the input parameters compared to the work 

from Vancoillie et al., for example with the highest lambda going up to 4. All the dataset and codes 

from the work of Shahpouri et al. are made available online, including the artificial neural network 

(ANN) and support vector machine (SVM) models they trained for data retrieval. Since this research 

focuses on SI operation, the subset of the original dataset from Shahpouri et al. with excess air ratio 

up to 2 was extracted and used to train another ANN model with different hyperparameter as specified 

in Table 2. It can be noticed that with a much lower number of data points, the size of the trained 

ANN in this research can also be significantly smaller than the one from Shahpouri et al. Its predictions 

also agree better with the original calculation in terms of root mean square error (RMSE). 
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Table 2: Comparison of the hyperparameters and RMSE of ANN models from Shahpouri et al. and this research 

 Shahpouri et al.  This research 

Number of points 67518 23324 

Number of hidden layers 2 4 

Layer sizes 67, 266 10,10,10,5 

Hidden Layer Transfer Function Rectifier tanh 

Output Transfer Function Rectifier Sigmoid 

RMSE [cm/s] 0.81 0.482 

For the turbulent burning velocity (TBV), earlier work compared several models and concluded that 

the model proposed by Zimont fares well [33]. This was combined with a flame development model 

proposed by Lipatnikov and Chomiak [34]. A major concern after the attempt to calibrate the TBV 

models in the GT-Power environment is that it is unclear how thermophysical properties are evaluated 

within GT-POWER as the models fail to generate corresponding variations over a wide λ range. To 

avoid this issue, the thermophysical properties were estimated with data or correlations available in 

literature. However, the thermophysical properties of methanol in NIST [17] are only available up to 

620 K. It was then decided to use the thermophysical properties of air to represent the air-methanol 

mixture in the cylinder. The term with the thermophysical properties that needs to be evaluated 

involves the Prandtl number and the mixture viscosity. This was found to be very close between air 

and air-methanol mixtures. 

These two approaches: with a prescribed burn rate (with either a Wiebe or a cosine law, see Section 

2.2) or a predictive burn rate model, were subsequently used together with a knock model, with the 

latter being the subject of the next section. 

2.4. Knock model 

With the equations listed above, a ”normal” premixed combustion event in SI engines can be modelled. 

SI engines can, however, also experience abnormal combustion. The specific abnormal combustion 

phenomenon that poses major operating constraints depends on multiple factors. End-gas autoignition, 

manifested as knock, is the largest concern for SI operation on methanol in large bore engines, thus it 

is important that the simulation tool is capable of predicting its occurrence. The phenomenological 

predictions of knock can be made based on the widely employed knock integral (KI) proposed by 

Livengood and Wu [35], as shown in Eq. (11), 

𝐾𝐼 = ∫
𝑑𝑡

𝜏𝐼𝐷(𝑡)

𝑡𝐾𝑂

𝑡𝐼𝑉𝐶

= 1  (11) 

where τID is the instantaneous ignition delay time (IDT); tIVC and tKO are the time at the intake valve 

closure and knock onset respectively. The instantaneous IDT is defined as the delay from the moment 

an air-fuel mixture is exposed to certain conditions until it auto-ignites. The KI approach compares 

this characteristic time to the residence time of the unburned mixture in the cylinder to determine 

whether a knock event would occur or not. If KI reaches unity at a certain moment before exhaust 

valve open, knock is predicted to occur at that particular time. Otherwise, no knock is predicted. 
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By adopting this criterion, a knock model is in essence estimating the instantaneous IDT of various air-

fuel mixtures exposed to various conditions. Suijs et al. [30] utilized a range of input parameters that 

are aligned with typical in-cylinder conditions of HD engines. The chemical kinetic software used was 

the open-source Cantera [36] and the reaction scheme used was also from Pichler and Nilsson [32] as 

it was found to give lower error under engine-like conditions. An ANN was trained with the tabulated 

IDT values for fast data retrieval. 

3. Simulation results 

The models described in the previous sections were used to investigate two research questions, linked 

to two research projects: 

• Project FASTWATER [37] looked into, among many other things, whether a medium speed 

engine running spark ignition on port fuel injected methanol is feasible, i.e. what would be 

needed to ensure knock-free operation. 

• Project BEST’s [38] mission statement was to work out, for Belgium, the most economical 

electro- and synthetic energy carrier routes needed to face the climate change issues and 

ensure the stability of the grid and the security of supply in 2040 and beyond. As explained 

below, one of the pieces of the puzzle was to work out how large an engine running PFI SI on 

methanol can be, and how its power density and efficiency scales with engine size. 

In order to do this, the models discussed previously were integrated either in a GT-Power 

environment, or in an in-house Matlab code (as specified below). 

3.1. Case study: feasibility of knock-free operation of a PFI SI methanol-

fuelled medium speed engine 

First, a Wiebe law with the parameters as listed in Table 1 was used, along with a knock integral, to 

calculate to occurrence of knock on a medium speed engine with a 256 mm bore and 1000 rpm 

nominal speed. The results were reported elsewhere [39], and concluded that one needed to be able 

to ensure a 290 K intake temperature to allow the same power output as the baseline diesel engine, 

in order to avoid knocking operation. 

The methanol evaporation model was used next to check the feasibility of attaining such an intake 

temperature. The temperature drop after introducing methanol in the intake path of the engine was 

evaluated using the methanol evaporation model. The injecting location was assumed to be the junction 

between the intake plenum and the individual runners that lead to the intake ports. The injection angle 

was assumed to be 45°. The geometries of the runner were referenced from the engine drawings. 

The injector was assumed to be a commercially available product from Heinzmann GmbH, whose 

detailed information is published in [40]. According to it, the injection pressure was set to 10 bar and 

the initial droplet size is set to 0.175 mm. 

Two different excess air ratios, corresponding to stoichiometric and lean operations, and 3 different 

boost levels, corresponding to 25%, 50%, and 75% of load on the original engine were used as the 

boundary conditions for the evaporation model. The results are detailed in Table 4.5. It can be seen 

that the lowest possible mixture temperature achieved is around 35.6 °C (= 308.8 K) which is far 

above the 290 K suggested by Pu et al. [39] to facilitate a knock-free operation with on-par output as 

the original diesel-fuelled DZC. 
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Table 3: The calculated temperature drops and methanol evaporated fractions under different operating conditions 

Excess air ratio [λ] 1 1.5 

Boost pressure [abs. bar] 1.34 1.76 2.32 1.34 1.76 2.32 

Intake air temperature 53.7 55.1 58.5 53.7 55.1 58.5 

Evaporated fraction (Droplet)  1.3% 1.6% 2.1% 1.3% 1.6% 2.1% 

Evaporated fraction (Film)  8.5% 7.5% 6.8% 12.9% 11.4% 10.4% 

Evaporated fraction (Total)  9.8% 9.1% 8.8% 14.2% 13.0% 12.5% 

Temperature drop (Droplet) [°C] 2.47 2.93 3.74 1.65 1.95 2.50 

Temperature drop (Film) [°C] 15.61 13.72 12.40 15.81 13.93 12.68 

Temperature drop (Total) [°C] 18.09 16.65 16.14 17.46 15.88 15.17 

Mixture temperature [°C] 35.61 38.45 42.36 36.24 39.22 43.33 

Further investigation reveals that a 290 K temperature after methanol injection is only possible if the 

initial droplet size (D0) is reduced to 0.12 mm, which poses a significant challenge to the injector 

development under such a low injection pressure. Alternatively, the injection angle (θinj) can be made 

smaller relative to the flow direction, which will ease the requirement of the D0 to 0.145 mm.  

The trajectories of the three different cases are illustrated in Figure 3, it can be seen that the high 

droplet evaporated fractions result from the extended airborne periods. However, if the intake runner 

is not long enough, eventually the droplets will land on the port walls or the back of the valve and the 

subsequent film evaporation will most likely not absorb heat from the air as these surfaces are hot. 

 

Figure 3: The droplet trajectories with different injection parameters. D0 represents the initial droplet size, xevap 

represents the evaporated fraction (as droplets), and θinj represents the injection angle relative to the intake air flow. The 

black line indicates the end of the intake runner, the droplets enter the cylinder head when they go beyond it. 
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The intake runner being too short is also the reason why film evaporation contributes so little to 

cooling down the mixture. There is simply not enough space in the intake runner to form a liquid film. 

Clearly, getting methanol evaporated in the intake is a challenging endeavour. The evaporation model 

is a helpful tool to explore potential solutions. 

3.2. Scaling PFI SI methanol engines 

With a predetermined and much-needed rise in renewable energy production, particularly solar and 

wind, a method of energy storage will be required to manage their intermittent nature. In addition, the 

applications that are difficult to electrify in the broad field of the mobility sector will have to part with 

their current use of fossil fuels. Within the BEST project, ‘electrofuels’ or ‘e-fuels’ are put forward as 

a possible solution to both issues. To create these fuels, renewable energy is combined with water to 

produce green hydrogen. This hydrogen can then be combined with nitrogen or carbon to produce a 

variety of fuels, which can be in either a liquid (e-methanol, e-gasoline, e-diesel) or gaseous (e-methane, 

e-ammonia) state at atmospheric conditions. Important questions that remain include how much e-

fuels are needed to power the Belgian energy system and which technology is most efficient for 

converting these fuels back into final energy.  

Given the variety of resources available, including nuclear, hydropower, wind and solar energy, as well 

as the existence of various conversion technologies, and the fluctuating demand and production, it is 

no longer feasible for an engineer to intuitively determine the optimal combination of these 

technologies for maximum economic efficiency. Therefore, multi-sector and whole-energy system 

optimisation models are being developed to assist in strategic energy planning of urban and regional 

energy systems. Due to the crucial role played by conversion technologies in these models, it is 

important to address their performance when running on the alternative e-fuels, particularly because 

these fuels can have significantly different properties than the conventional fossil fuels. 

Here, the focus is on the internal combustion engine as energy converter. It is estimated that most of 

the light-duty applications where the ICE is currently used in, particularly passenger car applications, 

will be electrified as soon as possible and to the greatest extent possible. However, for heavy-duty 

applications such as long-haul trucks, marine propulsion, non-road mobile machinery, combined heat 

and power units and gensets, the low energy density of a battery electric drive will not be sufficient to 

meet autonomy requirements. 

These applications are currently mainly powered by compression ignition diesel engines due to their 

high power output and efficiency. A research question here is if it would be possible to replace them 

with heavy-duty methanol-fuelled spark-ignition engines. As stated above, there are only a limited 

number of test cases to be found in the literature, which raises the question of what they are truly 

capable of. A two-zone semi-predictive zero-dimensional simulation model was developed within the 

commercial software MATLAB. The aim of this model is to predict the performance of methanol-

fuelled port-fuel injected (PFI) SI engines as function of their size. A zero-dimensional approach was 

chosen over a quasi- or multidimensional approach due to the trade-off between accuracy and 

computational costs. The starting point for this model was a homogeneous two-zone finite heat release 

model featuring a constant combustion rate. It first did not include a heat transfer or knock model. 

Step by step, the complexity was increased by adding different sub-models to the simulation 

framework. To determine the optimal load point for each engine size, the burn rate had to respond to 

various imposed inlet operating conditions. As discussed in Section 2.2, burn rate parameters were 

experimentally derived from a heavy-duty Scania D12 PFI SI engine (B = 127 mm) and compared to 
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various correlations for the implementation of a semi-predictive combustion duration. Additionally, 

special attention has been given to the development of an improved Livengood & Wu knock model, as 

described in Section 2.4.  

The two-zone model was subjected to an optimisation procedure to find the knock-limited operating 

load for each engine size. Different engine configurations were scaled based on the geometry of the 

Scania D12 engine (B = 127 mm), ranging from a bore size of 80 mm to 260 mm.  

Each engine starts at low load and an optimisation process gradually increases the load until either the 

knock or peak pressure limit is reached. The following baseline starting conditions are set: 

• An initial retarded spark timing of 10°ca aTDC 

• In-cylinder pressure at IVC timing of 101.5 kPa (atmospheric conditions) 

• n-cylinder temperature at IVC timing of 30 °C 

The two-zone model then calculates the associated pressure and temperature trajectory of the burned 

and unburned gases and calculates the performance parameters, of which the achievable indicated mean 

effective pressure and indicated thermal efficiency are of main interest here. Simultaneously, the knock 

model evaluates the knock integral on a crank angle basis to check whether it exceeds one or not. 

From this point onwards, if knock is not occurring, spark timing is advanced by 1°ca increments until 

the CA50 reaches 10°ca aTDC or end-gas conditions increase to the point where knock occurs. 

Generally speaking, the spark timing where CA50 is between 8 - 10°ca aTDC is referred to as the 

minimum spark advance for maximum brake torque (MBT timing). This optimum timing is a 

compromise between starting combustion too early in the compression stroke and completing 

combustion too late in the expansion stroke [41]. If the spark timing can be advanced to this point 

without causing knock, it means that the engine load is below the maximum knock limit. Therefore, 

the charge density is then increased by increasing the intake pressure at IVC timing in 5 kPa increments. 

This step represents an increase in boost pressure to increase the load of the engine. To reduce the 

number of unknown variables, we furthermore assume that the in-cylinder temperature at IVC remains 

constant here regardless of the boost pressure. 
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Figure 4: Illustration of the optimisation process for each engine configuration 

Figure 4 illustrates the optimisation method. Starting from the left-hand corner, spark timing is 

advanced until CA50 reaches 10°ca aTDC. As the resulting knock integral value is less than one, the 

pressure can be increased to 105.5 kPa. This step is repeated until the knock integral reaches unity, in 

this example, at an inlet pressure of 165.5 kPa and a spark timing of -2°ca aTDC. The associated IMEP 

is called the knock-limited IMEP, and the parameter of interest for our upcoming scaling laws. 

In addition, it is important to monitor the increase of load to ensure that it does not cause the peak 

pressure limit to be exceeded. At a constant inlet temperature, the higher intake pressure increases 

the charge density, causing the in-cylinder pressure to rise faster and to higher levels. Therefore, after 

each evaluation of the two-zone model, the optimisation procedure also compares the maximum in-

cylinder pressure value with the defined limit.   

An overview of the two-zone semi-predictive combustion model and its optimisation procedure is 

given in Figure 5. For each engine configuration, the initial operating conditions will be imposed, and 

the optimisation procedure will be executed to find the maximum indicated mean effective pressure 

and efficiency. 



 
8th Rostock Large Engine Symposium 2024 

 

264 

 

Figure 5: Flow chart of the optimisation procedure coupling a two-zone semi-predictive combustion model  

to a zero-dimensional knock model 

The Scania D12 engine will be used as baseline engine for generating different (larger) engine 

geometries, as it is the only larger PFI SI methanol engine with a fairly comprehensive set of 

experimental data available [20]. 

To look at the performance of larger engines, the proportions of the combustion chamber are held 

constant; the stroke/bore ratio, connecting rod/stroke ratio and the compression ratio. However, 

engine rotational speed should not be considered as a constant. The speed of large-bore engines is 

limited by the inertial forces acting on the pistons. It was therefore decided to use a constant mean 

piston speed for each scaling law instead, as this parameter remains rather constant across different 

engine platforms. The engine's bore size was increased in increments of 10 mm, starting from 80 mm 

(automotive light-duty size) to 260 mm (medium speed engine size). Three mean piston speeds were 

investigated: the baseline value of 6.16 m/s (1200 rpm for the D12), as well as its double and triple 

values of 12.32 m/s and 18.54 m/s respectively. Starting with the lowest piston speed, engines up to a 

bore size of 110 mm are not limited by knock, but rather by the imposed peak in-cylinder pressure 

limit of the engine block. A near constant indicated mean effective pressure value of 29.6 bar 

corresponds to this pressure limit. For this range of engines, the thermodynamic limit has not yet been 

reached. Engine designers could therefore obtain even higher loads by investing in sturdier engine 

blocks. From 110 mm onwards, the IMEP becomes knock-limited. The main influence here will be the 

reduced rotational engine speed which decreases inversely with bore size for a constant stroke/bore 

ratio. The combustion duration (in seconds) will be increased, allowing the end-gases to have more 



 
8th Rostock Large Engine Symposium 2024 

 

265 

time to reach the conditions necessary to autoignite. For a bore size of 180 mm, the maximum IMEP 

will therefore only be 15 bar. For even bigger engine sizes, the trendline in Figure 6 stagnates. The 

reason for this is that boost pressure can no longer be applied without causing knock even for the 

latest spark timings, hence the model stops at ambient operating conditions and tries to advance the 

spark timing until the knock integral reaches unity. 

 

Figure 6: Knock-limited IMEP as function of bore size for different mean piston speeds  

and a fixed air-to-fuel ratio of lambda = 1 

By doubling the mean piston speed (cm = 12.32 m/s), the knock constraints are significantly lifted. 

Engines are now knock-free until a bore size of 170 mm. Using 25 bar IMEP as a target for heavy-duty 

diesel operation, PFI SI engines running on green methanol would therefore be a viable sustainable 

solution for engines up to 190 mm bore. For an even higher mean piston speed of 18.54 m/s, the 

engines are peak pressure limited up to 230 mm. Note however that such a mean piston speed value 

is already at the upper limit of what is possible in conventional spark-ignited engines [41]. Realistic 

performance values should therefore be sought between the first and second curve. 

With respect to indicated thermal efficiency, the efficiency increases for higher mean piston speeds, 

see Figure 7. This is a result of the reduced residence time of the mixture in the cylinder, leaving less 

time for heat transfer to the surroundings. Note that if a friction model were added to predict the 

brake thermal efficiencies, the higher engine speed will have a detrimental effect due to the increased 

friction losses, hereby partially negating the previous effect. Looking at each curve individually, the 

efficiency for a cm value of 6.16 m/s can be seen to drop in three stages. During the peak pressure 

limited stage, efficiency stays constant. The reduced surface area to volume ratio appears to have a 

negligible effect on efficiency improvement at larger bore sizes. After that stage, the IMEP becomes 

knock limited and efficiency reduces gradually together with the load. Once the inlet pressure reaches 

atmospheric conditions, the IMEP does not decrease significantly any more, however spark timing is 

retarded to remain below the knock limit. The efficiency therefore reduces as well. A similar behaviour 

can be seen for the higher mean piston speed curves, albeit to a much lesser extent due to the reduced 

occurrence of knock. 
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Figure 7: Indicated thermal efficiency as function of bore size for different mean piston speeds  

and a fixed air-to-fuel ratio of lambda = 1 

The influence of the air-to-fuel ratio lambda on the knock-limited performance was investigated for 

the mean piston speed value of cm = 12.32 m/s. Figure 8 shows the trend lines for lambda ranging 

from 1 to 1.6. For the same in-cylinder peak pressure limit of 150 bar, lower IMEP values are found 

in the pressure-limited zone. Due to the diluted mixture, a higher boost pressure is required to 

reach the same energy content in the cylinder. For lambda equal to 1.6, the maximum IMEP is 26 bar, 

while under stoichiometric conditions this could go up to 30 bar. On the other hand, the knock-

limited zone is pushed further into larger bore engines. For lambda = 1.4, knock-limited operation 

only starts at 210 mm bore engines, while for lambda 1.6 it starts at 250 mm bore engines. At lean 

operating conditions, the ignition delay time becomes significantly larger, hereby postponing the 

moment of autoignition. In addition, because the loads are lower for the same boost pressure, the 

temperatures of the unburned gases are also reduced, which in turn increases again the ignition delay 

time. At the maximum bore size of 260 mm, the knock-limited IMEP is respectively 20.4 bar and 

25.2 bar for lambda equal to 1.4 and 1.6. If an IMEP of 25 bar is targeted, PFI SI operation is possible 

up to 190 mm engines under stoichiometric operation. For leaner conditions, engines up to 230 mm 

and 260 mm are even feasible. 
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Figure 8: Knock-limited IMEP as function of bore size for different air-to-fuel ratios  

at a constant mean piston speed of cm = 12.32 m/s 

4. Conclusions 

This paper reported work on important building blocks for 0D-1D simulation of PFI SI methanol 

engines: 

• A methanol evaporation model, to allow the estimation of the evaporated fuel fraction in the 

intake. This is important to assess the temperature at the start of compression, which itself is 

crucial to determine the occurrence of end-gas autoignition and thus the achievable power 

density and efficiency of a methanol-fuelled PFI SI engine.  

• The burn rate: data was extracted from the few reported measurements from literature, to 

fit either Wiebe law parameters or a cosine law, in order to be able to impose a burn rate in 

an engine simulation. Alternatively, one can opt for a predictive burn rate model, for which 

the laminar burning velocity (LBV) is an important input. A neural network was fitted to LBV 

calculations from chemical kinetics. The burn rate then results from an entrainment frame-

work with appropriate models for the turbulent burning velocity and flame development.  

• The occurrence of knock follows the Livengood-Wu approach using a knock integral. 

Another neural network was trained to produce the necessary autoignition delay time of 

methanol mixtures, as calculated from detailed chemical kinetics.  

These building blocks were then applied on two cases, one to check the feasibility of a 256 mm bore 

medium speed PFI SI methanol engine. The difficulty in getting methanol evaporated in the intake air, 

so to make best use of its cooling potential, was shown to severely limit the achievable power 

density. 

A second case was aimed at producing the power density and efficiency as a function of bore size, of 

PFI SI methanol engines. Such data can be used in Energy System Optimisation models, to check the 

role of methanol in power-to-methanol-to-power schemes.  
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An important takeaway for the modelling is that there is a strong need for more experimental data 

on larger bore methanol-fuelled SI engines. 
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Abstract 
IMO’s Greenhouse Gas reduction strategy is one of the biggest challenges that the shipping industry 

faces. While intermediate measures of reducing emissions from ships are currently available, the 

reduction targets set by IMO for 2050 can only be met through the use of sustainable fuels that will 

gradually replace diesel. Methanol has been identified as one of the low carbon fuels that could 

decarbonise shipping, and results from recent investigations confirmed its strong potential in reducing 

GHG emissions if utilized as a marine fuel. This paper describes the approach that was adapted by 

Wärtsilä to retrofit a 2-stroke marine diesel research engine with existing systems and components to 

operate on Methanol. The workflow comprised of the development of a 3-D CFD model of the 

Wärtsilä 6RT-Flex50-B (RTX-5), which was calibrated with experimental data obtained from the 

combustion of methanol in a spray chamber. The outcomes from the numerical analysis were applied 

to define the nozzle tip configurations for the methanol injectors, and following an optimisation study, 

the best configurations were identified, designed and manufactured for use on the real engine. The 

conversion of the engine with the required hardware, and the development of the combustion system 

through numerical analysis, were executed in parallel. The main characteristics of the retrofit system 

are summarized, with focus on the key upgrades that were made to a high-pressure pump, a common 

rail system and fuel injectors, to achieve operation of the 6-cylinder 2-stroke marine engine on 

methanol. The study concludes with the results from the engine performance and emission 

measurements that were conducted on the engine, which was fully instrumented for the testing 

purposes. The analysis demonstrated that when the dual-fuel engine was operated on Methanol, it was 

considerably more efficient than when operated on conventional Diesel, with also significant reductions 

of NOx emissions due to lower combustion temperatures, and of CO2 emissions through reductions 

in fuel consumption. 
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1. Introduction 

Methanol has been widely investigated as a potential fuel since the early stages of internal combustion 

engines. Its chemical and physical properties, industrial availability, and low carbon to hydrogen ratio, 

make this low-carbon alcohol attractive as an alternative to traditional fossil fuels. 

The use of light alcohols, such as methanol or ethanol, in spark-ignition engines seems relatively 

straightforward, and has been extensively analysed in the literature [1]. Methanol’s high octane number 

and latent heat of evaporation, as well as its low air to fuel ratio (Table 1) enable this fuel to be 

particularly suitable in such applications, both as a standalone fuel, or as a blend with gasoline. On the 

contrary, the long ignition delay and the subcooling effect of methanol pose some challenges for its 

application in compression-ignition engines. Some examples of methanol direct injection as single fuel 

in heavy duty engines can be found in the literature where fuel autoignition is achieved by means of 

fuel additives [2] and increased compression ratios of up to 1:28 [3,4]. 

A more common approach is the adaptation of a dual fuel system, where methanol ignition is achieved 

through the use of a pilot fuel of higher reactivity, typically diesel. Two main strategies can be identified 

in the literature with regards to dual fuel operation: methanol port fuel injection, also referred as 

methanol “fumigation”, or direct dual fuel injection, where both fuels are injected inside the cylinder 

(combustion chamber). 

Focusing on the in-cylinder injection strategies, these can be distinguished as premixed combustion and 

diffusive combustion. The premixed combustion of methanol in a direct injection (DI) system was 

directly compared to a port-fuel injection (PFI) system [5], and the results did not reveal any significant 

benefits in the DI system. Instead, it was observed that for the DI system spray targeting, in relation to 

fuel mixing and wall wetting, had a strong impact in the emissions of HC, CO and Soot.  

Direct injection with diffusive methanol combustion has been more recently applied to four-stroke 

engines and resulted in better combustion stability when compared to both, PFI and DI premixed 

strategies [6,7]. During this strategy, methanol is injected late in the compression stroke, near top dead 

center. Studies showed that increasing the level of methanol share led to reduced combustion duration 

with benefits on thermal efficiency, and therefore fuel consumption. Further application of the diffusive 

combustion system on marine engines [8] confirmed the combustion stability of the system and the 

strong importance of good spray targeting to maximize the interaction between the pilot and the main 

fuel across several engine loads.  

The current paper discusses the methodology to design and develop a dual fuel retrofit concept of 

diffusive combustion on existing large bore 2-stroke low-speed marine engines. The study addresses 

the impact of different injector nozzle tip designs, which affect the spray pattern of methanol, the effect 

of different injection strategies and the overall engine tuning strategy by means of a numerical and 

experimental analysis. 

Experimental activities were first carried out in a spray chamber that was optically accessible, and 

subsequently on a two-stroke 6-cylinder marine test engine (RTX5).  
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Table 1: Fuels properties [9] 

 
Methanol  
(CH3OH) 

Ethanol 
 (C2H5OH) 

LFO 

Density [kg/m3] 792 785 835 

Heat of Vaporization [MJ/kg] 1.168 0.919 0.270 

Lower Heating Value [MJ/kg] 19.99 26.9 43.2 

RON 109 109 n.d. 

Stoichiometric A/F Ratio [kg/kg] 6.46 8.98 14.95 

2. Methodology and tools  

To define the computational methods the authors aimed for a good compromise between model 

accuracy and computational time, in consideration of the large engine size and the need of a robust 

tool to drive the design phase of a commercial retrofit kit. The computational models described in the 

next section were developed in OpenFoam environment with the additional use of a customized library 

“LibICE” developed by Politecnico di Milano [10]. The numerical model is based on RANS approach, 

the turbulence closure is addressed with the k-𝜖 model, while the injection of both fuels is represented 

with a Lagrangian method and Reitz-Diwakar breakup model. The combustion is modelled with a 

perfectly stirred reactor model that accounts for both fuels. Two approaches were evaluated to solve 

the chemical reactions, the direct chemistry solution and a tabulated approach. The latter resulted to 

be equally accurate and faster than the former, and was therefore selected for the full engine model. 

2.1. Optical combustion chamber and CFD model description   

The combustion concept assessment and the initial validation of the numerical framework was 

performed in an optically accessible combustion chamber, where different spray orientations and 

injection strategies were tested, and subsequently utilized for the validation of the numerical models. 

The experimental chamber [11] developed by Wärtsilä Services Switzerland in collaboration with CNR 

STEMS, was specifically designed to replicate the geometry and the thermodynamic condition of a large 

bore marine engine (Figure 1). Two injectors, one acting as a pilot and the other as main injector, were 

fitted on the top end of the chamber, opposite to a sapphire window. To reproduce as close as possible 

the spray characteristics of the target engine, both the injectors were sized for 2-stroke marine 

applications, filling a gap in the available literature often oriented towards automotive size injectors. 

The injectors were located in eccentric position, at the same radial distance, in specially designed 

pockets that provided the option to freely rotate them along their respective axes, and therefore allow 

for the investigation of various spray interactions between the two fuels. 
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Figure 1: Optical accessible combustion chamber 

Figure 2 depicts the meshes used to discretize the optical combustion chamber, where a hexahedral 

non-structured grid was applied with static local refinements in the combustion zone. 

A summary of the mesh characteristics with the respective computational times are reported in 

Table 2. The mesh independence check performed on the grids (Figure 3) demonstrated a small 

pressure sensitivity on the selected grid, and for this reason a medium grid was chosen for the tests 

to save computational time and maintain consistency with the grid structure utilized in the full engine 

tests. 

 

Figure 2: Mesh independence test - Hexaedral mesh for optical combustion chamber 
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Table 2: Mesh independence test - base cell sizes and computational time 

Mesh size and computational time 

 Cell Count 

(x 103) 

base mesh  

[mm] 

simulation time 

[h] 

Coarse ~ 109 6 ~3 

Medium ~ 323 4 ~9 

Refined ~ 745 3 ~20 

A well stirred reactor model was selected for the combustion simulation [12] and with this approach 

each cell is treated as a homogeneous reactor accounting for the dual fuel combustion. The chemical 

reaction rates were separately tabulated with two different chemical mechanisms, namely the 

NUIGMech1.0 [13] for n-heptane (used as diesel surrogate) and the CRECK DME model [14] for 

Methanol. The chemical decoupling of the two fuels was justified by the fact that the low quantity of 

the injected diesel was considered to not interact chemically with the main fuel. To assess the 

effectiveness of the double tabulation method, it was found necessary to compare it with the 

established direct chemistry integration method. While the reacting flow simulation with the direct 

chemical implementation method was time consuming (due to the extra computational overhead), a 

good computational improvement was implemented through use of the Dynamic Load Balancing 

method – DLBFoam [15]. 

 

Figure 3: Optical combustion chamber mesh independence - CFD model pressure sensitivity 

The comparison of the results between the two methods in Figure 4 show the satisfactory alignment 

between the tabulated and the direct kinetic approaches, where the pressure curves from both cases 

were very similar. The small differences identified at the early stages of combustion and in the evolution 

of the temperature contour had no significant impact on the overall measured quantity, therefore 

confirming the similarity of both methodologies.  
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The selected “intermediate mesh” and the tabulated chemistry approach were compared with the 

experimental data (Figures 4 and 5), and the pressure trace correlation was considered sufficient 

enough to justify the adaptation of these methodologies for the simulation of the full engine. 

 

Figure 4: Combustion model validation - Experimental pressure measurement vs. Simulation results with tabulated 

kinetic and direct chemical integration model 

2.2. Engine model 

The numerical setup described for the optical combustion chamber was also applied to the R&D 

laboratory engine (RTX5), which is a Wärtsilä 6RT-Flex50-B 2-stroke uniflow scavenging marine 

engine, of 500 mm bore, 2050 mm stroke, and 6-cylinders in-line. Main engine parameters are reported 

in Table 3. 
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Figure 5:  Optical combustion chamber test - CFD simulation results (temperatures iso-contours and lagrangian 

sprays) compared with experimental images of visible flame 

To achieve a reasonable computational time for the complete engine simulation a base mesh size of 

12 mm was applied to simulate the scavenging phase. Localized refinements were employed in the 

proximity of the intake ports and in the exhaust valve region to gain accuracy without compromising 

the total cell count. The injection and combustion phases were then computed with a more refined 

mesh, where the base size was set to 2.5 mm, and local conical refinement was applied in the vicinity 

of the nozzles during the injection process. A complete 1-D engine model was selected as the source 

to impose pressure and temperature values on the cylinder intake and exhaust boundaries, and a similar 

approach was applied to compute the injection mass flow rate for both fuels. 

Table 3: Engine description 

Engine Parameters 

Engine Type Two-stroke RTX5 

Number of Cylinders 6 

Bore [cm] 50  

Stroke [m] 2.05  

Power [kW] 8040 

MEP [bar] 21 

Speed [rpm] 95  

3. CFD simulation results 

3.1. Design variables 

The CFD model described in the previous section was utilised as a predictive tool to evaluate different 

design concepts of components that play a key role to the combustion process. The dual fuel 

combustion concept under consideration relies on the ignition of methanol after its interaction with 
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the pilot flame. Since the injector nozzle tip (Figure 6) determines the distribution of fuel inside the 

cylinder and the interaction of the main fuel with pilot flame, its impact on combustion is crucial. 

The use of methanol as the main fuel for combustion leads to a significant increase of injected fuel 

quantity, when compared to standard diesel, due to its lower calorific value. The required higher fuel 

flow can be managed through increasing the rail pressure, increasing the nozzle holes diameter, or 

prolonging injection duration. Such strategies impact spray penetration and in case of nozzle hole 

diameter increase, the spray atomization. In this study the design of the nozzle tip, and specifically, the 

number of holes, size and characteristic angles were varied to evaluate their effect with respect to 

spray formation, heat release, and pollutant formation. 

 

Figure 6: baseline injector nozzle tip 

Figure 7 depicts two different nozzle tips where the characteristic angles of each hole where changed, 

while preserving the overall flow area, and therefore the injection duration and mass flowrate. The 

heat release rates resulting from the two different nozzle tip configurations, which were compared 

under the same engine operating conditions, are shown in Figure 8. 

 

Figure 7: Comparison of methanol nozzle tip designs A and B 

The heat release analysis shows a first energy spike, accounting for 5% of the total, due to the pilot 

fuel ignition, followed by the energy released from methanol combustion. Focusing on the methanol 
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combustion from the two nozzle tips, it is evident that a different heat release evolution takes place 

between nozzle design “A” and “B”. The analysis showed that nozzle “A” provided a non-optimal spray 

interaction between the pilot and main fuels, which led to an initial premixed combustion phase and 

an abrupt heat release, whereas nozzle “B” showed a smoother ignition of methanol that resulted to 

a more controllable in-cylinder pressure rise and heat release. 

 

Figure 8: Nozzle tip design comparison (A vs B) with respect to heat release and cumulative heat release rate 

The major impact from the nozzle tip design is clearly evident on the spray penetration and fuel mixing, 

as shown in figure 9 that compares nozzles “A” and “B”. The blue colour contours represent the 

stochiometric iso-surfaces of methanol at same CAD. It can be seen that Nozzle “A” causes a narrow 

spray distribution, in relation to design “B”, and creates a richer mixture plume in the earlier phases 

of combustion (5° after SOI). In the later stages of combustion, the more compact spray of Nozzle 

“A” had a strong impact on fuel penetration, with higher tendency to interact with the walls, increasing 

the risk of higher thermal stresses on components, and the formation of unburned hydrocarbons. 
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Figure 9: Comparison of Methanol stochiometric iso-contours from Nozzle tip designs A and B 

The sensitivity analysis of the nozzle diameter involved scaling the dimension of each hole by ±30% 

with respect to the baseline design (Figure 10). The increase in flow area allowed for a shorter injection 

duration, and consequently faster combustion, but also led to higher combustion temperatures and 

longer spray penetrations. On the other hand, the reduction of the flow area was beneficial for spray 

penetration, but increased the combustion duration while decreasing the peak firing pressure and 

therefore deteriorating combustion efficiency. 

 

Figure 10: aHRR and cumulative aHRR trace effect on variation of nozzle hole diameters 

A visualization of the in-cylinder flame development, represented by gas temperature iso-contour at 

2300 K, is depicted in Figure 11. The results confirmed the different evolution of the flame between 

the two designs, showing that in the case of bigger hole diameters (Figure 11a) the spray penetrates 
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further into the combustion chamber, leading to a strong flame/liner interaction, whereas with the 

smaller hole sizes a significantly shorter flame depth was observed with negligible flame-wall contact 

(Figure 11b). 

 

Figure 11: Flame temperature iso-contour visualization - (a): High flow area (1.3 x nominal Area) – (b) Low flow area 

(0.7 x Nominal) 

Further investigation of the nozzle design characteristics involved a sensitivity analysis on the injection 

timing, and specifically the interval between the pilot fuel and main fuel injection events, hereafter 

referred as “dwell time”. It was observed that dwell time, in combination to the nozzle tip geometry 

and engine load, had a strong impact on in-cylinder pressure. A sweep of the dwell time, with pilot SOI 

activated pre and post the main fuel SOI, and its effect on in-cylinder pressure is depicted in Figure 12. 

It can be seen that as the dwell time is reduced (i.e. shifted from after the main fuel SOI to before the 

main fuel SOI) an increase in firing pressure takes place. By starting the main fuel injection before the 

pilot fuel injection, methanol has sufficient time to vaporize and mix with air prior to the ignition of 

the pilot fuel. Consequently, when the pilot fuel ignites methanol initially burns in premixed 

combustion, followed by diffusive combustion as methanol injection continues to take place even after 

the pilot fuel injection terminates. 
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Figure 12: Effect of dwell time on in-cylinder pressure 

All the above-mentioned parameters were considered for the selection of the Methanol and Diesel 

nozzle tip that were manufactured and subsequently tested on the RTX5 experimental engine.  

4. Diesel engine conversion to Dual Fuel 

To enable dual fuel operation, the engine was retrofitted with a methanol fuel injection system, while 

the original diesel fuel injection system was kept unchanged. As a result, in the event of failure of any 

of the methanol system components, the engine would switch automatically to Diesel mode operation, 

ensuring its continuous and safe operation. 

4.1. Engine fuel components 

The selected methanol fuel injection system consisted of a high-pressure reciprocating piston pump 

that was located inside the engine room, and a methanol dedicated fuel injection system that was 

located on the engine and consisted of a common rail that fed fuel to two injectors on each cylinder. 

The high-pressure pump was equipped with flow control valves that ensured smooth operation 

throughout the full engine load range. Additionally, a drain valve was incorporated in the pump’s skid 

to safely discharge methanol outside the engine room in case of an emergency. 

The on-engine methanol fuel injection system was based on already existing Wärtsilä RT-Flex engine 

components, that were modified to accommodate methanol as the working fluid. 

More specifically, the common rail was connected to high pressure pipes from the high-pressure pump 

and was large enough to account for the lower calorific value of methanol, compared to that of diesel, 

and ensured sufficient amount of fuel to the injectors and stable injection events.  Six injection control 

units (ICUs), one for each cylinder, were installed on the methanol common rail, and through hydraulic 

-actuation these monitored and controlled the amount of fuel that was injected per cylinder. To 

Cylinder Pressure 
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address the low lubricity of methanol, the reciprocating components inside the injection control unit 

were coated with a solid lubricant. Additionally, multiple sealing barriers, both solid and fluid, were 

installed to prevent possible fuel leaks into the hydraulic actuation system. 

The injectors were symmetrically positioned on the cylinder cover, at a specified distance from the 

diesel injectors. As with the ICUs, the moving components of the methanol injection valves were 

coated with a solid lubricant to compensate for methanol’s low lubricity. Furthermore, pressure 

sensors were installed at the inlet port of each injection valve for injection event and combustion 

diagnosis purposes.  

4.2. Engine safety components 

The methanol fuel supply and injection systems incorporated also a number of safety features to ensure 

a safe and reliable operation of the engine. With methanol being a low flash-point fuel the fuel supply 

pipes and all pipes operating at high pressures were required to have secondary barriers in order to 

collect possible fuel leakages caused by misalignments between the mating surfaces of pipe connections 

or pipe leakages. Additionally, the methanol common rail was equipped with an encapsulation and an 

air ventilation system to contain and remove possible fuel leakage during the engine operation. A series 

of gas detectors were also installed within the encapsulated volume to ensure the methanol 

concentration in the spaces monitored remained as low as possible, and within the 20% of the Lower 

Explosive Limit (LEL), in accordance with Classification Societies requirements (Figure 13). 

A hydraulically-actuated safety valve, controlled via the engine control system, allowed for 

depressurisation of the methanol fuel system in case of engine failure. Nitrogen and drain valves were 

used to purge methanol from the fuel injection system in the event of a major failure or other hazardous 

events in the engine room. 

To facilitate maintenance works and overhauls, additional safety measures were adapted to ensure that 

the fuel system could be effectively and completely purged from methanol. For this purpose, a parallel 

connection in the low-pressure piping system, upstream of the high-pressure pump, enabled diesel oil 

to be supplied into the methanol fuel system. A pair of shut-off valves were used to stop the low-

pressure methanol supply and to start the diesel supply into the high-pressure pump. Any methanol 

trapped inside the fuel injection system was then gradually consumed by the engine, leaving only diesel 

oil inside the fuel pipes and components, therefore enabling the safe removal and maintenance of all 

methanol related components (Figure 14).   
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Figure 13: On-Engine methanol injection system: ventilated encapsulation of common rail and injection control units 

 

Figure 14: Schematic of the methanol fuel supply systems of 2-stroke R&D engine (RTX5) 

5. Engine tests and Experimental results 

RTX5 is an R&D engine that is used for investigation purposes of various technologies, prior to 

adaptation and implementation of these technologies on vessels. It is a fully instrumented engine with 

different types of sensors that can monitor and collect data about the performance of the engine and 

the condition of key components and systems. Measurements included the thermal load of 

components, pressures and temperatures in various locations such as the intake system, cylinder and 

exhaust system, and flows, such as fuel consumption. Furthermore, emission analysers were installed 

in the exhaust system of the engine that measured pollutants such as unburned hydrocarbons, CO, 

CO2, NOx, potential methanol slip and formaldehyde emissions. 

The methanol combustion system, that was developed initially through CFD simulations, was further 

validated on RTX5 during the experimental campaign, where the engine was operated at different 
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ratings on both, Methanol and Diesel modes. For clarity purposes the work described in this study 

corresponds to one of the various ratings tested, the 21 bar MEP, at a power of 8040 kW and 95 rpm, 

which is representative of typical 2-stroke marine diesel engines.  

As a first step, tests were conducted on diesel mode at four engine loads (25%, 50%, 75% and 100%) 

to create a baseline for the performance of the engine, while the NOx emissions of the engine were 

kept within the Tier II limits. Subsequently, the engine was run in methanol mode at the same firing 

pressure as that of the diesel mode operation so that the two fuel modes could be directly compared 

on combustion efficiency. The results from the two sets of tests, at 75% engine load are depicted in 

Figures 15 and 16. Figure 15 shows that the fuel consumption in Methanol operation, which also 

includes the pilot fuel consumption, was reduced by about 5% compared to that of diesel mode. 

Furthermore, at the same engine load, figure 16 shows that NOx emissions during methanol operation 

were 40% lower than those measured during diesel operation. Both, the improved fuel consumption 

and lower NOx emissions were attributed to the improved thermal efficiency and lower combustion 

temperatures achieved during methanol operation. Figure 17 compares the in-cylinder pressure and 

heat release rate of the two fuel modes at 75% engine load, based on in-cylinder pressure trace data 

that was recorded and averaged over 300 engine cycles. The results show that the methanol and diesel 

heat release rates are very similar, but also demonstrate the relatively faster combustion of methanol 

compared to diesel, that explains the above observations about the improved fuel consumption. 

 

Figure 15: Brake-specific fuel consumption (BSFC) for operation on Methanol and Diesel Modes, at 75% engine load 



 
8th Rostock Large Engine Symposium 2024 

 

288 

 

Figure 16: Specific NOx Emission on Diesel and Methanol modes, at 75% of engine load 

 

Figure 17: In-cylinder pressure and Heat release rate for operation on Methanol and Diesel modes, at 75% engine 

load (21bar MEP) 

6. Engine Model Validation 

The experimental tests on RTX5 engine provided a data base for the validation of the CFD simulations 

that were conducted prior to the tests to develop the methanol combustion system. The model 

validation was performed for selected cases of engine running, where a complete engine simulation 

was run to replicate the experimental boundaries. 
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For clarity, only two representative validation points are reported in Figure 18, where experimental 

data from operation in diesel and methanol modes are compared to the CFD simulation results. The 

plots show that the measured and simulated pressure curves and heat release are in good agreement 

for either fuel. Comparing the two fuel modes, both the experimental and simulated results capture 

the relatively longer combustion phase of diesel when compared to methanol, attributed to the faster 

burn of the latter.  

Similar observations were made for all the other engine loads tested, the various engine tuning settings 

and the different nozzle tip designs that were evaluated on the engine. The good correlation between 

the experimental data and simulations demonstrated that the adopted CFD methodology can be 

successfully used as a predictive tool for the development of combustion systems of different fuels and 

the definition of nozzle tip designs, which can be applied as retrofit technology to existing 2-stroke 

marine diesel engines, and enable these to be converted to dual-fuel engines. 

 

Figure 18: Comparison between Experimental data and CFD: In-cylinder pressure and Heat release rate for operation 

on (a) Diesel and (b) Methanol modes, at 75% engine load (21bar MEP) 

7. Conclusions 

This study described the different stages that were followed to conceptualise, design and develop a 

robust dual-fuel combustion system, which will be implemented to an innovative retrofit kit and enable 

existing marine diesel engine to be converted to dual-fuel engines and operate on sustainable fuels. The 

physical properties of methanol, such as its lower calorific value, its low lubricity and corrosive nature, 

were all considered in the design and sizing of the systems and components.  

The dual-fuel combustion concept was first analysed thoroughly by CFD simulations, focusing on the 

main parameters that characterize methanol combustion. The analysis was also used to design an 

important component for the combustion system, the injector nozzle tip. The analysis was followed 

by tests on an experimental engine, where the combustion system was validated and further developed. 

The results from the testing campaign demonstrated excellent engine running stability at different loads 
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and speeds with a minimum quantity of pilot fuel injected. At the end of the test campaign and after 

analysing the engine performance and emission results it was shown that the fuel consumption in 

methanol can be lower than that of diesel mode, as well as the NOx emissions that were reduced 

significantly. The performance improvement and emission reductions can be explained by the lower 

combustion temperatures and the improvement on the thermodynamic efficiency achieved on 

methanol operation. 

The study concluded that methanol as a main fuel for 2-stroke marine engines is a viable and promising 

solution in the decarbonisation of shipping. 

Abbreviations 
aHRR – Apparent heat release rate 

aSOI – After start of Injection 

BSFC – Brake specific fuel consumption 

CAD – Crank angle degree 

CFD – Computational fluid dynamics 

CNR STEMS – Consiglio Nazionale delle Ricerche, Istituto di scienze e tecnologie per l’energia e la 

mobilità sostenibili  

CO - Carbon monoxyde emission 

DI - Direct injection 

GHG – Green House Gas 

HC – Unburned hydrocarbon emission 

ICU – injection control units 

MEP – Mean effective pressure 

NOx – Nitrogen oxides emission (NO, NO2) 

PFI – Port fuel injection 

RANS – Raynolds averaged Navier-Stokes equation 

RON - Research Octane Number 

RTX5 – Wärtsilä 6RT-Flex50-B – Test engine for R&D activities 
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Abstract 
Ammonia as fuel has been widely discussed in the marine sector during the last years. Since ammonia 

as fuel poses major challenges in combustion, it is common to apply a dual-fuel combustion process, 

which requires a second fuel, typically diesel, to start the combustion. However, to further reduce 

greenhouse gas (GHG) emissions, the need for a carbon-based pilot fuel should be eliminated by 

applying a combustion scheme based on a single carbon-free fuel that maintains high engine efficiency 

and power output while keeping GHG-related emissions such as nitrous oxide (N2O) low. 

For ammonia, the most commonly used combustion process to date is based on a premixed charge of 

ammonia ignited by a pilot injection of a carbon-based fuel. This well controllable solution allows a 

wide range of ammonia / pilot fuel share ratios – such engines are even capable of running on 100% 

pilot (diesel) fuel only. This high fuel flexibility ensures a secure fuel supply from common suppliers 

around the world. A more sophisticated approach, in which directly injected ammonia is ignited by 

pilot injection of a carbon-based fuel, resulting in a diesel-like combustion process, is planned to be 

used in large-bore two-stroke engines. However, this approach also relies on a small quantity of 

carbon-based pilot fuel to ensure safe and stable ammonia combustion. 

This paper presents research into an ammonia combustion process that does not require a pilot 

injection and therefore allows for 100% carbon-free operation of such combustion engines. Here, a 

small portion of an ammonia/air mixture at stoichiometric conditions is ignited in a pre-chamber. The 

resulting hot combustion gases then form a reactive jet, which enters the main chamber to ignite the 

premixed main charge at operating point specific air/ammonia equivalence ratios (λ). This combustion 

process has been applied over a wide range of air-fuel equivalence ratios (λ = 0.8 - 2.0) and different 

IMEP (up to 27 bar). The research was carried out using an optical engine test facility equipped with 

exhaust gas measurement. Simultaneously applied high-speed Schlieren and OH* chemiluminescence 

measurements allow the combustion process to be studied in terms of the (optical) start of ignition, 

the flame propagation speed, and other characteristics. 

A high IMEP, completely carbon free combustion process has been realized, including characterization 

of heat release, ignition delay, start of combustion, flame propagation speed and pollutant emission 

https://doi.org/10.18453/rosdok_id00004647
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formation for marine engine relevant conditions. The effect of the very low laminar flame speed of 

ammonia is offset by the additional turbulence created by the reactive jet from the pre-chamber, 

suggesting that this carbon-free combustion process may be applicable to medium-speed engines as 

well. In addition, the experiments also provide some insight into the challenge of knocking cycles and 

lube oil induced pre-ignition events. On the emissions side, the critical formation of nitrous oxide 

(N2O) has been studied and the overall GHG reduction potential for this type of combustion process 

has been assessed.   
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1. Introduction 

The goal of a carbon-neutral society is set out in the Paris Agreement, a legally binding international 

treaty on climate change, which aims to keep the global average temperature increase well below 2 °C 

above pre-industrial levels and to step up efforts to limit the temperature increase to 1.5 °C [1]. While 

the Paris Agreement is mainly aimed at land-based applications, the International Maritime Organization 

(IMO) targets the greenhouse gas (GHG) reduction strategy for international shipping. Overall, it is 

imperative that both private and industrial sectors reduce their greenhouse gas emissions towards zero 

over the course of this century. Wherever possible, electrification based on renewable energies is the 

most efficient approach to achieve this goal. 

On the other hand, due to the limited energy density of batteries, direct use of electricity is limited or 

not possible in certain applications within industrial sectors. This is particularly true for the marine 

sector, where – apart from certain niche applications such as ferries or short sea shipping – the switch 

from fossil to renewable fuels is the most promising options for decarbonization. Since large internal 

combustion engines (ICE) will continue to play a role for marine propulsion, the transition from fossil 

fuels to sustainable energy carriers is one of the necessities in view of reducing GHG emissions to keep 

global warming within tolerable limits.  

Various technology paths for ICE and fuel systems for future propulsion of ships have been investigated. 

For the substitution of fossil fuels, ammonia or methanol were announced as potential candidates for 

an economically feasible route to decarbonization [2]. Of course, these fuels must be produced via 

renewable energy, and only ammonia can be considered as completely CO2-free. Since methanol still 

contains carbon, the CO2 needed for production must come from non-fossil sources (direct air 

capture) to be considered carbon-neutral. All possible options regarding non-fossil fuels – including 

"green" hydrogen for certain applications – have advantages and disadvantages in terms of scope, 

handling, efficiency, cost, environmental risks, etc. In particular, the use of ammonia has recently gained 

increasing attention and is being touted by various stakeholders as one of the most promising future 

fuels. Various studies have investigated the potential for application in marine shipping from a cost and 

production point of view [3-8]. Although ammonia is a well-known product since centuries, it has 

mainly been used to produce fertilizers. In terms of its use as an engine fuel, a transition phase up to 

2050 is expected. In the current decade, the share of liquefied natural gas (LNG) will probably still 

increase before the desired transition to methanol or ammonia takes place. Even if the use of 

sustainable fuels produced by the synthesis of renewable energies (Power-to-X or synfuels) or from 

the processing of suitable biological wastes and residues (biofuels) is mandatory, the use of LNG as a 

marine fuel will probably still be a matter of course in a transition phase over the next decade and 

beyond.  

Current concepts of gas engines are seen as good basis for future solutions designed for operation on 

such alternative fuels. Even though ammonia fuel application for IC engines is not new, the conversion 

still providing comparable efficiency and guaranteeing reliable operation, poses certain challenges in 

terms of ignition concepts and combustion properties. A range of involved complex processes such as 

flow field conditions, mixing properties, ignition, combustion onset, and flame propagation must be 

considered. Whereas the upcoming low-speed two-stroke ammonia engines will use a pilot fuel ignited 

direct injected ammonia combustion scheme (diesel-like) this work focusses on a 100% carbon free 

combustion without requiring a carbon-based pilot fuel. An optically accessible experimental test 

facility providing engine relevant operation conditions was used to fundamentally examine premixed 
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homogeneous combustion ignited by an actively filled pre-chamber. The investigations include typical 

operating conditions as well as very high engine loads for marine engines with compression 

temperatures around 950 K and peak pressures up to 300 bar and beyond. The influence of different 

operating parameters such as mixture charge composition or boost-pressure variations has been 

investigated. Insight into the thermo-chemical processes of combustion in terms of ignition delay, 

combustion onset, flame propagation speed, heat release, and exhaust gas composition will be 

provided.  

2. Experimental setup, test execution and analysis 

The optically accessible test facility Flex-OeCoS enables the examination of premixed pilot fuel ignited 

dual-fuel combustion processes in a range of IC engine relevant operational parameters [9]. Acquisition 

of crank-angle resolved operating conditions in terms of precise pressure as well as temperature 

measurements (by fine-wire thermocouples at different locations), and turbulent flow field 

determination (by means of high-speed PIV) has been established [10]. The adaptable setup with flexible 

operating modes has already been used for different dual-fuel combustion process investigations [11-

14]. 

2.1. Test facility Flex-OeCoS 

Figure 1 shows the working principle of the Flex-OeCoS test rig: One cylinder of a motor driven engine 

block feeds a mixture charge into an optical combustion chamber (Ø60 mm×20 mm), providing 

maximum optical access through rectangular and round sapphire windows at each side. Two intake 

valves (Ø16 mm) are located on the working cylinder, which is equipped with a flat-top piston. Two 

exhaust valves (Ø16 mm) are positioned on top of the combustion chamber, where a central bore at 

the top allows mounting of a pilot fuel injector, spark plug or pre-chamber. Various pressure sensors 

are implemented at different locations, and the entire head is thermally conditioned to achieve stable 

conditions during the aperiodic operation. 

 

Figure 1: Concept of the Flex-OeCoS test facility (left), and cylinder head on the working cylinder with optical combustion 

chamber, intake/exhaust valves, and exchangeable design for different inserts on top (right). The optical accessible pre-

chamber (yellow) is installed from the top between the exhaust valves (red) and features a sparkplug (orange), a direct 

injector (blue), a pressures sensor and an exchangeable nozzle (green). 
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The Flex-OeCoS test facility features adaptable operation at IC engine relevant conditions: Peak 

pressures in continuous operation of up to 260 bar (from boost-adjustable compression pressure (pc) 

up to 160 bar), mixture charge temperatures (T) between 700 – 1050 K by inlet conditioning, and 

tunable flow (turbulence grades) depending on motor speed (n) of typically 300 – 1000 rpm. An 

overview of relevant test facility specifications is given in Table 1.  

Table 1: Test facility specifications and parameter settings 

Independent pneumatic intake and exhaust valve actuators provide high variability. Moreover, pilot fuel 

injection settings (pressure, start, and duration) as well as mixture charge composition, by gas 

introduction in the air intake pipe close to the intake valve, can be freely adjusted by external supply 

units. 

2.2. Optical setup, methodology and post-processing 

As illustrated in Figure 2, simultaneous high-speed Schlieren/OH* chemiluminescence was applied to 

investigate prechamber combustion, combustion transition, ignition processes, turbulent flame front 

propagation, and abnormal combustion characteristics. Image acquisition was performed by means of 

three high-speed cameras: The chemiluminescence of the OH* radical as indicator of inflammation was 

acquired simultaneously with the Schlieren signal indicating vaporized and burned phases within the 

main chamber. A third Schlieren setup is focused on the optically accessible prechamber delivering 

insight into the ignition process around the sparkplug and flame evolution. The spatial resolution has 

been set to 60×60 mm (covering the entire main chamber) and 12.5x18 mm for the pre-chamber to 

achieve a temporal resolution of 0.1°CA, for the typical motor speed of n = 600 rpm, resulting in a 

frame rate of 36 kHz. 

 

Dimensions, Operating Parameter 

Working cylinder bore Ø 130 [mm] 

Stroke length 150 [mm] 

Connecting rod length 237.1 [mm] 

Displacement (working cylinder) 1990 [cm3] 

Compression ratio 13.02 [ - ] 

Optical access main chamber diameter Ø 60 [mm] 

Optical access pre-chamber height / width 12.5 / 18 [mm] 

Max. cylinder pressure 260 [bar] 
 

Reference values (air charge)  

Intake boost pressure pb 2.65 / 5.8 / 6 / 6.8 [bar] 

Compression pressure pc 70 / 130 / 145 / 160 [bar] 

Intake temperature Tin 100 / 150 [°C] 

Motor speed n 600 [rpm] 

Turbulence intensity u'/Cm [9] 1.2 [-] 

 



 
8th Rostock Large Engine Symposium 2024 

 

298 

 

Figure 2: Optically accessible combustion chamber (left) and setup for simultaneous high-speed Schlieren and OH* 

chemiluminescence measurements (right). 

The determination of the effective start of ignition (SOI) is based on the Schlieren signal deviation 

within the pre-chamber. Due to high turbulence levels, a detection of the flame with a threshold value 

only often leads to errors. Thus, detection is based on a predefined probability density function 

dependent on the image zone (background, high-temperature zone, flame) to assign pixel values to a 

specific location.  

The OH* chemiluminescence corresponds to ignition and represents an integrated line-of-sight signal 

along the entire measurement volume. Even though other species (e.g. CO*), particularly under lean 

conditions at high pressures, may contribute considerably to the overall OH* signal at progressing 

combustion [15], the first OH* chemiluminescence emission appears at least simultaneously at ignition 

[16]. Moreover, also the interference of soot incandescence does not (yet) affect the ignition detection 

[17], especially since the chosen combustion strategy using pure ammonia should not produce any 

soot. The start of (high temperature) combustion therefore has been defined as the first OH* 

appearance, respectively the first image containing a "brighter spot" [18]. The automated optical 

ignition delay detection proved to be reliable, also compared to the corresponding ignition delay 

detection from the heat release analysis. 

2.3. Exhaust gas extraction, conditioning and measurement 

To achieve stable boundary conditions in an experiment, a sufficient number of preparation cycles are 

run first. This is followed by the actual combustion cycles relevant to the investigation, with further 

preparation and purge cycles before and after. Due to this process sequence, a fast-switching valve was 

developed for the exhaust gas analysis, which separates combustion cycles from preparation/purge 

cycles. Figure 3 shows the corresponding division of the exhaust gas channel by this valve, whereby the 

combustion cycles to be analyzed are routed into a conditioned system. The entire exhaust path system 

and sampling line is heated (200 °C) and the exhaust gas storage system has a sufficient volume of 

5.1 liters. Moreover, the exhaust gas sampling point distance from the exhaust valve is ca. 500 mm.  
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Figure 3: Exhaust gas path separation by a fast-switch valve (left + right), and conditioned exhaust gas sampling section 

(including sensors) in front of the exhaust gas storage system (center) with marked sampling point (red arrow). 

The exhaust gases are then analyzed using a FTIR based measurement system (AVL SESAM i60 FT SII), 

which is equipped with a special evaluation method for ammonia combustion granting fast and exact 

exhaust gas evaluation in a wide range of NH3 concentrations (up to 30'000 ppm NH3 calibrated) and 

simultaneous detection of other species. The test bench is now capable to produce appropriate exhaust 

conditions, similar to those in a single-cylinder engine. It should be noted that the optical setup has an 

increased crevice volume which causes the exhaust gas composition regarding unburned fuel to be 

overestimated. The flexible combustion process variation and rapid fuel switching possibilities also 

allows efficient and comprehensive examinations of various exhaust gas measurement techniques.  

2.4. Measurement procedure and analysis 

The settings in Table 2 compression temperature (Tc), compression pressures (pc) are based on pure 

air compression. These are denoted as reference values for all gas/air combustion investigations, where 

certain parameters, such as effective compression pressure and temperature, are dependent on the 

specific gas respectively mixture charge properties. 

Table 2 gives an overview of performed measurements operation settings in terms of ammonia/air or 

methane/air mixture charge conditions such as air-fuel equivalence ratio (λ) and boost pressure 

variation. Gas admission pressure, start and duration (based on initially determined injection rate 

characteristics according to energizing time) can be set independently by a separate fuel supply unit to 

accommodate the boost pressure variation. 

Table 2: Measurement conditions and pilot fuel injection parameter settings. 

 

Start of ignition, ignition delay (location), combustion onset, and flame propagation have been evaluated 

by post-processing procedures of the simultaneous high-speed Schlieren and OH* chemiluminescence 

measurements as well as the exhaust gas measurements. Combustion heat release rate has been 

analyzed by applying an in-house thermodynamic two-zone model that considers dissociation in the 

 NH3/air mixture charge 

Air-fuel equivalence ratio  NH3 2.0 / 1.75 / 1.5 / 1.25 / 1.0  

Start of gas admission  60 °CA before intake valve opens [°CA] 

Pre-chamber fuel NH3 ~ = [-] 

Compression pressure pc setting dependent → see results [bar] 

Compression temperature Tc 950 [K] 
 

Pre-chamber parameters 

Pre-chamber Injector VDO 1353  

Pre-chamber Volume 3.49 / 2.1 [ml / %] 

Nozzle diameter dnozzle Ø 4 [mm] 

Start of ignition SOI −10 / −7.5 [°CA] 

Spark gap 0.25 [mm] 

Coil load time ET 5.1 [ms] 
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burnt gas zone and accounts for losses by wall heat transfer, piston ring blow-by, and crevice volumes 

[19]. Due to the unique test facility layout (optical combustion chamber vs. working cylinder), significant 

efforts were made in terms of high precision pressure acquisition [10]. The wall heat losses were 

estimated using an adapted Woschni approach (inclusive extended heat transfer coefficient W based 

on flow measurements), piston-ring blow-by was measured, and the volume of crevices was 

determined from the drawings. However, since the wall-heat loss model had to be tuned by distinctive 

constants, the results are denoted as apparent heat release rate aHRR. 

The ignition delay can be deduced from both optical data (OH* chemiluminescence) and from the 

calculated heat release rates. The heat release rate based ignition detection is well tuned and shows a 

very good agreement with the optical data (already presented in [318]). The ignition delay calculation 

method is very sensitive and therefore allows to detect ignition at about 0.35% - 0.5% of the total heat 

released.  

An apparent flame propagation speed saFP can be determined by the Schlieren measurements, 

respectively the contour displacement representing the flame surface. The method applied here 

consists of a two-dimensional spatially averaged evaluation of reaction zone expansion based on the 

optical measurements. It resolves local behavior very well (i.e. large propagation speeds) but is also 

more prone to misidentification of burned zones since it still contains certain uncertainty in 

differentiation of the cause of refractive index variations. In addition, the effect of flame compression 

and expansion cannot be corrected for pressure variations, and the determined saFP always includes 

the effect of the expanding burned zone. Thus, higher pressure ratios are affecting the resulting saFP 

stronger for lower air-fuel equivalence ratios. However, the chosen approach can deal with (local) 

transport phenomena and leads to an accurate statement in terms of the early combustion phase. The 

designation "apparent" shall point out that the analyzed flame propagation speed must be interpreted 

as a qualitative value that nevertheless enables a comparison within operating parameter variations. 

The properties of ammonia as fuel are compared to methane as standard fuel in Table 3 for visualization 

of the large discrepancies in terms of AFR, LHV and flame speed. The low flame speed of ammonia 

results in a slower combustion process, which can reduce the combustion efficiency. The high auto-

ignition temperature and enormous heat of vaporization makes liquid injection and diesel-like 

compression ignition combustion more difficult – this is one of the reasons why a premixed combustion 

scheme is used. The high minimum ignition energy means that it is comparably more difficult to safely 

ignite an ammonia-air mixture. The high resistance to knocking (RON) allows to run ammonia fueled 

engines at higher compression ratios, which can be beneficial for efficiency. This should allow to run 

high IMEP despite the low reactivity by applying high compression temperatures, which results in a high 

specific cylinder load. Although ammonia has a much lower energy content per mass than carbon-

based standard fuels, its low stoichiometric air-fuel ratio AFR partly compensates this regarding the in-

cylinder energy content. 
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Table 3: Properties of ammonia and methane. Data collected for comparison only from [22-26]. 

 Storage 

condition
s 

Density 

@  
storage 

condition

s 

LHV @ 

storage 
conditions 

Flammabil

ity 
limits in 

air 

Stoichiom

etric AFR 
(mass) 

LHV per Vol. 

@ 
stoichiometry 

(0.1 MPa,  

373 K) 

Auto- 

ignition 
temperat

ure 

Minimum 

ignition 
energy 

Heat of 

vaporizati
on 

LBV @ 

stoichiom
etry 

(0.1 MPa, 

300 K) 

RON 

  [kg/m3]  [Vol-%] [ - ] [MJ/m3] [K] [mJ] [kJ/kg] [m/s] [ - ] 

Ammonia 

NH3 

(Liquid) 

1.1 MPa 
300 K 

600 
18.8 MJ/kg 
11.3 GJ/m3 

15 – 28 6.1 : 1 ~ 2.23 930 8 1370 0.07 > 130 

Methane CH4 

(Compressed) 

25 MPa 

300 K 
187 

50 MJ/kg 

9.4 GJ/m3 
5 – 15 17.2 : 1 ~ 2.45 860 ~ 0.21 – 0.38 120 

3. Results 

The results shown here are from a large measurement campaign and represent only a subset of all the 

measurement points carried out. They provide an insight into pure ammonia combustion using a pre-

chamber in terms of pressure evolution, ignition delay, combustion onset, flame propagation, heat 

release and exhaust gas composition. 

3.1. Combustion characterization varying the air-fuel equivalence ratio 

Figure 4 shows a comparison of the pressure development for two different boost pressure levels 

consisting of an ammonia charge mixture variation with air-fuel equivalence ratio 

λ = 1.0 / 1.25 / 1.5 / 1.75 (/ 2.0) / inf. The spark timing within the prechamber is set to -10° CA 

corresponding to a pure air compression temperature of about 950 +/-5 K[14], [21], for both cases. 

Keeping the compression temperature nearly constant over a boost pressure variation is possible since 

the charge air is entering a separately pre-heated intake pipe to achieve individual pressure and 

temperature combinations. The pressure trace represents the median cycle value of fifteen combustion 

cycles and additionally the pressure trace of the pure air compression (idle, i.e. motored) is given in 

dashed line. The difference in pressure evolution between the two boost pressure levels is visible in 

two terms. Firstly, in maximum combustion pressure level, achieving 150 bar for the 70 bar 

compression pressure versus 280 bar for the 130 bar compression level regarding λ = 1.0 (and 

therefore exceeding the maximum allowed continuous operating pressure), secondly in terms of 

pressure gradient. The 70 bar compression level case thereby shows a decreasing pressure gradient 

with increasing λ, whereas in the high boost case the pressure gradient for λ = 1.0 to 1.5 remains nearly 

constant. For the low boost case, it is observable that the λ = 2.0 case has barely an increase in 

compression pressure, leading to the assumption that there is a high portion of unburned fuel exiting 

the combustion chamber.  
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Figure 4: Comparison of the pressure development for two different boost pressures resulting in 70 bar (left) vs. 130 bar 

(right) compression pressure and a variation of λ. For the λ = 1.0 case at 130 bar, the SOI had to be retarded from -10 

to -7.5° CA to avoid knocking. 

The higher cylinder pressure at 130 bar compression pressure is on the one hand coupled to the 

already increased pressure before ignition, but on the other hand due to the increased air density 

allowing more fuel to be admitted to reach comparable air-fuel-equivalence ratios. Hence for the 

λ = 1.0 case for 70 bar 571 mg fuel was injected per cycle compared to 904 mg fuel for the 130 bar 

compression pressure case. Therefore, an increase of 58% in in-cylinder energy content can be 

expected. This increase in fuel energy is easily observable when comparing the heat release rate for 

both cases. Additionally, to the heat release rate the mass fraction burned is given for both cases and 

is represented in Figure 5. The heat release rate thereby represents the already observed discrepancy 

between the 70 bar case versus the 130 bar compression pressure, whereas the heat release increase 

in the early combustion phase is quite similar for λ =  1.0 to 1.5 for the 130 bar case. The main influence 

hereby is the higher integrated heat release before TDC, increasing the in-cylinder temperature before 

TDC and therefore stabilizes or even promotes the reaction rate for the leaner cases. This results in 

high combustion temperatures which allows the fuel oxidation in the phase after TDC to an acceptable 

level. This absolute fuel conversion level is then represented in terms of mass burned fuel fraction. The 

mass fraction burned is calculated based on the injected fuel mass and supported by the exhaust analysis 

giving the unburned fuel mass and side reactions which will be later represented in chapter 3.3. The 

high fuel conversion rates for the 130 bar case between 98.9% and 99.0% for the λ = 1.0 to 1.5 (98.7% 

for the λ =  1.75) cannot be reproduced at lower compression pressures. As already mentioned, the 

test-bench has large crevice volumes of about 1% of the TDC volume. Therefore, a fuel conversion 

rate of 99% represents nearly complete conversion in premixed cases.   
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Figure 5: Apparent heat release rate (left) for 70 bar (top) and 130 bar (bottom) as well as mass fraction burned for 

both cases. All plots represent air-fuel-equivalence ratios between λ = 1.0 and λ = 1.75 (2.0). For the λ = 1.0 case at 

130 bar, the SOI had to be retarded from -10 to -7.5° CA to avoid knocking. 

The fuel conversion rates are in terms of mass fraction burned at 70 bar compression pressure is 

dropping earlier and faster to very low levels of 70% for λ = 1.75 resp. below 10% for λ = 2.0. Since 

these low fuel conversion rates are not acceptable in terms of fuel and cost effectiveness and emissions, 

such high air-fuel equivalence rates are only possible for full load operation of an engine at maximum 

boost pressure and compression temperature.  

The optically accessible test bench has the benefit of an observable combustion process and therefore 

both Schlieren images and the superimposed OH* chemiluminscence images for the mainchamber are 

shown in Figure 6. These image series allow to evaluate the earlier stated assumptions based on the 

pressure signal acquisition. Wheras the pre-chamber is operated at nearly constant air-fuel equivalence 

ratio due to its separate ammonia injector (resulting in comparable ignition delays in the pre-chamber), 

the main chamber represents a λ-variation between λ = 1.0 to λ = 1.75 for 130 bar. The hot reactive 

jet enters the main chamber slightly before -1° CA in all cases, whereas the cold jet consisting of non-

combusted fuel enriched gases enters the main chamber already around -4° CA. This fuel enriched 

zone is then ignited first by the hot jet, leading to a comparably higher heat release during flame onset 
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in the main chamber. This can be observed either in terms of the OH* signal (green) that rapidly 

increases between -1° CA and 0° CA, or in the Schlieren signal that shows a rapidly increasing surface 

area within the black border. The subsequent reaction rate can also be observed in terms of OH* 

chemiluminescence (green overlay intensity): Whereas the fuel rich cases show a strong color, the lean 

cases only show a relatively low OH* chemiluminescence intensity, leading to the assumption that the 

heat release rate must be low as well, which is confirmed by Figure 5.  

 

Figure 6: Image series with different air-fuel mixtures from λ = 1.0 to λ = 1.75 at 130 bar compression pressure and 

SOI = -10° CA showing superimposed high-speed OH*-chemiluminescence and Schlieren images for both main and pre-

chamber. The λ = 1.0 case shown here is a non-retarded cycle and features an SOI = -10° CA as well. Here pre-ignition 

can be observed at top left, knocking occurred later in the non-observable area. 

The directly observable phenomena were further evaluated using an in-house tool to calculate apparent 

flame speed saFP for both pre- and main chamber. Whereas the stoichiometric conditions within the 

pre-chamber are constant due to an increasing addition of NH3 for the leaner cases, a variation in flame 

speed within the pre-chamber is nonetheless observable, especially for the two leaner cases. A lower 

flame speed is connected to either leaner or richer conditions than λ = 1.0, since the flame maximum 

speed must be near λ = 0.97 [28]. 

Since the air-fuel equivalence ratio in the pre-chamber cannot be measured directly, an alternative 

procedure was chosen to achieve stoichiometric conditions. Thereby, the energizing time (ET) of the 

pre-chamber injector was chosen iteratively by varying the ET until the highest possible flame speed 

with the lowest cyclic fluctuations (corresponding with λ = 1.0) was achieved. This was double checked 

using the static fuel flow rate for the pre-chamber injector and the theoretical fresh charge fill volume. 

The inflow of fresh charge leading to dilution is a factor that could not be fully considered within this 

project since detailed LES-Simulations would be needed to address this problem. For the lean cases, 

the fuel admission must be started very early (near BDC) and hence fuel loss out of the nozzle adds 

an additional uncertainty that results in a residual variation of λ within the pre-chamber. These two 

effects are more pronounced for the lean cases since escaped fuel, or entrained air, have a huge impact 

on the stoichiometry. The saFP within the main chamber then shows the typical decreasing flame speed 

for leaner cases, which can be expected for ammonia as well as methane and other fuels [20]. The fuel-
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richer cases are showing a very high gradient in flame speed increase during flame onset within the 

main chamber. This can be seen in Figure 6 as well, where the flame front is propagating not only from 

top to bottom in front of the reactive jet, but also from the center towards the left and right side along 

the entrained jet, leading to a very large flame front and hence to a high flame front growth rate, 

resulting in the high gradient in saFP. At 130 bar compression pressure, the λ = 1.0 case shows a much 

lower flame speed (comparable to λ = 1.75 at 70 bar compression pressure) and a lower gradient. For 

this case the SOI within the pre-chamber had to be retarded from -10 to -7.5° CA to avoid knocking. 

The slower flame front increase is based on two main factors: the cylinder pressure and the turbulence 

level. Whereas the higher cylinder pressure leads to lower flame speeds, the turbulence level inside 

the main chamber drops as well, especially near TDC [9]. The start of jet entrainment is then further 

retarded due to a simultaneous drop in turbulence level within the pre-chamber. This effect is very 

pronounced towards TDC and already described in [20]. In Figure 7 bottom, left it is observable that 

the flame speed instantly increases after the spark at -10° CA for the corresponding cases, whereas 

the SOI of -7.5° CA leads to a slightly delayed increase in flame speed of around one degree since the 

already dropping turbulence reduces the reaction rate. In Figure 6 a non-retarded cycle of λ = 1.0 is 

compared with the other air-fuel equivalence ratios at 130 bar where it can be observed that the flame 

speed does not decrease to fuel leaner cases, rather it further increases, since the full burned zone 

reaches the walls earlier. This substantial higher flame speed within the main chamber is on the one 

hand coupled to the turbulence level before the jet penetration, and on the other hand coupled to the 

additional turbulence from the entraining reactive jet. The high velocity brings in a lot of turbulence 

and increases mixing and re-entrainment leading to elevated reaction rates. 



 
8th Rostock Large Engine Symposium 2024 

 

306 

  

Figure 7: Apparent flame speed (saFP) based on high-speed Schlieren measurements for the pre-chamber (left) and main 

chamber (right) for two different boost pressures leading to a compression pressure of 70 bar (top) and 130 bar 

(bottom). For the case with λ = 1.0 at a compression pressure of 130 bar, the SOI had to be retarded from -10 to -

7.5° CA to avoid knocking. 

The differentiation between flame speed within the combustion chamber and effective heat release 

(resulting in an increasing cylinder pressure) is very important. Figure 8 shows the apparent flame speed 

on the y- axis vs. the apparent heat release rate on the x-axis and attempts to clarify this. If there 

would be a linear dependency, all the points would be on a diagonal from the bottom-left to the top-

right corner. Nevertheless, the diagram shows another dependency: whereas the flame speed increases 

during the initial phase, the heat release rate does not increase in the same manner. In the beginning, 

the high flame speed due to jet turbulence is only present for a small proportion of the overall area. 

Therefore, the flame speed must be combined with the flame surface area to get a direct link to the 
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expected heat release rate. It is also very important to consider the combustion chamber shape as well 

as the position and number of the reactive jets from the pre-chamber to compare these results. 

 

Figure 8: The apparent flame propagation speed in the main chamber vs. the apparent heat release rate shows the 

dependency between flame propagation and effective heat release during flame onset and initial flame propagation. 

When looking at the 130 bar case for λ = 1.0 (Figure 8, right), three phases can be described. The first 

phase from 0 J/deg to 350 J/deg, the second phase from 350 J/deg to 460 J/deg and the third phase from 

460 J/deg to the end. In the first phase, the initial flame front is initiated by the reactive jet (flame onset 

in the main chamber) and rapidly increases in size, then the flame speed remains at a certain level. The 

second phase is dominated by the flame traveling deeper in the combustion chamber, and since the 

turbulence level decreases around TDC, the flame speed decreases further. The third phase shows a 

second large decrease in flame speed. This happens when the reaction zones hit the walls, where the 

flame speed drops to zero, and the flame can only travel towards the remaining unburned zones. The 

end of the combustion cannot be observed within the optical accessible area due to the combustion 

chamber shape.  

3.2. IMEP-variation by different cylinder charge conditions 

In this section, results from an intake pressure variation, similar to a load variation in a real engine, are 

presented. The intake pressure influences both compression and combustion pressure and hence 

results in different IMEP and output power of the test bench. In addition to the pressure variation itself, 

a λ variation is also performed within the operating limits of the test bench.  

In Figure 9 (left) cylinder pressure traces of a IMEP variation are shown at a constant λ for two high 

load points at IMEP = 26 bar and 20 bar, whereas a part load point with IMEP = 10 bar is shown as a 

comparison. All operating points have a similar compression end temperature and feature the same 

start of ignition at -10° CA. The high load point with 26 bar IMEP slightly exceeds the design pressure 

of the test bench (260 bar) but is still below the safety limit of 330 bar when the cylinder head lifts off 

due to the overpressure. Since the operation was very stable without any pre-ignition and abnormal 

combustion behavior, this high IMEP dataset has been considered as well.  

The corresponding pre-chamber pressure and the difference between pre-chamber and main chamber 

pressure is illustrated in Figure 9 on the right. The pressure difference between pre-chamber and main 
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chamber is targeted to be in the range of 10 and 20 bar for full load – a 4 mm single hole was found to 

be suitable for all experiments carried out. Whereas the high load points have a similar maximum 

pressure difference in the order of 16 to 17 bar, the part load operation would benefit from a smaller 

nozzle size to reach the same pressure differences. The pressure difference between pre-chamber and 

main chamber is the main driver for the penetration length of the reactive jet and therefore important 

for increasing the turbulence within the main chamber.  

 

Figure 9: Left: cylinder pressure traces for three different IMEP at constant λ (λ = 1.5) including the idle cycle (dotted 

line). Right: pressure difference from pre-chamber to main chamber for those operating points. 

The heat release rate for the 20 bar and the 26 bar IMEP load points are very similar in shape – only 

the level is slightly higher for the higher IMEP. This leads to a nearly identical shape of the mass fraction 

burned in Figure 10 (right). The fuel conversion rate is very high and in the range of 98.7 to 99.0% for 

all three experiments. The part load operating point with IMEP = 10 bar shows a slightly slower 

increase in heat release rate. The main reason is the reduced energy density, which results in colder 

in cylinder conditions during combustion and hence a reduced reaction rate. In addition, a smaller 

absolute heat release rate must be expected anyway since only about half the amount of fuel is 

contained in the cylinder at this load point. If the integrated heat release rate is normalized with the 

total fuel energy, then the result is quite comparable to the high load points – only a slight shift towards 

later crank angles can be observed. 
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Figure 10: Heat release rate (left) and mass fraction burned (right) for three different IMEP at λ = 1.5. 

In addition to the three already shown data sets for a constant λ of 1.5, the measurement matrix was 

extended to include a wider variation of boost pressures and λ. The results are summarized in 

characteristic combustion numbers in Figure 11 and Figure 12. The additional measurements resulted 

in IMEP between 5 bar and 30 bar (which is the highest IMEP achieved so far in the test bench). For 

each boost / compression pressure, λ was increased as long as the fuel conversion rate remained high 

(as discussed in 3.1). Consequently, at the λ resp. fuel conversion limit, a slightly decreased IMEP is 

observable for a compression pressure of 70 bar above λ = 1.5 and for 130 bar above λ = 1.7.  

The ignition delay shown on the right side of Figure 11 is an important characteristic number for 

designing the combustion process in an engine and therefore important to know for different fuel-air 

ratios in the desired load range. The ignition delay shown here is the delay between start of discharge 

of the spark plug in the pre-chamber and start of combustion in the main chamber (i.e. a certain level 

of the heat release rate). The presented ignition delay for the higher load cases of around 1.2 ms is 

quite low for such a coupled combustion chamber, especially since pure ammonia is used as fuel. The 

nearly constant ignition delay behavior in a wide range of air-fuel equivalence ratios for the 130 bar 

case is beneficial for the combustion control strategy. When running part load, the ignition delay 

increases drastically and therefore would need additional measurement points to fully characterize this 

load regime. Otherwise, the spark discharge timing can be delayed to achieve full combustion resp. to 

get the desired torque. The highest boost pressure setpoints, leading to a compression pressure of 

160 bar, have ignition delays below 1 ms. But, as already shown earlier, the ignition delay for the pre-

chamber configuration is very sensitive regarding the chosen the spark discharge timing due to its 

strong dependence on the (decreasing) turbulence level around TDC. 
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Figure 11: IMEP (left) and ignition delay of the main chamber charge (right) for a λ-variation at constant boost resp. 

compression pressure. 

Figure 12 illustrates the stochastic phenomena of this type of combustion. Where diesel-like 

combustion schemes benefit from a very low coefficient of variation (COV), pure Otto-Cycles are well 

known to deliver higher COV. For pilot ignited dual-fuel combustion the COV mainly depends on the 

pilot fuel amount, which stabilizes the main combustion. Since the pre-chamber ignited combustion 

scheme is a combination of a spark plug initiated combustion followed by a reactive jet ignition it can 

be expected that it results in higher COV. For the λ = 1.0 case regarding 70 bar and 130 bar 

compression pressure, the COV is quite low at 1% resp. 2.5%. In general, for the 70 bar case the COV 

remains at very low values of around 2% which is very good for this type of combustion scheme, 

especially for ammonia combustion. Higher boost pressures lead to higher COV since the local 

transport phenomena have more influence within the main chamber. For the highest boost pressure 

of 160 bar, abnormal combustion behavior with pre-ignition further increases the COV. The plot in 

the center of Figure 12 represents the knock intensity (KRAT) according to Siemens-VDO (which is 

used in AVL indicating systems as well), where knock intensities above two are interpreted as knocking 

cycles. The knock intensities for all cases are non-critical, but nonetheless need certain attention. 

Leaner cases also show relatively high knock intensities, which is not expected. This is due to pressure 

fluctuations within the coupled combustion chambers that form a mass-spring oscillating system, which 

results in pressure oscillations even without knocking. Therefore, an in-house approach specifically 

designed for this test bench is used to evaluate the real knocking influence including min and max levels 

of all cycles and is shown in the plot on the right side of the Figure 12. 
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Figure 12: COV (left), knock intensity according to Siemens-VDO algorithm (center) and noise intensity according to the 

FHNW algorithm (right). 

This so-called “noise intensity” calculates the intensity of stochastic noise above the normal noise level 

within the pre-chamber based on the pressure measurement. A reference window is used to 

characterize the amplitude of a pressure fluctuation from a non-knocking window, which is then 

compared to a pressure fluctuating coming from a higher-pressure gradient than during the initial flame 

propagation. This algorithm is very sensitive to knocking or hard combustion. A level of 100 % means 

that the combustion related pressure fluctuations correspond to a normal combustion. This algorithm 

shows the expected trend where fuel-air mixtures towards stoichiometric conditions should deliver 

the highest knock intensity levels. The maximum levels of the noise intensity was calculated to be 9% 

over standard pressure oscillation levels, leading to the assumption that only a very small share of the 

total fuel amount could have been combusted in a knocking manner.  

3.3. Emission characterization for a wide range of IMEP 

The emission characterization is an important task for all engine manufacturers to comply with current 

emission regulations. Since ammonia engines are intended to reduce the CO2 based GHG emissions, 

it is very important to reduce nitrous oxide (N2O) emissions to an absolute minimum level, since its 

GHG factor is nearly 300 times that of CO2. Because ammonia contains nitrogen in its molecular 

structure, NOx emissions are expected to be high as well. For an in-cylinder reduction of NOx, a 

stoichiometric or even slightly rich combustion can probably reduce NOx drastically since it provides 

a nearly identical pathway to reduce NOx as in an SCR after treatment system using urea. The emission 

measurements are shown in Figure 13.  
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Figure 13: Emission characterization for all presented measurements with a λ-variation at different boost resp. 

compression pressures. 

The measured N2O levels are largely independent of the load point but depend on the fuel-air ratio. 

They are also very sensitive regarding incomplete combustion. To achieve low engine-out N2O 

emissions therefore the engine should be designed to run at stoichiometric conditions, which is also 

favorable in terms of NOx emissions as well. The maximum NOx peak can be observed around λ = 1.2 

for the different boost pressures – comparably low emission levels can only be achieved when the 

engine runs around λ = 2.0. However, such high air-fuel equivalence ratios can be problematic 

regarding the fuel conversion ratio as shown in the previous section. The NH3-Slip, measured with the 

FTIR, supports this as well, shown in Figure 13 bottom left. NH3 emissions are problematic due to its 

toxicity, in addition even very low concentrations far below the tolerable exposure limits can be 

detected by the human nose. Futher, NH3 emissions directly increase the operating costs of the engine. 

Figure 13 bottom right represents the isocyanic acid (HNCO) emissions coming from the ammonia 

reacting with CO2. HNCO has been identified as a concern for human health and therefore gains 

certain attention. The levels for the full load cases are generally very low. The high value of nearly 

90 ppm for the 70 bar case at λ = 1.7 could be some misinterpretation from the FTIR since NH3 has 
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exceeded the calibrated range at this point, and a strong interference between HNCO and NH3 is 

evident. 

Running a commercial heavy duty ammonia engine at λ = 1.0 is certainly not an easy task. High in 

cylinder energy contents lead to high mechanical and thermal stress on materials within the engine, 

and the turbocharging systems must deal with high exhaust gas temperatures. Therefore, the exhaust 

gas temperature of each cycle has been measured with a 0.25 mm thermocouple in the exhaust to 

resolve the exhaust gas temperature. The measured mean values as well as the cycle-based min and 

max values are shown in Figure 14. High exhaust gas temperatures above 500 °C were measured in 

the near stoichiometric case. Then the temperature drops in function of an increasing λ, nearly 

independent of the load condition, which is expected since the exhaust gas temperature at constant 

SOI is mainly influenced by the air-fuel equivalence ratio itself. The plot on the right-hand side in Figure 

14 summarizes the dependency between NOx and N2O emissions but shows the emissions based on 

engine power in g/kWh. The best-case scenario for low NOx and low N2O emissions is still around 

λ = 1.0 or slightly below, whereas λ = 1.6 results in very high specific NOx emissions while already 

increasing the N2O levels to nearly 0.8 g/kWh. 

 

Figure 14: Exhaust gas temperature (left) for all presented measurement points, and the specific engine emissions N2O 

versus NOx for certain air-fuel equivalence ratios (right). 

These high levels in specific emissions make a suitable exhaust gas aftertreatment system mandatory. 

Therefore, several companies are working on new deNOx and deN2O SCR-systems to be ready for 

the new ammonia engine families.  

3.4. Abnormal combustion phenomena 

In a premixed cylinder charge, the abnormal combustion phenomenon of pre-ignition due to the self-

ignition of lubricating oil droplets intruding the combustion chamber and the resulting knocking is often 

encountered. This type of abnormal combustion phenomenon is characterized in particular by elevated 

peak combustion pressures, which results in exceptionally high mechanical and thermal loads on 

components. Another consequence of lubricating oil induced pre-ignition are increased emissions, 

especially of species exhibiting high temperature dependencies as it is the case with the formation of 

nitrogen oxides (NOx).   
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Figure 15 shows pressure traces (left) of a motored cycle (Idle, dotted line), a normal cycle not affected 

by pre-ignition at all (Normal, blue line, lower image row) and a cycle affected by lubricating oil induced 

pre-ignition (Preignition, red line, upper image row).  

 

Figure 15: Comparison of pressure development (left) and the corresponding optical measurements (right) for a critical 

pre-ignited, knocking cycle (bottom images) vs. a normal cycle (top images) for a cylinder charge with λ = 1.0.  

From the high-speed Schlieren recordings (right) it can be seen that a flame front originating from the 

self-ignition of lubricating oil already propagates from the bottom before the actual ignition in the pre-

chamber – the reactive jet from the pre-chamber enters the main chamber when a large part of the 

fuel has already been converted by the pre-ignition. It is well observable that the ignition jet propagates 

partly through already burnt zones and is consequently disturbed. Later, more flame kernels form in 

the unburned zone near the combustion chamber wall. Even though more lubricating oil droplets in 

the combustion chamber could be the source of those additional flame kernels, the already advanced 

stage of combustion can result in self-ignition of the premixed cylinder charge itself, whereby initial 

knocking can be indicated based on the multiple ignition locations. During this time, the cumulative 

flame front surface area and thus fuel conversion increases very fast compared to the normal cycle, 

which is clearly shown in the elevated pressure rise rate (left). The peak combustion pressure is approx. 

25% higher compared to normal cycles (at over 330 bar) due to the 5° CA earlier start of combustion 

in the case of pre-ignition. Such high combustion pressures can lead to severe damage and even failure 

of the engine under such operating conditions. Therefore, such pre-ignition events are considered 

critical and must be avoided. 

Figure 16 shows another measurement where the strong influence of the location of pre-ignition in 

the combustion chamber on the further course of combustion can be seen. The slight shift of the initial 

flame kernel towards the combustion chamber wall causes the pre-chamber ignition jet to penetrate 

into a completely unburned zone and thus not showing any interaction with the propagating flame front 

originating from lubricating oil induced pre-ignition. Due to the over 8° CA earlier pre-ignition initiated 

start of combustion compared to the time when the ignition jet enters the main chamber, the 

corresponding pressure trace shows a steeper rise at the beginning. However, due to the high 

penetration depth and ignition energy of the ignition jet and the associated large initial flame front 

surface area, regular combustion dominates and is responsible for the main part of fuel conversion. 

Such pre-ignition events do not overload the engine and are therefore not considered to be critical. 
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Figure 16: Comparison of the pressure development (left) and optical imaging (right) for a non-critical pre-ignited cycle vs. 

normal cycle for a cylinder charge with λ = 1.0.  

Due to the high fluctuation of the occurrence as well as the influence of the phenomenon on the 

combustion process, it advantageous to completely suppress rather than minimize lubricating oil 

induced pre-ignition, especially under such operating conditions.  

4. Conclusions 

High IMEP combustion of pure ammonia initiated by a reactive jet from a pre-chamber has been 

successfully carried out in the optically accessible Flex-OeCoS test facility for a variation of air-fuel 

equivalence ratios, boost/compression pressures and loads (IMEP), including a characterization of the 

corresponding exhaust emissions. The well-known boundary conditions of the test rig allow precise 

acquisition of pressure and temperature to enable thermodynamic analysis in view of ignition delay, 

reactive jet transition, heat release, and IC engine characteristic numbers such as mass fraction burned. 

Moreover, the optical accessibility of the Flex-OeCoS test facility allows simultaneous high-speed 

Schlieren/OH* chemiluminescence recordings of the combustion processes in the pre-chamber and 

main chamber. Based on these images, an apparent flame propagation speed could be calculated for 

both the main chamber and the pre-chamber. In addition, qualitative statements could be made about 

the observed pre-ignition events in the main combustion chamber. 

The variation of the air-fuel equivalence ratio between λ = 1.0 and λ = 2.0 gives a deeper insight into 

the λ-dependent amount of fuel mass burned, which for this combustion scheme is ideal in the range 

of λ = 1.0 to λ = 1.6 (slightly depending on engine load conditions), while higher loads allow a leaner 

combustion. Maximum fuel conversion rates of over 99% can be achieved, which is quite high for this 

particular test bench, which has a crevice volume in the order of 1% of the total combustion chamber 

volume.  

The ignition delay, measured between spark ignition in the pre-chamber and the start of combustion 

in the main chamber, is between 1.1 and 1.4 ms for a range of air-fuel equivalence ratios at full load 

(high boost resp. compression pressures), while at part load (low boost resp. compression pressure) 

longer ignition delays of over 2 ms are observed. The ignition delay is very sensitive to the start of 

ignition / spark ignition time in the pre-chamber, as it is strongly dependent on the level of turbulence 

in the pre-chamber, which decays rapidly towards top dead center.  
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The apparent turbulent flame propagation speed saFP, calculated from optical high-speed recordings, 

increases to more than 23 m/s for λ = 1.0 in the early flame propagation phase, which is very high 

compared to the laminar flame speed of ammonia (~ 0.018 m/s).  

The high-speed Schlieren/OH* chemiluminescence images optimally support the classical combustion 

characterization by pressure measurements and allow a spatially resolved, deeper insight into the 

ignition and combustion behavior. In addition, abnormal combustion behavior such as pre-ignition, 

misfiring and knocking can be directly observed and identified, which can be useful for improving engine 

designs or for the development of combustion models that can predict such behavior. 

The accompanying exhaust gas measurement completes the characterization of the ammonia 

combustion of the pre-chamber initiated combustion process. Nitrous oxide (N2O), a major pollutant 

in ammonia engine greenhouse gas emissions, must be closely monitored in the design of new engine 

families to fully realize the greenhouse gas reduction potential of ammonia engines against a methane 

burning engine. The N2O based reduction potential of an ammonia combustion using a pre-chamber 

as ignition source, based on the measurements in this paper, is shown in Figure 17 (excluding a potential 

post-engine N2O removal system).  

 

Figure 17: CO2 reduction potential of a pre-chamber ignited ammonia engine without exhaust gas aftertreatment system 

based on N2O emissions at different operating conditions. 

However, the promising results of over 90% greenhouse gas emission reductions comparing to a 

methane burning engine for operating points with λ ≤ 1.2 support further investigations. Especially the 

possibility of N2O catalyst systems should be considered. In addition, a diesel-like combustion scheme 

using a high-pressure direct ammonia injection in combination with a pilot injector is planned in 

comparison to the pre-chamber combustion concept presented here. Another study will investigate 

the addition of hydrogen to ammonia to facilitate the transition to completely carbon-free combustion. 
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Abstract 
The marine engine industry is betting heavily on the adoption of new fuels, such as methanol, to reach 

the decarbonisation targets recently made more ambitious by IMO. Direct injection of methanol is set 

to achieve the highest substitution rates, therefore minimising the amount of diesel needed to pilot the 

ignition of the main fuel and the associated emissions [1].  

However, this requires the design of large and complex dual fuel injectors capable to integrate in the 

same package both the diesel (for pilot and full backup power) and the methanol injection stages, which, 

in turn, requires significant modifications to the cylinder head. Furthermore, the pressurisation of 

methanol to direct injection pressure levels (around 600-700 bar) requires costly equipment not 

currently available at scale nor fit for integration in the engine room. For all these reasons, direct 

injection of methanol is mostly planned for new engine designs. 

On the other hand, if significant benefits in terms of reduction of utilisation of fossil fuels are to be 

reached quickly, port fuel injection of methanol at relatively low pressures (10-50 bar) promises to 

provide an easier, faster and more cost effective solution to convert the existing engine fleet. 

The paper presents the port fuel injector developed by OMT to answer the need of powering large 

medium speed engines with unit power up to 1200 kW/cylinder, and the challenges addressed during 

development. The main issue that such injection technology needs to address is to achieve a fine 

atomisation of the fuel, so that it can be transported by the charge air into the cylinder without wetting 

the intake manifold walls, without having the possibility to rely on a high supply pressure. Furthermore, 

direct actuation is required due to the need to avoid a methanol return line, posing challenges in terms 

of actuation forces, which should contrast the spring force needed to ensure proper sealing in between 

injections. These challenges are discussed in the paper and the technical solution identified to address 

them is presented. 

The article also presents the test setup devised to measure the spray characteristics and discusses the 

results of a Phase Doppler Interferometry (PDI) experimental campaign aimed at measuring spray 

parameters at different distances from the injector tip. Water spray data is provided in the present 

paper, and further tests are planned to characterise also the methanol spray with the aim of defining a 

correlation that could simplify further tests by running them with water only.  

https://doi.org/10.18453/rosdok_id00004648
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1. Introduction 

In July 2023 IMO raised the bar for the whole marine industry by revising its strategy on reduction of 

greenhouse gas (GHG) emissions from ships [2], which led to the definition of more ambitious targets 

aimed at reaching net-zero emissions by 2050. Considering the typical vessel lifespan of 30 years, it 

follows that the global fleet that will have to achieve this target will largely consist of vessels built 

already in the next decade. This consideration forced ship owners to think carefully about their next 

investments, and resulted in an increased pressure on vessel and engine designers to provide, in the 

shortest possible time, commercially-ready solutions able to operate with synthetic renewable fuels 

such as methanol and ammonia [3]. 

However, in the same strategic document, IMO also set GHG reduction targets for 2030 (-30%) and 

2040 (-80%), which are, in perspective, even more challenging to achieve as they can only be reached 

through a significant retrofitting of the existing fleet of vessels because the relative impact of newbuilds 

will be initially limited. It follows that the industry must support this additional market demand by 

providing cost effective and simple retrofit kits to rapidly scale up conversion projects, even if at the 

partial expense of maximum efficiency and GHG emission reduction. 

According to [4], methanol obtained from renewable sources will be available sooner than ammonia 

and, in perspective, prices of the two fuels in the future will be comparable. Furthermore, methanol 

toxicity is lower than that of ammonia. This, coupled with the fact that it is easier to handle because it 

can be stored in liquid state at ambient pressure, makes methanol the current fuel choice for 

conversion projects. 

Both lean-burn premixed combustion and diffusive combustion of methanol are technically possible. In 

the former, liquid fuel is introduced in the intake manifold through one or more port fuel injectors 

operating at fairly low pressure (10-30 bar) which are tasked with the atomization of the liquid jet so 

that the resulting droplets can be mixed with and transported by the air flow into the combustion 

chamber during the intake stroke. The air/fuel mixture is then ignited through a pilot injection of diesel 

fuel delivered by the standard injector used also for full diesel operation when methanol is not available.  

On the other hand, direct injection of methanol in the combustion chamber requires the integration 

on the cylinder heads of dedicated injectors operating at high pressure (typically 600 800 bar), and the 

installation of an expensive pumping system to pressurize the fuel. As the space on the cylinder head 

is already limited, the integration of diesel and methanol injectors into one object is very challenging 

and leads to custom-made and fairly expensive solutions. 

As reported in detail in [1] and [6], the direct injection technology is advantageous in terms of higher 

engine efficiency and fuel substitution ratio (i.e. smaller pilot injection quantities are required to ensure 

stable methanol combustion), when compared to port fuel injection. Additionally, the diffusive 

combustion approach limits the contact of unburnt fuel with cylinder liner walls, reducing issues related 

to engine oil contamination and piston/liner scuffing due to oil film breakup. 

Conversely, a port fuel injection system is simpler in terms of number and complexity of components 

and in terms of installation constraints, which makes it cheaper than a direct injection one, and thus 

ideally suited to retrofitting existing diesel engines. In order to support its customers on their path to 

decarbonization, OMT developed a methanol port fuel injector suitable to power the largest medium 

speed marine engines. The paper presents the challenges faced during design and how they were 



 
8th Rostock Large Engine Symposium 2024 

 

322 

addressed, as well as reporting injector performance data both in terms of dynamics and of spray 

quality. 

2. OMT Methanol Port Fuel Injector 

2.1. Injector architecture 

The injector is designed for a multi-point injection layout, i.e. with one injector for each cylinder, and 

for an engine power up to 1200 kW/cylinder. It is able to deliver the rated injected quantity of 

29000 mm3/shot in 80° CA for an engine speed of 500 rpm with a methanol supply pressure of 30 bar. 

A section view of the injector and of its main component is shown in Figure 1. To limit the complexity 

of the engine interface, the injector is directly actuated by a solenoid, so that fuel return or control oil 

feeding and return lines are not needed. All potential leakages are directed towards a dedicated line 

with a low positive pressure of nitrogen or in vacuum, to avoid the possibility of formation of an 

explosive mixture, making the injector ATEX compliant. Finally, an inbuilt flow fuse limits the injected 

quantity in case of malfunctioning. 

To maximize the atomization of the fuel with the limited differential pressure available, an outward-

opening poppet valve architecture was chosen: given the same fluid characteristics, injection pressure 

and downstream conditions, the size of the droplets is proportional to the characteristic dimension of 

the liquid jet forming at the nozzle outlet (see [7] and [8]). Although the injection duration is 

approximately three times larger than for the case of direct injection, due to the much lower supply 

pressure, a much larger fuel passage section is required. Therefore, for this particular application, an 

implementation similar to that of high-pressure injectors, i.e. with holes open in a sac downstream of 

the needle seat, would require a very high number of holes to obtain a comparable thickness of the 

liquid film of the one that can be created at the exit of a poppet valve. As shown in Figure 2, thanks to 

a particularly narrow and long exit section of the poppet, it is possible to generate a liquid film with a 

thickness of less than 0.6 mm, which, in turn, is able to generate a spray with very fine droplets. 

Moreover, for this layout almost all the pressure available is used to generate fluid velocity, while in a 

traditional architecture some pressure is lost at the needle seat, especially considering that the 

maximum stroke of the needle is limited by the magnetic force available at the solenoid. Another 

advantage of the outward opening architecture is that it is possible to balance the fuel pressure forces 

on the needle, so that the actuator needs to counteract spring and inertia forces only, limiting the size 

and cost of the solenoid and, consequently, those of the injector. Moreover, in this configuration the 

intake manifold pressure acts in the direction of closing the needle, increasing the force on the seat 

and providing additional robustness against injector leakage.  

 

Figure1: OMT PFI injector 

A possible drawback of this architecture is that it is not possible to orient the spray with respect to 

the injector axis. However, the spray cone angle was chosen to be large enough (120°) to minimize 
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the risk of fuel impacting the manifold walls. By mounting the injector with its axis almost perpendicular 

to that of the intake manifold, the relative velocity of the spray with respect to the charge air flow is 

maximised for the portion of the spray propagating upstream in the intake manifold, consequently 

increasing the atomization of the droplets, while for the remaining part of the spray the droplets can 

proceed along the manifold for a long path and have therefore enough time to evaporate before 

encountering obstacles.  

 

Figure 2: CFD simulation of the fuel motion at the injector exit in still air. Velocity field (right) and liquid fraction (left) 

2.2. Injector Performance 

A dedicated test bench (see Figure 3) was especially designed and procured to test and validate the PFI 

injectors. It allows injection of test oil or distilled water into a chamber filled with air at a configurable 

pressure, to simulate the actual injection condition of the engine intake manifold. Water temperature 

can be controlled up to 70 °C, to achieve conditions of similarity with methanol in terms of dynamic 

viscosity and vapour pressure, and hence properly validate injector operation in similar conditions of 

lubrication of the sliding components and cavitation onset as those in the field. Optical access to the 

spray chamber is allowed through a glass panel, so that investigation on the spray formation and 

evolution can be conducted in-house. The measurement is fully automated and it allows the acquisition 

of the mean injected mass and of the instantaneous needle lift, from which the injection rate shape of 

each shot can be reconstructed, allowing for the determination of the shot-to-shot dispersion of the 

injector.  
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Figure 3: PFI injector test bench (left), detailed view of the injection chamber (right) 

Figure 4 and Figure 5 show a comparison between experimental results and data obtained from a 

lumped parameter simulation of the injector, performed with GT-Suite. Given the quite low operating 

pressure range, the behaviour of the injector is significantly affected by the geometrical characteristics 

of the upstream feeding line, hence they were considered and included into the model. It can be 

observed that very good agreement between simulated and tested injector lift is obtained both for a 

rated injection (see Figure 4) and for a smaller injection quantity (see Figure 5). Moreover, it can be 

observed that a small part-to-part variation of injection performance was obtained, with a dispersion 

for a rated injection limited to ±2% of injected mass. 

 

Figure 4: Comparison of simulation data (black solid line) with experimental results of 6 different injectors (dotted 

colored lines) for a rated injection 
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Once the lumped-parameter model is validated, it is possible to perform a simulation of the injector 

performance on the engine, to account for the actual geometry of the feeding line. Figure 6 shows a 

comparison between simulated injector operation on the test-bench and in the engine layout. It can be 

noticed how the difference in the pressure fluctuations in the upstream line considerably affects the 

injection rate shape and the total injected mass, highlighting the need for a differentiation of these two 

operation conditions when validating experimental data. 

 

Figure 5: Comparison of simulation data (black line) with experimental results of 6 different injectors (dotted colored 

lines) for an injection equal to 30% of the rated injection 
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Figure 6: Simulation results considering the upstream feeding line of the test bench (solid line) vs. the actual engine 

layout (blue dotted line) 

3. Spray Analysis 

3.1. Experimental Setup and measurement procedures 

The injector was tested in a newly developed test bench, designed for droplet sizing and spray 

visualization of methanol sprays. The sprays can be measured in quiescent air at ambient pressure and 

temperature. The test cell shown in figure 7 consists of a stainless-steel tank, fitted with multiple 

windows for the Phase Doppler Interferometry (PDI) system and for the high-speed camera. While 

the measurement system is fixed in space, the injector is positioned by a 2-axis traverse, allowing 

measurements from 120 to 370 mm nozzle distance. 

Methanol or water is pressurized by an air-driven piston pump, allowing injection pressures of up to 

1000 bar. In this test setup with injection pressures up to 25 bar the fluid is stored in a pneumatic 

accumulator close to the injector with a volume of 0,46 liters. A high-speed pressure transducer, 

mounted between the injector and the accumulator, shows the effectiveness of the accumulator in 

limiting the pressure loss during the injection to 11%. 

After injection, the water or methanol mist is roughly separated from the scavenging air and then 

filtered using active carbon filters. The air scavenging flow in the test chamber is provided by a side 

channel blower situated behind the chamber. The test chamber pressure is kept very slightly below 

the atmospheric level as a part of the safety concept for confining the methanol vapors. The inside of 

the chamber is an explosion prevention zone.  
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Figure 7: Particle Distribution and Spray test bench for analyzing methanol sprays 

The droplet size measurements were carried out using an Artium Phase Doppler Interferometer. This 

system allows the measurement of velocity and diameter of droplets passing through the measurement 

volume. This volume of about 1mm³ is formed by the intersection of two laser beams. Droplets passing 

the measurement volume refract the fringe pattern of the laser beams into an array of three optical 

receivers. From the frequency of the signal and phase shift between the receivers, the velocity and 

diameter of the droplets can be calculated. [10] 

The system was operated using two optical setups and, initially, operating the injector with water at 

room temperature. A receiver focal length of 1000 mm was found to disregard droplets above 500 µm. 

As larger droplets are believed to be important in the practical application of the spray within the 

intake manifold, a second focal length of 2000 mm was employed to capture droplets up to 1000 µm. 

Comparing the results obtained with the two measurement configurations, it was found that the 

second setup disregards droplets below 80 µm. The resulting droplet distribution histograms obtained 

with the two setups are compared in Figure 8 for one operating point, and the filtering effects at both 

ends of the particle diameter range are clearly visible. The results of both setups were combined with 

an overlap of the distributions between 100 and 300 µm to yield the most accurate results. In this way, 

the resulting measurable droplet range was between 40 and 1000 µm. 

Finally, to gain a basic understanding of the spatial location and temporal evolution of the spray, high 

speed videos were captured of the entire spray cone and of the near nozzle region. For these 

measurements, a Photron Nova camera was used. The spray was illuminated from two sides by xenon 

light flashes. 
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Figure 8: Comparison of the probability distribution (PD) histograms for two PDI Setups. The 1000 mm lens was found 

to disregard droplets above 500 µm while the 2000 mm lens was found to disregard droplets below 80 µm 

3.2. Measurements results 

The temporal evolution of the sprays in Figure 9 shows an opening phase of the needle between 1 and 

3 ms after start of energization. In this phase a dominating instability frequency of the liquid sheet can 

be observed. At full needle lift water is injected with visibly stronger perturbations leading to a finer 

primary breakup. The cone half angle in the near nozzle region was measured to be 56,5°. 

The PDI measurements were performed at injection pressures of 10 bar and 25 bar, to match the 

pressure differential of 15 and 30 bar injection pressure and 5 bar counter pressure in the intake 

manifold. The measurement locations were set in polar coordinates as the distance from the nozzle 

and the cone half angle. The nozzle distances chosen for this investigation were 180 and 340 mm. The 

spray was scanned in 1° intervals from 52° to 58° half cone angle. Most measurements were performed 

in the middle of the spray at about 55° to obtain a large data base for the probability distribution (PD) 

analysis. The average droplet diameters were calculated individually for all spray positions and averaged 

with weights corresponding to the total volume of liquid measured at each location. 

The presented results are based on combined data from both focal lengths to provide good 

measurement accuracy at both ends of the size spectrum. Figure 10 visualizes the obtained particle 

distributions for all measurement locations across the spray in histograms. Three histograms appear 

to have an adequate resolution due to the large number of droplets measured. For the measurement 

point at 10 bar differential pressure and 340mm nozzle distance only a small number of droplet counts 

were obtained. It is likely that at this operating point the smallest droplets are underrepresented: the 

low spray velocity due to the low injection pressure combined with the large distance allows the 

smallest droplets to disperse over a large area and thus escape the measurement volume. For this 

reason, the results of this measurement point are not taken to be representative and are not further 

included in the comparison. 
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Figure 9: Spray evolution at 2 bar injection pressure in 1ms intervals after start of energization (asoe). Full lift of the 

poppet valve is reached after about 3 ms asoe. The measured cone half angle near the nozzle was 56,5° 
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Figure 10: Particle Distributions at 180 and 340 mm distance from the nozzle at 10 and 25 bar injection pressure. A 

wider distribution at the low injection pressure can be observed. The histogram at 340 mm and 10 bar is believed to be 

unrepresentative of the spray because of the low number of droplets and the atypical histogram shape 

A comparison of the mean diameters obtained is given in Figure 11. The Sauter mean diameter (SMD, 

D32) was chosen as spray metrics, because of its extensive use in characterization of fuel sprays. For 

25 bar of differential pressure, a distinct reduction in droplet diameter can be observed with further 

distance from the nozzle, and the SMD reaches a level of 192 µm at 340 mm from the nozzle. This can 

be explained by the droplet velocity: high droplet velocities lead to secondary breakup of larger 

droplets due to the aerodynamic forces. The driving non-dimensional parameter describing this 

instability is the Weber Number. As reported in [9], starting from a Weber number of about 12 bag 

breakup of droplets can occur, leading to a reduction of the mean diameter of a droplet ensemble. 

 

Figure 11: Resulting SMD for all operating points. The reduction of the diameter at 25 bar is likely due to secondary 

breakup.  

To visualize the influence of the velocity on the evolution of the spray, 2D histograms of droplet 

diameter and velocity are shown in Figure 12. In the top row, at 10 bar injection differential pressure 
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the larger droplets have a velocity of up to 30 m/s and hardly any droplets have Weber Numbers above 

12. On the contrary, as shown in the bottom left plot, at a differential pressure of 25 bar a significant 

number of droplets are in the region of secondary breakup. These break up and disappear going to 

340mm distance (bottom right), thereby lowering the mean diameter. Furthermore, the whole of the 

ensemble gets slowed down. These findings not only serve to explain the experimental results but also 

give insight into the benefits of high injection velocities and into the effect of aerodynamic forces onto 

droplet distributions. Considering that in the intake manifold the air velocity reaches up to 100 m/s, 

we can expect that, given the larger relative velocity of the droplets in respect with the surrounding 

air flow, an even larger portion of droplets would undergo secondary breakup, thus lowering the 

effective mean diameter of the resulting spray. Moreover, the lower surface tension of methanol would 

increase even more the Weber number, further decreasing the SMD of the spray in real operating 

conditions. 

  

 

Figure 12: Two dimensional histograms of droplet velocity and droplet size for all operating points. The colormap is in 

logarithmic scale to allow visibility of the scarce occurrences of larger droplets. The critical Weber number of 12 is 

plotted in the diagrams to indicate regions of secondary breakup towards high diameters and high velocities. 

4. Conclusions 

In this paper the design of the OMT methanol port fuel injector for engines with power up to 

1200 kW/cylinder has been presented and the main design choices illustrated. It was shown that, with 

an outward-opening poppet valve architecture, large volume flow rate can be achieved while keeping 

at a minimum the characteristic length scale of the injected fluid film, hence maximizing the quality of 

atomization. Measured injector performance matches well the simulated behaviour, and good injection 

repeatability was achieved. 

To characterize the spray generated by the injector, a new test bench has been designed and built at 

FVTR, allowing to safely perform PDI and other measurements with low viscosity fuels such as 
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methanol. Measurement results showed that the OMT injector is capable of generating a fine spray, 

with a SMD of about 200 µm at a distance of 340 mm from the nozzle when water is used as fluid. 

The next step is continuing the measurements across a larger number of operating points and locations, 

completing the characterization of the spray of the new injector and allowing to build a solid 

understanding of the atomization mechanism. Moreover, extending the measurement to the case of 

methanol injection will allow to understand the effect of the variation of fluid property on the spray 

particle distributions, to validate and tune existing correlation and scaling laws for this flow case, and 

to create a database for validating ongoing CFD simulations of the spray evolution. 
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Abstract 
The use of Liquid Natural Gas (LNG) as a fuel theoretically results in around 25% less CO2 emissions 

than a diesel engine equivalent. LNG can also be created from biological or synthetic sources as a 

carbon neutral fuel and there is a large existing onshore infrastructure, making LNG technologies in 

internal combustion engines a viable option for the road to carbon neutrality. The major problem with 

its use is methane slip – unburned fuel passing through the engine – as methane is also a greenhouse 

gas. Using direct injection prevents methane slip during valve overlap. In addition, direct injection can 

be used to target the fuel away from the cylinder walls and piston top land area, improving efficiency 

and reducing slip occurring due to incomplete combustion. Using a purely experimental approach it is 

nearly impossible to gain a thorough understanding of the mixture formation processes within the 

engine’s cylinder. However, through the use of validated Computational Fluid Dynamics (CFD) models 

these processes can be calculated, analysed and assessed for efficacy.  

A gas direct injector has been developed for use on a marine medium-speed dual-fuel methane/diesel 

engine. CFD was used to characterise the injector’s behaviour. The developed CFD models were then 

applied to the 1/34 DF engine and the mixture formation processes analysed. The series produced low 

pressure port fuel injector was also modelled and compared with the newly developed medium 

pressure direct injector. Injection strategies using medium pressure direct injection (MPDI) are 

presented and conclusions drawn as to the efficacy of using MPDI on a dual-fuel marine engine to 

reduce harmful greenhouse gas emissions.  

Direct gas injection on a four stroke engine of this size is very rare. Most manufacturers rely on low 

pressure port fuel injection, as high pressure direct injection (HPDI) is costly. Using medium pressure 

direct injection increases efficiency and power density at a lower price point than HPDI, offering a cost 

effective and advantageous solution to methane slip in the four stroke dual-fuel marine engine. 
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1. Introduction 

Global shipping continues to grow and the need for low emissions shipping with it. One method of 

cutting CO2 emissions by around 25% is the use of dual-fuel LNG/diesel engines, the benefit of LNG 

being the readily available on-shore infrastructure, the ability of adding drop in syn-LNG in any 

proportion and the unchallenging handling of the fuel. 

The main obstacle to the use of these engines is the issue of methane slip, where unburned methane 

enters the atmosphere, as methane has a global warming potential of factor 28 over 100 years in 

comparison to CO2. If this obstacle can be overcome, dual-fuel methane/diesel engines become a viable 

option for climate neutral shipping. 

Methane slip occurs in turbocharged port fuel injection (PFI) gas engines due to injected methane 

remaining in the intake manifold and being pushed through the cylinder and out of the exhaust during 

valve overlap. This form of methane slip is known as shortcutting. Another source is methane slip due 

to incomplete combustion of methane residing in crevices in the cylinder or flame quenching in near-

cylinder wall areas. Much effort has been spent on reducing these crevices to improve combustion 

efficiency, but the problem of methane shortcutting has not yet been properly addressed. 

One method of eliminating methane slip due to shortcutting is by the use of a direct gas injector. Using 

this technology it is possible to inject methane into the cylinder after exhaust valve closing, effectively 

eliminating methane shortcutting. This method has not been serially implemented up to now due to 

the higher costs required for the gas compression. In a world where emissions regulations are 

becoming increasingly stringent, perhaps it is time to review this strategy as a viable option. 

The TEME 2030+ project at the University of Rostock aims to show the potential of this technology 

using an experimental engine and a custom designed gas direct injector. 3D – CFD simulation supports 

the design of experiments and custom components for the engine. 

In this paper, different operating strategies are presented for using a medium pressure direct injector. 

These strategies are analysed using 3D – CFD simulations and compared with the serial low pressure 

PFI injection commonly found in engines of this type.  

The results of a cold flow simulation and low pressure PFI injection are fist presented. An approach 

for homogenous medium pressure direct injection is then examined before options for stratified charge 

operation are shown.  

The simulations show promising results for a low-methane slip operation with improved engine 

performance, paving the way for the experimental results to follow. 

2. Experimental Setup  

The experimental engine, injector and optical spray chamber used for injector analysis are presented 

here, giving an overview of the technology available to the TEME 2030+ project team. 

2.1. The Experimental Test Bed & Gas Direct Injectors 

The University of Rostock operates one of the largest single cylinder research engines in Europe. This 

medium speed dual fuel methane / diesel marine engine has a 34 cm bore and a rated power output in 

excess of 500 kW running at a speed of 720 min-1 (generator mode). The engine specifications can be 

seen in table 1. 
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Table 1: Technical data of the 1/34 DF single cylinder research engine 

Bore 340 mm 

Stroke 460 mm 

Displacement 41.76 l 

Compression ratio 12.75 - 

Rated speed 720 min-1 

Rated power > 500 kW 

Peak firing pressure > 200 bar 

Pilot fuel System Decentralised DUAP MPI-CR 

diesel injector, tilted by 6.5° 

- 

Max. pilot fuel Pressure 2200 bar 

Gas dosing system Woodward SOGAV 105 / 

DUAP Gas Direct Injector 

 

Max. gas Pressure 10 / 600 bar abs 

Max. charge air pressure 8.5 bar abs 

Load Management 

The engine’s drive shaft is connected to a 1.2 MW dynamometer to simulate load. The engine is 

controlled by a freely programmable research engine control unit (ECU) based on the National 

Instruments PXI platform, allowing online pressure indication and next cycle control. A measurement 

frequency of 1 Hz is used, with some measurements, such as the in-cylinder pressure, being taken at a 

frequency of 0.1° CA (crank angle degrees) and synchronized with the crank angle movement. The 

engine is operated on the generator curve (720 min-1) at different load points, this being the typical 

application for medium speed marine engines.  

Air System 

The experimental engine is supplied with compressed air at up to 8.5 bar which is regulated according 

to the load point of the engine based on the series engine’s turbocharger map. Steam can be added to 

humidify the dry compressed air. To simulate the respective back pressure of a serially produced 

turbocharger, a system of valves in the exhaust system are opened or closed according to the load 

point. These technologies allow a great degree of freedom in engine testing, as different turbochargers 

can be simulated by setting the charge air and back pressures accordingly. An experimental exhaust 

gas recirculation system (EGR) has recently been installed, allowing EGR rates of up to 30% at 100% 

load to be realised. An experimental canning for a methane oxidation catalyser (MOC) has also been 

added, with exhaust gas analysis points before and after the catalyser enabling the performance testing 

of MOC’s. The exhaust gas is analysed using a SESAM i60 Fourier transform infra-red (FTIR) 

spectrometer, whereby all relevant exhaust gas components can be measured. 
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Figure 1 represents the infrastructure of the engine test bed. 

 

Figure 1: Engine test bed infrastructure 

Fuel System 

The engine is fitted with a DUAP pilot fuel injector which is decentralised and located between the 

intake and exhaust valves. The injector is tilted to an angle of 6.5° to compensate for the decentralised 

position. The four hole nozzle is adapted accordingly. The pilot injector is fed by a common rail system 

operating at up to 2200 bar. The series engine is fitted with a Woodward solenoid activated gas 

admission valve (SOGAV) which is located in the intake port and fed by a gas compressor, allowing a 

maximum gas pressure of 10 bar for port fuel injection (PFI). The natural gas used is taken from the 

national grid and fed into a mixing unit where propane (C3H7) and carbon dioxide (CO2) can be added, 

changing the lower heating value and the methane number in order to simulate worldwide LNG 

qualities. It is also possible to mix in Hydrogen gas (H2) and experiments have been carried out up to 

a substitution rate of 80vol%. A novel gas direct injector (DI) was developed within the TEME2030+ 

project and is mounted centrally in the cylinder head, seen next to the tilted diesel injector in figure 2. 
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Figure 2: Gas direct injector & DUAP MPI-CR injector in cylinder head 

The centrally mounted gas injector was designed by ITAZ GmbH on behalf of DUAP AG using gas 

simulation calculations over the entire scope of engine operation. 

Table 2: Injector Parameters 

Cylinder power 450 kW 

Standard operating gas pressure range 50 - 80 bar 

Maximum gas pressure limit 100 bar 

Gas injected at 100 % engine load 4000 mg 

Max. injection duration 80 ° CA 

Min. injection duration 7 ° CA 

Number of injections per combustion 

cycle 

1 - 2 - 

Outer diameter 75 mm 

Valve diameter 25 mm 

Total injector length 475 mm 

Injector weight 22 kg 

The gas direct injector is of an outward opening poppet valve type, producing a wide angled hollow 

cone jet. A jet-forming ring can additionally be installed which bundles the gas into a narrow angled jet. 

The operating parameters of the injector can be seen in table 2. 

The injector is designed for methane or propane gas but addition of hydrogen up to 30vol% is also 

permissible. Up to 4 g of methane can be injected in up to 80° CA at a gas pressure of 50 to 80 bar at 

nominal engine speed. The minimum injection duration is 7° CA allowing 2 injections per combustion 

cycle, if required. 

2.2. High Pressure High Temperature Optical Spray Chamber 

The University of Rostock also operates a high pressure high temperature optical spray chamber. This 

consists of a heated and pressurized chamber with a large quartz window. Fuel Injectors are analysed 

using schlieren photography, whereby changes in the fluid’s refractive index are made visible. As 



 
8th Rostock Large Engine Symposium 2024 

 

339 

changes to the density directly impact the refractive index of a fluid, this system is also suitable for 

analysing the flow emitting from a gas injector. 

Collimated (laser) light is shone against a mirror at the back of the chamber, where it is reflected back. 

Changes in the density of the fluid in front of the mirror cause rays to be diffracted. A filter positioned 

at the reflected light’s focal point is used to filter out the original collimated light, leaving the diffracted 

light to be photographed and hereby make the changes in density visible. 

Figure 3 shows the University’s optical spray analysis lab and the two measurement positions that will 

be used to analyse the newly developed gas injector. 

 

Figure 3: Optical spray analysis lab (left), high pressure high temperature optical spray chamber with gas injectors (right) 

This spray chamber was also used for the optical measurement of the diesel pilot injector used in this 

project.  

3. CFD Model 

In order to predict the behaviour of the newly designed injector on the serial engine, a CFD model 

was developed in AVL Fire. Details of the cylinder mesh, system of equations and solver settings can 

be found in the following section. 

3.1. Cylinder Mesh 

Structured meshes of the engine’s combustion chamber, including intake port, SOGAV, exhaust port 

and centrally mounted gas direct injector were created using AVL FAME software. The combustion 

chamber was modelled completely as the cylinder design does not allow for a symmetrical slice 

approach. The piston top land and threaded hole in the piston centre which is used for installing the 

piston crown were also modelled as these are recesses in which unburned methane could reside and 

escape from. Only the valve and nozzle region of the gas injector was modelled, as this has the most 

influence on the form of the gas injection. Local refinements were added to the near-valve area. The 

meshes were further refined to correctly resolve the piston top land area and using a time dependent 

refinement for the diesel spray. A sensitivity study was carried out to determine the most appropriate 

cell size. 

Three cell sizes were chosen, 6 mm for coarse, 4 mm for medium and 3 mm for the fine mesh, resulting 

in maximum mesh sizes of approximately 1 million, 2 million and 4 million cells respectively. Choosing 

a smaller cell size results in higher accuracy but at the cost of computational speed, as more time is 

required to compute the conservation equations for every cell.  
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Comparison of the gaseous penetration length for the three cell sizes revealed 4 mm to be the most 

appropriate, as choosing a smaller size results in only a minor change in result, with 4 mm guaranteeing 

a high degree of accuracy with lower computational time requirements than the fine mesh.  

A sample mesh can be seen in figure 4. 

 

Figure 4: Mesh details showing a) complete mesh (left), b) central cut through mesh (centre) and c) detail of the gas 

direct injector (right) 

As can be seen, the injector nozzle area is very highly refined in order to correctly resolve the sudden 

expansion of highly compressed gas in the combustion chamber. The resulting cell sizes are 0.25 mm 

around the injector and 0.0625 mm in a thin band at the exit from the valve seat gap. 

3.2. System of equations 

The AVL FIRE M solver was used to solve the Reynolds averaged Navier Stokes (RANS) conservation 

equations for mass, momentum, energy and concentration. Turbulence is modelled using the 𝑘 − 𝜁 −

𝑓 model, a more computationally robust 𝑣2̅̅ ̅ − 𝑓 model, according to Hanjalic, Popovac and Hadziabdic 

[1]. Due to the high pressures and temperatures within the combustion chamber, the ideal gas equation 

of state (EOS) has been replaced with the Peng Robinson EOS. 

These equations are solved iteratively for every cell of the mesh at every time step to find an 

appropriate numerical solution and calculate the flow using RANS and the 𝑘 − 𝜁 − 𝑓 modelled 

turbulence. 

3.3. Solver settings and Parameters 

The results presented in this paper arise from unsteady, variable time step simulations. The time step 

was set to 0.5° CA and reduced to 0.1° CA for the injection period using a ramp-up /ramp-down to 

retain stability. The lower time step was informed by a sensitivity study which was carried out to assess 

the effect of the time step on the penetration depth. 

The calculations were started shortly after exhaust valve opening, allowing exhaust, intake, 

compression and power strokes to be simulated. The necessary boundary conditions such as wall 

temperatures and pressures in the inlet/outlet/cylinder were generated from experimental data and 
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0D/1D simulations. Wall temperatures were set as constant and the walls were treated as non-slip in 

nature.  

The mesh size ranges from 603 000 to 4 million cells depending on the level of refinement (which 

increases during injections) and the simulated position of the piston. Two boundary layers of 0.2 mm 

thickness were used to correctly resolve the near wall flow field. During gaseous injection, three finer 

boundary layers of 0.05 mm thickness are employed due to the high velocity gradient in the wall layers 

in the direct vicinity of the gas injector. 

The gas injection is calculated using a mass flow through the injector’s boundary wall. The mass flow 

is ramped up and down to represent the opening and closing behaviour of the injector. In line with the 

injector’s specifications, a 30° CA injection duration was chosen for the gaseous injection. 

The diesel pilot injection is treated as diesel EN590 while liquid, evaporating to n-heptane for the dual-

fuel combustion model. The discrete droplet mechanism is used, solving differential equations for 

trajectory, momentum, heat and mass transfer of individual parcels of droplets entering the domain 

through the nozzle inlet. The droplets are tracked in the Lagrangian manner after an initial blob 

injection. The Schiller-Naumann [2] drag law has been applied and the Dukowicz evaporation model 

[3] is used. The initial droplet diameter is set as the diameter of the nozzle hole. Diesel parcels are set 

to stick to walls and follow a wave-tab secondary breakup scheme. The injected mass is divided into 

100 000 parcels over the duration of injection. The diesel spray’s breakup length was parametrized by 

the injector specific breakup time coefficient, based on measurements from previous testing in a high-

pressure high-temperature spray chamber. 

4. Results 

4.1. Validation of the Diesel Spray Model 

A separate mesh was created to represent the high-pressure high-temperature spray chamber in which 

the diesel injector was previously tested (see 2.2), using the same mesh generation parameters as for 

the cylinder mesh. 

The chamber pressure and temperature used in the high-pressure high-temperature spray chamber 

represent those found in the real combustion chamber at 44° before top dead centre (b.TDC), the 

timing of the diesel pilot injection. The 75 mg diesel injection is equivalent to the amount used in engine 

testing at full load, ensuring that the results from the spray test and simulation are directly transferable 

to the full engine model. As the injector has an asymmetric spray, the entire spray chamber was 

modelled. The mesh size was 2.2 million cells. The injector specific breakup length parameter was 

varied in a series of simulations to fit with the experimental results. The best fit being found at a value 

of 260, as can be seen in figure 5. 
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Figure 5: Comparison of Simulated and Experimental Diesel Penetration, liquid phase 

The simulated diesel penetration follows the experimental well from the start of actuation, although 

there are anomalies in the experimental results due to the movement of the physical needle, meaning 

that the mass flow is not constant as in the simulated results. This explains the slight over- and under-

shooting up to around 2.6 ms. 

Following this initial period, the simulated results overshoot the experimental results. This is to be 

expected, as information about all injected parcels is stored and the maximum penetration calculated 

from this information. The optical measurement equipment, however, cannot track every single 

droplet, meaning that the simulated penetration length is expectedly higher than the experimental. 

There is, however, a large discrepancy in the evaporation of the diesel, seen in the experiment at 

around 4.3 ms after the start of actuation. By 4.6 ms all the diesel has evaporated, seen in the fact that 

the liquid penetration length is zero. In the simulated result, a significant amount of the diesel remains 

liquid, evaporating much later than in the experiment.  

The form of the diesel spray was also well reproduced by the simulation, as can be seen in figure 6. 
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Figure 6: Comparison of experimental diesel sprays (shadowgraph, white, above) with simulated spray results, visualized 

using density (lower row) 

There is more turbulence to be seen on the shadowgraph outline than is evident in the simulation, the 

reason being that the simulated results consist of droplets and not of a sheet-like diesel front which is 

perturbed by the surrounding air. The central portion of the diesel sprays are missing in the 

shadowgraphs as the mirror is obscured by the injector in this location. 

The simulated results show good agreement with the measured ones, allowing the spray model to be 

successfully validated. 

4.2. Validation of the CFD Engine Model by Cold Flow Simulation 

A cold flow simulation consisting of exhaust, intake, and compression stroke was carried out and the 

resulting pressure trace compared with the measured pressure trace from the experimental engine. 

The results are shown in figure 7. 
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Figure 7: Comparison of experimental and simulated cylinder pressures 

In general, the simulation produces good results and a very comparable pressure trace. The simulated 

results are not as highly refined as the experimental ones, resulting in the slightly more jagged 

appearance of the pressure oscillations between 170° CA and 540° CA after top dead centre (a.TDC). 

In the simulated result, pressure is lost more rapidly through the exhaust valve, as seen between 170° 

CA and approx. 240° CA. From around 640° CA, the simulated cylinder pressure is higher than the 

experimental results. A comparison of the mesh volume at bottom dead centre (BDC) and top dead 

centre (TDC) confirmed the accuracy of the mesh, giving a simulated compression ratio of 12.7495 in 

comparison with the experimental engine’s 12.75.  

At 710° CA a.TDC, the simulated cylinder pressure is 3.72 bar higher than the measured pressure. 

The simulation does not take blowby and leakage into account, however. An overall leakage of 3% 

cylinder mass would lead to a pressure drop of 3.3 bar. This leakage is high, but not impossible taking 

all the leakage sources into account. Another explanation for the discrepancy is the engine’s 

compression ratio not being quite as stated in the specifications. A combination of these two factors 

and the low level of discrepancy accompanied by the comparability of the pressure traces make the 

simulated results feasible.  

4.3. In Cylinder conditions 

An understanding of the in cylinder conditions is essential in order to fully understand the mixing 

processes, as turbulence, tumble, swirl, and cylinder filling all have a role to play. 

Analysis of Gas Exchange 

The gas flow during the exhaust stroke, valve overlap and intake stroke is analysed using a series of 

plane cuts as shown in figure 8. 
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Figure 8: Position of cutplanes for analysis of gas exchange 

A cutplane is laid through the centre plane of the two intake valves (cut I – I) and another through the 

central plane of the exhaust valves (cut E – E). Two further cuts are placed through the central plane 

of the cylinder, intake and outlet valves (cuts I – E i and I-E ii). 

The simulation was started with a stationary flow field at 550° CA b.TDC, within the exhaust stroke. 

The upwards movement of the piston and the pressure difference between cylinder and exhaust 

manifold give the potential required to start the flow through the exhaust valves.  

At this point the exhaust and cylinder are filled with exhaust gases. The mass fraction of CO2 is 0.071, 

as expected for an air-fuel ratio (𝜆) of 2.2. The flow field demonstrates a relatively uniform character, 

the flow being oriented bottom to top and with a slight tilt towards the open exhaust valves.  

These characteristics continue up the opening of the intake valves at 404° CA b.TDC. By this time, the 

exhaust valve is well opened, the intake valve is just opening. The flow field is still directed towards the 

exhaust as the intake valve opens. The highest velocities arise in the narrow intake valve seat gap. The 

fresh air entering the cylinder is entrained in the exhaust gas flow. In a turbocharged dual fuel engine 

with PFI, methane slip by shortcutting during valve overlap would occur here, as the fresh air and 

methane retained in the intake manifold is carried into the exhaust manifold. The exhaust valve closes 

at 326° CA b.TDC, shown in figure 9. 
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Figure 9: Flow field and CO2 mass fraction at exhaust valve closing, cutplanes I – E 

There is a small amount of exhaust gas that cannot escape the cylinder and is retained in the piston 

bowl below the exhaust valves. The red areas of the cutplanes indicate cells where the mass fraction 

of CO2 is 0.005 (0.5%) or higher. This is caused by the flow emanating from the intake valves pushing 

the exhaust gas into this pocket while fresh air bypasses the cylinder. Vortices are also observed under 

both intake and exhaust valves. The flow field at intake valve closing is shown in figure 10. 

 

Figure 10: Flow field and CO2 mass fraction at intake valve closing 

The remaining exhaust gas is quite well dissipated by now, although the mix is not completely 

homogenous. As the intake valves close, the overall velocity of the incoming fresh charge is reduced, 

creating less dense and slower moving vortices. The highest velocities are found in the intake valve 

seat gaps and at the meeting of two downwards directed flows in cut E - E, creating two opposed spin 

vortices. The spin on the right hand side of cut E - E is largely counter clockwise, on the left hand side 
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mainly clockwise. This flow pattern is also represented on the intake side, as seen in cut I – I. This 

omega tumble can also be observed in the intake – exhaust cutplanes, not shown here. 

Swirl 

Cutplanes across the z-axis were also taken through the cylinder, 30 mm below the head. This position 

was chosen as it is within the engine’s clearance volume, making it visible at any engine operation point. 

The results of the flow field and EGR mass fraction analysis can be seen in Figure 11. 

 

Figure 11: Cross-cylinder and swirl flow 

Between 545° and 404° CA b.TDC cross flow from the intake side of the cylinder (bottom of circle) 

to the exhaust side (top) can be observed. This has a uniform direction, whereas the flow patterns 

shown from 326° b.TDC exhibit different behaviour. At exhaust valve closes (326° b.TDC) there is a 

central flow from intake to exhaust side, a counter clockwise flow on the right hand side and a 

clockwise flow on the left hand side which converge in the middle and slightly to the left of the mid-

point of the two exhaust valves. At IVC (205° b.TDC) the flow seems to exhibit a low velocity omega 

swirl form, with the fresh air flowing along the sides of the chamber (right hand side: counter clockwise; 

left hand side clockwise) and returning in the middle (top to bottom). 

Having now analysed the flow processes, the serial low pressure PFI operation is compared with 

alternative operation strategies using a medium pressure direct injector. 

4.4. Low pressure PFI Operation 

The serial low pressure PFI mixing process is examined here, allowing a comparison between 

conventional operation and operation with a medium pressure direct injector. The simulation was 

based on experimental results at 100% load. The mean indicated pressure was 20.4 bar, the charge air 

pressure 4.03 bar. The intake and exhaust pressure traces were used as boundary conditions for the 

inlet and outlet. 
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Figure 12 shows the location of the cutplane used for the examination of the PFI mixing process. 

 

Figure 12: Location of cutplane for the examination of the low pressure process 

A cutplane is taken across the two intake valves and the intake manifold including the SOGAV injector, 

showing the mixing of methane and air in the intake port and the admission of this mixture into the 

engine’s cylinder. 

In the low pressure process, methane is injected into the intake stroke between 361° b.TDC and 

296° b.TDC, as seen in figure 13, visualised by the mass fraction of methane. 

 

Figure 13: Injection of methane using a SOGAV injector at 100% load 

At 361° b.TDC, the SOGAV injector is opened, admitting methane into the intake port. It takes around 

20° CA for the methane to reach the left hand intake port, shown here at 339° b.TDC. The fuel travels 

through the intake manifold in a tight tube-like formation, primarily entering the combustion chamber 



 
8th Rostock Large Engine Symposium 2024 

 

349 

via the left hand intake valve, as shown at 296° b.TDC. The majority of methane is admitted via the 

intake valve closest to the intake manifold (left hand side). This behaviour is corroborated by 

independent simulations of the M34DF mixing process in [5], who found that 63% of fuel was admitted 

via the intake valve closest to the intake manifold – in figure 13 the left hand valve. Towards the end 

of injection, methane predominantly enters the cylinder on the left hand side of the left hand valve, 

travelling along the cylinder wall and into the piston bowl. Although the injection is completed at 

296° b.TDC, methane from the intake port continues to enter the cylinder. This has largely ceased by 

245° b.TDC. Fuel gas however still remains in the intake manifold and SOGAV bores until intake valve 

closing at 205° b.TDC. This methane will remain in the intake manifold until the next cycle, where it 

could be lost as methane slip though the exhaust valve during valve overlap. At 180° b.TDC, the 

mixture appears quite well homogenised, with a slightly richer area on the side of the cylinder closest 

to the intake manifold. Further homogenisation will take place in the compression stroke, as shown in 

figure 14. 

 

Figure 14: Homogenisation in the compression stroke, low pressure SOGAV operation 

Here, cutplanes across the intake and exhaust are shown, revealing the air/fuel ratio (lambda) 

throughout the cylinder. At 180° b.TDC the mixture appears heterogeneous, especially in the cutplane 

I – E ii. The rich area shown on the left of the plane corresponds to the area of high methane 

concentration under the intake valve closest to the intake manifold as seen in figure 13. Both cutplanes 

exhibit a diagonal flow from top to bottom which develops into vortices that spin in differing directions, 

further homogenising the mixture. By 10° b.TDC, these vortices have disappeared and a more linear 

flow, normal to the piston bowl is observed, moving upwards to the cylinder head. The mixture is well 

homogenised, although a slightly richer area remains under the intake valve in cut I – E ii. 

The homogenisation is made further visible in figure 15. 
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Figure 15: Lambda distribution at 180° and 10° b.TDC, low pressure SOGAV operation 

These plots reveal the lambda value of each cell in the simulation. The cells were weighted by mass to 

counteract the effects of differing cell sizes in the domain and in the two different meshes show. From 

this information, the probability of lambda being a certain value can be ascertained, as is shown in figure 

15. The red dashed line in the right hand plot indicates how a near - perfect homogenisation would 

appear, with nearly all cells having the global lambda value of 2.2. At 180° b.TDC, the lambda values 

range from 1.2 to 3.6. The distribution exhibits a peak at al lambda value of 2.1, with 8% of cells having 

this value. The results of the homogenisation processes during the compression stroke can clearly be 

seen at 10° b.TDC, where 31% of all cells in the domain are filled with a mixture of air and fuel at 

lambda 2.1. The span of lambda values has decreased, the lowest lambda value being 1.6, the highest 

being 2.4. The mixture is well, although not perfectly homogenised before the start of combustion 

which took place at 5° b.TDC in the experiment. 

The following section examines if a similar level of homogeneity is possible using a medium pressure 

direct gas injector. 

4.5. Homogenous Medium Pressure DI Operation 

One of the main benefits of using direct injection is the possibility of eliminating methane slip resulting 

from methane residing in the intake manifold being lost through the exhaust valve during valve overlap. 

Using direct injection after exhaust valve closing results in extremely low levels of methane in the 

intake, as a minimal amount of the fuel adheres to the cylinder head due to the coandă effect and can 

enter the intake manifold towards the end of the intake stroke where the pressure difference between 

intake and cylinder is not so high. 

If the injection window takes place after intake valve closing, methane in the intake manifold can be 

avoided altogether. This comes at the price of time available for homogenisation and the inability of 

using the turbulence in the intake stroke to homogenise the mixture. 

In order to highlight the differences and benefits of medium pressure direct injection, simulations were 

carried out at 100% load, using the same boundary conditions as for low pressure SOGAV operation. 

Table 3 shows the injection parameters used for the two simulations. 

 



 
8th Rostock Large Engine Symposium 2024 

 

351 

Table 3: Injection parameters for medium pressure direct injection 

Parameter Simulation 

1 

Simulation 

2 

Unit 

Engine operating point 100 100 % 

Start of injection 320 205 ° b.TDC 

Injection duration 30 30 ° CA 

Injected methane mass 3550 3550 mg 

The start of injection in simulation 1 is 320° b.TDC, 5° CA after exhaust valve closing, ensuring no 

methane is lost through the exhaust valve. 

The start of injection for the serial low pressure SOGAV operation is 361° b.TDC. For simulation one, 

this means that 41° CA are lost for homogenisation processes. However, the injection takes place 

more rapidly, ending only 5° CA after the SOGAV injection. The injected methane mass for SOGAV 

operation, simulation 1 and simulation 2 is identical. 

In simulation 2, methane is first injected when the intake valve is closed, meaning a loss of 156° CA for 

homogenisation.  

The direct injector is provided with a jet-forming ring. The following simulations were performed 

without this ring, allowing a higher homogenisation due to the wider spread of the hollow cone 

methane injection. 

Figure 16 shows the injection of methane into the cylinder for both simulations. 

 

Figure 16: Direct injection of methane into the engine cylinder 

In both scenarios, the fuel begins to propagate as a wide ring injection before collapsing to a narrow 

jet due to the area of low pressure underneath the poppet valve. This behaviour of gas injection from 

a poppet style valve is corroborated by [5]. The later injection (simulation 2) takes slightly longer to 
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collapse, in this case around 5° CA. In simulation one, the incoming stream of intake air deforms the 

jet, causing it to initially bend away from the intake valve. This also results in an earlier collapse, only 

4° CA after SOI. Due to the piston position at the time of injection, the fuel hits the piston bowl earlier 

in simulation one, after which it follows the contour of the bowl towards the cylinder walls. The 

required injection pressure for both scenarios is 53 bar. 

The benefit of fuel injection during the intake stroke (simulation 1) is that the turbulence created by 

the inflow of air through the intake valve can be utilised for the mixing of air and fuel. The disadvantage 

is the possibility of methane entering the intake manifold. The simulation revealed that a mere 

9.14  x10-12 mg of methane are present in the intake manifold at intake valve closing, a negligible 

amount, making this a viable injection strategy for medium pressure operation. Figure 17 shows the 

homogenisation during the compression stroke. 

 

Figure 17: Cutplanes showing lambda during the compression stroke, Injection 320° - 290 °b.TDC  

These cutplanes show the air/fuel ratio, lambda, at the start and end of compression. At 180° CA the 

mixture of gas and air is already well mixed due to the turbulence of the intake air flow. There are lean 

areas under the intake valve furthest from the intake manifold and under the exhaust valve furthest 

from the exhaust manifold. Although the mixture is well homogenised by 10° b.TDC, these areas 

remain slightly leaner. The flow patterns are similar to those found in the low pressure SOGAV 

operation, although not identical. The degree of homogenisation can be seen in figure 18. 

 
Figure 18: PDF of lambda at the start and end of compression, injection 320° - 290° b.TDC 
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Although homogenisation is evident, the mixture is more heterogeneous than with low pressure 

SOGAV operation due to the lesser time available. At 10° b.TDC, 19% of cells in the simulation have 

a lambda value of 2.1 in comparison to the 31% found in the simulation with SOGAV injection. Lambda 

ranges from 1.7 to 3.0, meaning that the mixture is easily combustible however.  

In simulation 2, fuel was injected after intake valve closing in order to eliminate methane entering the 

intake manifold. This makes for a greater heterogeneity, as seen in figure 19. 

 

Figure 19: Cutplanes showing lambda during the compression stroke, Injection 205° - 175 °b.TDC  

At 180° the gas injection is still taking place, shown by the incredibly rich area emanating from the 

centrally mounted gas injector. The downwards directed injection has a strong effect on the cylinder 

flow, making the flow field much different than previously observed. The gas and air mixture moves 

downwards until the piston bowl is hit, where it recirculates upwards before being re-entrained in the 

downwards flow. The mixture at 10° b.TDC is significantly more heterogeneous. The areas under the 

intake valves are leaner, whereas a richer mixture is found under the exhaust valves. These findings 

are reciprocated by the lambda distribution plots seen in figure 20. 

 

Figure 20: PDF of lambda at the start and end of compression, injection 205° - 175° b.TDC 

The lambda distribution at 180° CA b.TDC reveals that no significant mixing has taken place during 

the injection. The cells are divided into extremely rich (5.5%) and extremely lean areas (80.5%). The 

remaining 14% represent cells where some mixing has occurred. The compression stroke is now the 
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only time available for mixing, resulting in a lower degree of homogenisation as seen at 10° b.TDC. 

Although there is a small peak (3.6% of all cells) at the lambda value 2.0, lambda is well distributed 

between 1.3 and >5. The lambda values are however generally within the combustibility limits for 

methane. Due to the increased number of rich cells and the heterogeneous mix, engine knock could 

become more prevalent using this injection strategy. A proved method for controlling engine knock is 

the use of stratified charge engine operation modes. 

4.6. Stratified Charge Operation 

Two stratified charge modes are presented here. The first, known from spark ignited engines to combat 

engine knock, consists of an early injection to create a lean homogenous mixture, followed by a late 

injection creating a rich area in the centre of the piston bowl. The homogenous mixture is too lean for 

knock to occur. Combustion speed is increased when burning from rich to lean areas ensuring the 

fuel-air mix burns throughout. It is beneficial that the fuel is more centred within the combustion 

chamber, meaning that less wall quenching occurs. 

The second method consists of injecting the entire fuel in a late injection and trapping it within the 

piston bowl and centre of the cylinder.  

Both methods are useful for reducing methane slip, as there is less wall quenching. 

In order for these methods to work, a suitable piston crown must be chosen that is able to retain the 

fuel in the centre of the cylinder. One such piston geometry, an experimental high-squish piston 

available at the University of Rostock, is shown in figure 21, depicting lambda over the course of the 

two injections of method 1. 

 

Figure 21: Stratified charge operation using two injections 

The injector’s jet-forming ring was installed for these simulations, creating a compact jet of fuel with 

rapid, targeted cylinder penetration. The fuel mass is divided into two shots, the first and larger 

delivering 2230 mg of methane in 17° CA starting at 320° b.TDC. This results in a global lambda of 3.5, 

a very lean mix that will not be prone to knocking. The second injection takes place at 50° b.TDC, 

delivering 1320 mg of fuel in 10° CA. The injection pressure is 60 bar and the injection is supercritical. 

The result can be seen at 10° b.TDC – a heterogeneous rich mix in the centre of the piston bowl and 

a lean mix at the piston walls. The global lambda value is now 2.2. The development of the lambda 

distribution is presented in figure 22. 
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Figure 22: Development of lambda distribution between SOI2 and 10° CA b.TDC 

Although the first injection took place at the same time as simulation one in 4.5, the homogenisation 

is much lessened due to the geometry of the piston bowl, which tends to retain the gas and not 

recirculate it into the cylinder air. There is a peak (4.6%) at a lambda value of 3.35, and another (6%) 

at lambda greater than five. The richest lambda values represented occur at lambda 2.5. This lean 

mixture should guarantee an extremely low knock level. After the second injection from 

50° - 40° b.TDC, mixing processes continue, producing a wide banded heterogeneous mix at 

710° b.TDC, ranging from lambda values of 0.7 to greater than 5. This mixture should offer good 

combustion with low knock potential due to the decreased time in which rich mixtures are present in 

the cylinder and with the added advantage that less fuel is near the cylinder walls, increasing combustion 

efficiency and decreasing methane slip due to incomplete combustion. 

Alternatively, a stratified charge can be achieved using a single late injection, as seen in figure 23. 

 

Figure 23: Stratified charge operation using a single injection 

The jet-forming ring creates a rapid penetrating jet of methane which hits the piston crown and then 

follows its contour, creating a vortex around the outer edge of the piston bowl. The Coandă effect 

can be observed here, as the methane adheres to the engine head long after the end of injection at 

25° CA b.TDC. At 10° CA b.TDC, a heterogeneous mix is present within the piston bowl, the richest 

areas being directly in contact with the piston. The bore used for mounting the piston (centre of piston 

bowl) is filled with methane. If the piston is not sufficiently warm, quenching effects could cause a rise 

in methane slip due to incomplete combustion in the proximity of the piston and within the piston 

mounting bore. 
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The lambda distribution for this operation mode is shown in figure 24. 

 

Figure 24: Lambda distribution at 10° CA b.TDC, single injection stratified charge 

The distribution can be divided into a rich area with lambda values smaller than 0.5 up to lambda values 

around 2.5, and lean area in which little or no methane is present. The peak in the rich area occurs for 

lambda values smaller than 0.5 and speaks for 2.4% of the cells in the simulation. The major peak occurs 

in the lean area, with 65% of cells having a lambda value of five or greater.  

Although the mixture is well positioned in the piston crown, the extremely rich lambda areas in close 

proximity to the piston could result in poor combustion behaviour. 

To highlight the differences in these two approaches, the amount of fuel in different areas of the 

cylinder was calculated, as seen in figure 25. 

 

Figure 25: Comparison of methane distribution within the cylinder: double vs. single shot injection 

The cylinder was divided into the central area above the piston bowl (radius, r < 104 mm), the squish 

area (104 mm< r < 166 mm), and a near-wall area (r > 166 mm). The piston has a diameter of 340 mm. 

The results of the methane distribution analysis are presented in table 4. 
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Table 4: Methane distribution in the engine cylinder 

In comparison to homogenous operation with SOGAV injection, using a double shot stratified injection 

decreases the near-wall methane by 50%. Using a single shot injection as detailed eradicates near-wall 

methane.  

The mass of methane in the centre of the piston bowl is very comparable for the double injection and 

homogenous operation. In the single injection simulation, this is almost 20% higher. 

The mass of methane retained in the intake manifold was also calculated and is presented in the next 

section. 

4.7.  Comparison of Operation Modes: Methane Present in the Intake 

Manifold 

A comparison of the methane present in the intake manifold at intake valve closing for the differing 

operation modes is presented in table 5. 

Table 5: Methane present in the intake manifold at intake valve closing 

Injection Strategy Injector CH4 in Intake 

Manifold at IVC 

Unit 

Low pressure PFI 100 % SOGAV 376.1 mg 

Low pressure PFI 50 % SOGAV 183.5 mg 

Medium pressure injection after EVC, 100 % DI 9.14 e-12 mg 

Medium pressure injection after EVC, 50 % DI 5.57 e-13 mg 

Medium pressure injection after  IVC DI 0 mg 

Stratified charge methods DI 0 mg 

According to the simulation, 10.6% of the total fuel remains in the intake using the serial SOGAV 

injection strategy (10.3% at 50% load). This methane will enter the cylinder in the next cycle and either 

be lost via the exhaust valve or combusted with the fresh charge. Reducing the amount of methane in 

the intake will drastically reduce methane slip and could lead to better performance as cyclical 

fluctuations and knock potential will also be reduced. Using direct injection in the intake stroke after 

Operation Mode Double Injection 

Stratified 

Single Injection 

Stratified 

SOGAV 

Homogenous 

 Mass CH4 

in [mg] 

% Mass CH4 

in [mg] 

% Mass 

CH4 in 

[mg] 

% 

Centre 2630.18 74.09 3315.88 93.4 2673.89 75.32 

Squish 866.03 24.4 234.12 6.59 740.05 20.85 

Wall 53.79 1.51 1.16 x10-7 3.26 x10-9 136.06 3.83 

Total 3550 100 3550 100  3550 100 
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exhaust valve closing reduces methane in the intake to negligible amounts. Injecting the methane into 

the cylinder after intake valve closing eliminates methane in the intake completely. 

5. Conclusion and Outlook 

The aim of this paper was to present ways in which using a methane direct injector could improve 

methane slip.  

Using direct injection in the intake stroke after exhaust valve closing reduces methane in the intake to 

negligible amounts and provides a good level of homogenisation. The lambda values present in the 

cylinder range between 1.7 and 3.1 whereas the serial SOGAV strategy results in a lambda range from 

1.7 to 2.4, showing that engine knock should not be significantly increased as richer areas are not 

prevalent in the more heterogeneous mixture produced by the DI strategy. There is also potential for 

performance increase using DI, as no air is displaced by the methane in the intake manifold. As methane 

is not lost to the exhaust, fuel economy is also increased. 

Further retarding the injection timing to after IVC reduces methane in the intake to zero, but at the 

cost of a much more heterogeneous mixture due to not being able to utilise the turbulence caused by 

the intake air for mixing purposes. Richer areas are prevalent which could lead to higher knock levels. 

As knock is a function of time, reducing the time in which the fuel is in the cylinder is one way of 

combatting knock, as seen in the stratified charge single injection strategy. Here the fuel was injected 

late in the compression stroke. Depending on the piston bowl geometry, this could lead to unburned 

methane due to very rich areas close to the piston surface. There will be no wall quenching along the 

cylinder wall, as next to no methane resides here. 

 Using a double injection strategy, the first injection to create a lean basic mixture and the second late 

in the compression stroke, a similar distribution of methane can be obtained as in homogenous SOGAV 

operation, but with 50% less methane in the near-wall area. The mixture is however much more 

heterogeneous. 

The effect of these operation modes on combustion are yet to be analysed with the parameterisation 

of the combustion equations. This requires engine data which will be produced in the following months. 

Nevertheless, the simulated results show promise for eliminating methane slip by shortcutting and for 

decreasing the near-wall methane, leading to less wall-quenching. 

If the costs of gas compression are outweighed by the benefits of low methane slip operation with 

improved combustion efficiency, medium pressure direct injection on dual-fuel marine engines could 

prove very effective at bridging the gap between the fuel market of today and tomorrow.  
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